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FOREWORD

This report contains the Tindings and conclusions of the work
entitled, "Engineering Study of a Vapor Cycle for Zero-Gravity Environment"
which was performed for the Wright Air Development Divisior* by the Forthern
Hesearch and Dngineering Corporatiaon of Cambridge, ¥assachusetts. The project
wzs under the administration of the Environmental Contrel Branch of the Lero-
nautical Accessories laboratory, under Contract lNo. AR 33(616)=6783, Project
o, 0(15-6146), Task No. ¢0998., The study, which lasted from October t, 195G
to lugust 31, 1960, was conducted by llessrs. Thomas Blatt, Kymus Ginwala,
Willem Jansen, Ghassan ¥habbaz, and Seymour Shenkman, with Kymus Ginwala acting
as Project Engineer. The authors are indebted to Professor R. J. Iickerson for
tis assistance in the condensation studies,

The authors would like to thank Lt. T. D, oseley, who zdministered
the program initially, and Lt. H. P. Jeffries, the subseguent project adminis-
trator, for their cooperation.

*Presently designated Aeronautical Systems Division
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ABSTRACT

This report discusses the results of an analytical and experimental
study of space vehicle vapor cycle cooling systems operating in a zero—gravity
envirTonment. The evaporator temperature varies from 40 degrees I to 55 degrees
F, and the condenser temperature varies between 150 degrees F and 250 degrees Ty
the evaporator cooling load varies from 400 BTU/min to 4000 BTU/min. The ul-
timate heat dissipation is by radiation to space. The study considers some of
the problems encountered in the operation of a vapor cycle in a Zero—gravity
environment and presents solutions to these problems. Emphasis has been placed
on the vapor-liquid separation problems in evaporation and condensation.

The vortex evaporator is presented as a solution to the zero-gravity
evaporation problem. Its volume is less than that of a conventional plate-fin
evaporator operating under a one-—g environment, but its weight is greater.

The spiral condenser is presented as a solution to the zero-g condenser prob—
lemj its volume is several times larger than the smallest tube-fin unit (operat-
ing at one-g) for the same conditions. An analysis for and design of a rotating
condenser is azlso shown. Wick materials are well suited to zero—gravity
evaporators. The experimental work conducted in this study must be extended
before any reliable design and construciion of a wick evaporator is poesible.
Film condensation under zero gravity in the laminar region is also analyzed.

For vapor cycles operating at large differences in condenser and evaporaior
temperature, the substitution of an expansion engine for the throttle valve
results in a2 significant improvement in the cycle performance.

FUBLICATION REVIEY
The publication of this report does not constitute approval by the air
Force of the findings or conclusions contained herein. It is published only for

the exchange and stimulation of ideas.

FOR THE COM{ANDER:

wake — C

WILLIAM C. SAVAGE

Chief, Envirommental Branch
Flight Accessories lLaboratory
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STUOTION X

LNTRODUCTION

From the standpoint of environmental control systems, earth
satellites and space vehicles differ from aircraft in several important aspects.
One of the more significant factors is the almosi continuous gravity-absent
environment in which the former vehicles and their associated equipmen* must
operate. Although aireraft may encounter a reduced-gravity or a Zero—-gravity
environment, this condition is, at most, a transient one, allowance for which
may be made either in the conirol system of the affected equipment or by some
simple egquipment modification. In space wvehicles and satellites, however, the
zero-gravity environment is a permanent condition which requires the redesign
of equipment which would be affected adversely by this environment.

In any given space vehicle system, the environmental control problem
is defined accurately. Proper atmosphere control, pressurization and temperature
levels must be maintained to ensure the specified performance of the equipment
and the inhabitants which are on board the vehicle. PFor a vehicele mission of
any extended duration, dissipation of heat by radiation %o space appears to be
the most feasible method of maintaining the temperature levels within the
vehicle. For such extended-duration missions, vapor cycles in conjunction with
radiant heat sinks appear to offer many advantages (such as low system weight
and power requirements) over other heat pumps.

However, as indicated above, a major problem in the application of
vapeor cycle systems to the conditioning of 2 space vehicle is the absence of
the gravity force field. In the design of a conventional vapor cycle {that is,
one operating within the gravity field), certain body forces are of primary
importance to the mechanisms which take place in the vapor cycle-—such as
evaporation, boiling, and condensation. WNormally these body forces are neg—
lected, since, up to the present time, vapor cycles have always operated in
the presence of the gravity field. The absence of the gravity field and, con-
sequently, of the body forces associated with gravity affects the design and
operation of a vapor cycle in two ways: fTirst, through the heat transfer
mechanisms which depend on the forces; and second, through the specific design
features in the cycle which use the effects of buoyancy and hydrostatic pres—
sure. The satisfactory operation of a vapor cycle in a gravity-absent field
requires an understanding and analysis of the specific effects of these body
forces on the design and operation of the cycle, allowance for ithe absence of
the body forces, and specific new design concepts which will overcome these
problems. A major difficulty in the undertaking is the inability to simulate
the zero-graviiy environment in the laboratory for a length of time which would
enable a study of the effect of the absent body forces in the steady-state
condition.

Hanuscript released by the author 23 January 1967 for publication ns a WADD
Technical Report.
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VAPOR CYCLE COOLING SYSTEMS - GENERAL CONSIDERATIONS

A vapor cycle cooling system consists mainly of components whose func-
tion is to cool some fluid cutside the system by heat exchange with a primary
fluid which is the refrigerant. The refrigerant circulates through the com-—
ponents of the vapor cycle, but does not leave the cycle which is a closed
system. A schematic of a simple vapor cycle is presented in Figure 1, and the
thermodynamic processes occurring within an ideal cycle are shown on the
temperature-entropy diagram in Figure 2(a) and on the pressure-enthalpy diagram
in Figure 2(b).

The liquid refrigerant is evaporated (1-2) at essentially constant
temperature and pressure and removes heat from the fluid to be cocled. The
saturated refrigerant vapor is then compressed isentropically (2-3) to the high
side condenser pressure., Condensation of the vapor takes place (3-4) at the
higher pressure; heat dissipation may occur either directly by radiation or
indirectly by a heat transport fluid and then by radiation. The saturated
refrigerant 1iquid leaving the condenser is then expanded isenthalpically (4-1)
through a throttle valve from condenser {high) to evaporator (low) pressure,
and the process continues.

The Carnot cycle is the most efficient coeling eycle attainable, and
differs from the ideal vapor cycle described above in two steps—~condensation
and expansion, which are isothermal and isentropic in a Carnot eycle, and are
shown by dotted lines in Figure 2. The coefficient of performance (COP) of a
Carnot cycle is given by

cOPCarnot = m oo
c E

and is a function of the evaporator and condenser temperatures only, and is not
dependent on the thermodynamic properties of the refrigerant. In order to con-
vert the ideal vapor cycle into a Carnot cycle, isentropic compression of a
vapor-liquid mixture is necessary so that saturated and not superheated vapor
enters the compressor. The condensation process then becomes both isothermal and
isobaric., In addition, the constant enthalpy expansion process is made isentropic,
and the work output of the expander is used to reduce the work of compression.

Wet compression, however, is not feasible since it may cause severe erosion in

the compressorj isentropic expansion with work utilization presents some diffi-
culties, but is not an insurmountable problem.

An actual vapor crcle differs from an ideal vapor c¢ycle due to
friction losses in lines and components. Figure 3 shows some of these losses
in an actual vapor cycle. The vapor leaving the evaporator is usually supsr—
heated to ensure that no liquid enters the compressor. In an actual wvapor
cycle, the refrigerant must enter the evaporator at z higher pressure than that
in an ideal cycle to allow for the pressure drop in the evaporator; this in-
creases the evaporator size. The pressure loss in the suction line of the
compressor increases the compressor size. Compressor discharge pressure must be
slightly higher than for an ideal cycle to allow for the discharge line pressurs
drop. The most important factor which reduces the COP of an actual cycle is the
compresgion process which is nonisentropic for an actual cyele.

WADD TR 60~776 2



Many variations are possible with practical vapor cycles. For
example, the vapor leaving the evaporater is usually superheated to some extent
to prevent ligquid intake into the compressor and to operate the constant-
superheat expansion valve.* The superheat may be obtained in the evaporator or
in a separate heat exchanger which may be used 1o subcool the condenser dis—
eharge in order to ensure only liquid intake into the throttle wvalve, and to
increase the cooling effect obtained in the evaporator. Figures 4(&3, 4{r),
and 4(c) show a schematic, a temperature-entropy, and a pressure-enthalpy
diagram respectively for a vapor cycle with a superheater—-subcooler.

Another variation is to subcogol the major portion of the high—pressure
condenser exii stream with a small portion of the same stream which has been
expanded through a throttle valve, evaporated in the subcooler, and then fed
either to the first or some intermediate stage of the compressor.

Where the difference betiween evaporator and condenser temperatures is
very large, compound cycles with multi-stage compression are necessary. As with
simple cycles, many variations with these cycles, such as intercooling, subcool-
ing, and superheating, are possible.

SCOPE OF THE RESEARCH PROGRAM

The purpose of this study was to investigate the design character-
istics and operation performance and reliability of a vapor cycle environmental
cooling system using = radiant heat sink in 2 zero-gravity environment. For
this study the following parameters were specified:

Evaporator temperature: from 40 deg F to 55 deg F
Condenser temperature: from 150 deg F to 250 deg T
Cooling capacity: from 400 BTU/min to 4000 BIU/min

The purpose of the program was to study analytically the effects of
zero gravity on the performance and reliability of the various components and
to determine how and what componenis would be adversely affected. The affected
components would then be investigated further to establish design methods or
operating techniques which would solve or ecircumvent the zero gravity-problem.
The designs for the new components would be compared to conventional vapor cycle
component designs on the basis of minimum component or system volume, weight
and power, and for ease of testing to ensure performance and reliability under
zero—gravity conditions. Where the above criteria were insufficient, new
criteria would be developed for comparison of zero—-gravity and conventional
systems and components.

Wicking materials were to be considered for use in both the evaporator
and condenser where liquid feed and liquid removal, respectively, were possible
problems. Simple laboratory experiments were to be conducted where necessary.

*This valve is a refrigerani flow control, metering the correct refrigerant
into the evaporator, according to demand.

WADD TR 60-7756 3



The
some of which
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research program was divided into the following major sectiions,
were divided into several studies:

Literature Burvey

Selection of Refrigerant

Investigation of Potential Vapor-liguid Separation Techniques
Investigation of Potential Compressors

Heat Exchanger Studies

Expander Studies

Vapor Cycle Component and System Comparisons
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SECTION II

THERMODYNAMIC SELECTION OF REFRIGERANT

Several factors must be considered for the selection of an optimum
refrigerant. For a vapor cycle operating in a conventional gravity environment,
two sets of criteria are important. The first set depends upon the thermo—
dynamic properties of the refrigerant which influence the quantitative behaviour
of the vapor cycle. The second set of factors, such as corrosion and toxicity,
is qualitative. For a vapor cycle operating in a zero-gravity environment, it
is necessary to consider additional properties which may be of primary or
moderate importance when body forces become negligidle. However, this would
entail postponement of the refrigerant selection until the most satisfactory
method of vapor-liquid separation had been chosen. A preliminary examination
revealed that it was unlikely that refrigerant selection would be measurable al—
tered by the imposition of the zero-gravity condition. However, a detailed
investigation of vapor-liquid separation techniques was initiated and is reported
in Section IIT. The study reported in this section was concerned only with the
thermodynamic selection of a refrigerant with the understanding that this
selection might be influenced by the method of vapor-liquid separation.

An optimum refrigerant was to be selected for an evaporator tempera—
ture range of 40 to 55 degrees F, a condenser temperature range of 150 to 250
degrees F, and a cooling capacity of 400 to 4000 BTU/min. Over thirty refrig—
erants were selected on the basis of past experience for the initial screening
process in order to eliminate those which were not of immediate value to the
study. Table 1 lists the group of refrigerants with their ecritical values,
and maximum and minimum table values., The following criteria are important
for the thermodynamic selection of a refrigerant:

1. Freezing point

2. Boiling point

3. Critical temperature

4. Critical pressure

5. Evaporator pressure, PE, al evaporator temperature, TE

6. Condenser pressure, PC, at condenser temperature, ’I'C

T. Specific volume of refrigerant at evaporator temperature
8. The coefficient of performance for the refrigerant

9. The evaporator cooling effect per unit volume of refrigerant
entering the evaporator

10. The ratio of refrigerant vapor pressures in the condenser and
evaporator

WADD TR 60-T775 9



Properties 1 through 4 are usually used in the initial screening process to
eliminate those refrigerants which have no applicability in the given range of
evaporator and condenser temperatures. TIn addition to the thermodynamic
properties above, there is a set of qualitative properties whose importance in
the selection of a refrigerant varies with the particular application. These
properties are toxicity, flammability, and corrosiveness. Toxicity is an im=-
portant criterion for a space vehicle vapor cycle refrigerant.

A large number of refrigerants were eliminated initially due to
parameters such as critical temperature, evaporator vapor pressure, toxicity,
flammability, and condenser vapor pressure. The remaining refrigerants were
Freon 11, Preon 21, Freon 113, Freon 114, and Carrene 1. the physical prop-
erties of these refrigerants are shown in Table 2. The thermodynamic data on
Carrene 1 are insufficient to examine it for the entire range, but it is
believed to offer no distinct advantages over the Freons. The initial compari-
son between the Freons was based on the coefficient of performance at the given
evaporator and condenser temperatures, using a compressor efficiency of 60 per
cent and an evaporator superheat of 20 degrees. The results of these calcula-
tions are shown in Figure 5. Freon 11 has the highest coefficient of perfor-
mance at all the given evaporator and condenser temperatures, with Freon 21,
Freon 113, and Freon 114 following it in that order, The coefficient of
performance increases as the difference between the evaporator and condenser
temperature decreases. The relatively low critical temperature of Freon 114
causes its COP to drop considerably at the higher condensation temperatures.

The difference between the COP of Freon 11 and Freon 21 decreases with in-
¢creasing condenser temperatures.

The refrigeration effect per unit compressor volume (Q/Vi) is an
important criterion for the selection of a refrigerant. For reciprocating
compressors, a high value of this parameter 1is desirable; for centrifugal com—
pressors which are high displacement machines, a low value of (Q/Vi) is used
to indicate a good refrigerant. Rotary compressors use an intermediate value
for (Q/Vi). The parameter (Q/Vi) is influenced very strongly by the vapor
pressure (PE) of the refrigerant in the evaporator. Volatile refrigerants
which have a high vapor pressure at any given evaporator temperature have a
high (Q/Vi). In using (Q/Vi) as a parameter for refrigerant selection, other
eriteris must still be considered simultaneously. For example, the critical
temperature which may be low for a refrigerant which has a high (/i) may
eliminate a particular refrigerant. Another factor is the condenser pressure,
which, if excessive, requires specially designed compressors and condensers to
withstand high internal pressures and leakages. Figure 6 shows a plot of
(Q/Vi) for Freon 11, Freon 21, Freon 113, and Freon 114 at the evaporator and
condenser temperatures under consideration. Freon 11 and 113, which have
relatively low values of {Q/Vj), are suitable for centrifugal compressors,
while Freon 21 and 114 are suited to rotary compressors.

Figure 7 shows the ratio of condenser pressure to evaporator pressure,
(PC/PE), at the condenser and evaporator temperatures respectively plotted as a
function of evaporator temperature. Freon 11 and 113 have the highest pressure
ratios between the required temperature limits. Unfortunately, low volatility,
which causes low (Q/V;) (a property desirable for centrifugal COmpressors), is
a property which is mutually exclusive of low pressure ratios. Nevertheless,
Treon 11 is used with centrifugal compressors in spite of its comparatively
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high pressure ratios,

Some consideration should be given to the pressure drop per unit
length of channel for a refrigerant. This may become particularly important
in the case of a long suction line between evaporator and compressor. For a
single-phase fluid in turbulent flow, the pressure drop per unit length is
given by Reference 1:

AP==%(W\1£_~% ’ 1.8 .
AL e\a) e {gga
Of the refrigerants heing considered, Freon 21 has the smallest pressure drop,

while Freon 113 has the highest. The single-~phase pressure drop factor is not
a significant criterion in the present refrigerant selection.

Pressure drop in evaporator flow which is two-phase in character is
more difficult to caleulate. However, effects of the pressure drop give
some estimate of the tolerable limits with different refrigerants. A pressure
drop of 1 psia in the evaporator will reduce the boiling point by about 13
degrees I for Freon 113, by about 7 degrees F for Freon 11, by 3.5 degrees F
for Freon 21, and by 3 degrees F for Freon 114. IHence, in actual evaporator
design, for each 1 psia pressure drop in the evaporator, a 40 degree F discharge
saturation temperature at the evaporator exit would require an evaporator inlet
temperature which is higher by the difference given zbove for ezch refrigerant.
Hence, for a given evaporator condition, heat transfer design will result in
either larger evaporator sizes or lower allowable pressure drops for refrigerants
for which (AT/AP) is large.

Table 3 summarizes some of the criteria that have been mentioned
previously for an evaporator temperature of 40 degrees F and a condenser
temperature of 250 degrees F. For each property, the refrigerants are listed
in order of decreasing desirability. ¥reon 11 has the highest coefficient of
performance, and is preferred over Freon 113 which has the lowest (Q/Vy),
and also has an intolerable (PC/PE). Freon 11 is ithus the optimum refrigerant
if a centrifugal compressor can be used for the entire cooling capacity range.
A discussion of this subject follows later.

The Freon refrigerants may normally be contained in aluminum,
provided no water is present. In a vapor cycle such as the one currently
under investigatiocn, there is little possibility for water being present in
the Freons. As long as the Freons are not subjected to iemperatures above 750
degrees F they are quite nontoxie., At high temperatures, decomposition occurs,
leading to the poisonous gases hydrogen fluoride, hydrogen chloride, and phosgene.
The Freon refrigerants are also nonflammable.

It has been stated earlier that Freon 11 appears to be the optimum
refrigerant for this application if a centrifugal compressor may be used over
the entire range of temperature and cooling capacity conditions. The concept of
specific speed is useful in determining the apnlication of the various types of
compressors to a given problem. The specific speed may be expressed as
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Table 4, reproduced from Reference 1, shows the range of optimum
specific speeds for the different compressor types. The limits of specific
speeds for a centrifugal compressor are shown to be 0.06 - 0.2, The specifiec
speed is shown as a range which encompasses the specific speed at the best
efficiency. Although operation outside the range 0,06 —= 0.2 is possible,
the 1limits do define the range of good operating efficiencies. Figure 8
shows the centrifugal compressor speeds necessary to obtain for Freon 11 a
specific speed of 0.06 as a function of evaporator load for the four extremes
of temperature conditions. The minimum compressor speed is that associated
with the stage which has the largest rpm value, since for the pressure ratio
considered here multi-stage units are essential. For equal adiabatic heads,
the speed of the last stage is the largest; since all stages rotate with this
speed, it would be possible to recalculate the resultant specific speeds and
efficiencies for the individual stages.

Figure 8 indicates the extremely high speeds required of a centrifugal
compressor at the lower capacities. It is believed that the highest compressor
speed which has been attained so far {and this is for a unit which is under
development for the DC-8 commercial aireraft) is about 89,500 rpm. Therefore,
even if a centrifugal compressor speed of 80,000 rpm were currently attainable
(30,000 rpm has been considered practical until recently), the lower limit of
applicability of Freon 11 would have to be gset at a capacity of T.5 ions
{1500 BTU/min). Treon 21 would require even higher speeds than Freom 11 if 1t
were used with a centrifugal compressor. A calculation similar to the one above
for Freon 11 has been performed for Freon 113. The results are shown in Figure
9, The compressor speeds are significantly lower than those for Freon 11.

With Freon 113, the lower limit for capacity {(at 80,000 rpm)} is now extended to
2.5 tons (500 BTU/min). Since Freon 21 is the only remaining refrigerant, it
would appear to be the only refrigerant to use in the lower range of capacity
in conjunction with a rotary compressor.

In summary, Freon 11 is the optimum refrigerant for a system capacity
of 1600 BTU/min and above, using a centrifugal compressor. However, compressor
speeds up to 80,000 rpm are required at a capacity of 1500 BTU/min. Such a
compressor for Freon 11 is not yet available., 4 centrifugal compressor using
Freon 12 and operating at 89,500 rpm has been designed and tested by the
Carrier Corporation. This unit has a burst speed of 150,000 rpm.

At the smaller capacities for the current problem, Freon 21 and a
rotary compressor may be used. It is aleo possible to use Freon 113 and a
centrifugal compressor at the lower capacities; however the low COP of this
refrigerant and the excessive pressure drop in the evaporator do not justify
its use.
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LIST OF SYMBOLS

sq 1

BTU/1b

rpm

psia

psia
psia/ft
BTU/1b
BTU/cu £t
degF/psia

1bs/min
cu ft/min

13

Area
Coefficient of performance

Adiabatic head for compression
Specific speed

Shaft speed

Refrigerant vapor pressure in condenser

Refrigerant vapor pressure in evaporator
Pressure drop per unit length

Cooling effect in evaporator

Cooling effect per unit volume of
refrigerant at compressor inlet

Temperature drop per unit pressure drop

Weight flow of refrigerant

Volumetric flow rate
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TABLE 3

SUMMARY OF PROPERTIES OF SELECTED REFRIGERANTS

Evaporator Temperature = 40 deg F

Condenser Temperature = 250 deg F

Coefficient of Evaporator
Performance /v, p. /P AT/AP
0o i C’'"E c
P=-11 0.85 P-113 2.06 P~114 20.4 P~113 102 F-114 3
F-21 0.77 F-114 4.15 21 23.2 F-11 182 P~21 3.5
P-113 0.6} =11 6.7 —11 26 21 295 P11 6
o114 0.28 F-21 11.1 F=113 38.5 F=114 310 P-113 13
TABLE 4
RANGE OF OPTIMUM SPECIFIC SPEEDS
Maximum Minimum
Tyre of Compressor NS NS
Axial 1.0 0.3
Mixed Flow 0-3 002
Centrifugal 0.2 0.06
Rotary 0,005 0.002
Reciproeating 0.005 0.0001
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SECTION ITI

VAPOR~LIQUID SEPARATION STUDY

In a vapor-liquid separation problem within a gravity field, the
conditions of equilibrium, in the simplest case, take into account the forces of
gravity and hydrostatic pressure acting on a fluid particle. For a fluid at
rest in a gravity field, the weight per unit volume may be denoted by ¥ =€93

7

the gravitational acceleration is a vector of constant magnitude, and acts
downward. For a fluid mixture of vapor and liquid, liquid and liquid, or wvapor
and vapor, separation or stratification may occur in a gravity fileld if the
weight densities of the constituents of the mixture are different. In a Zero-
gravity field, however, potential differences due to the effect of gravity on
density, on hydrostatic pressure, and on buoyancy are absent, and a bubble or

a vapor pocket in a ligquid medium will not migrate unless some force is imposed
on it, The object of the vapor-liquid separation study was to examine the
fundamental properties of fluids to determine what forces and fields other than
those duse 1o gravity could be utilized for geparation.

Although it was immediately obvious that several fiuid properties
which are different in the vapor and liquid states are available for the sepa~
ration problem, it was felt that it would be more valuable initially to examine
all fluid properties to determine their applicability to the problem. The
first step was to list all Properties of fluids (not specifie refrigerants) re-
gardless of their applicability to the vapor-liquid separation problem. These
properties included both physical, chemical, and other properties which may be
used to define the state of a fluid., The properties were defined, and the
differences in these broperties for the wvapor and liguid states were noted.
Properties which had no such differences were eliminated, as were properties
where the magnitude of the basic research effort to develor a feasible separa—~
tion method was beyond the scope of this program. The remaining properties
were then studied in detail to determine concepts and methods based on these
pProperties,

A large number of properties were studied. These were:
PHYSICAL PROPERTIES

Pressure
Temperature

Internal Energy
Enthalpy

Entropy

Specific Heat
Thermal Conductivity
Thermal Diffusivity
Critical Temperature
Critical Pressure
Freezing Point
Boiling Point

latent Heats
Coefficient of Thermal Expansion
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Compressibility
Absorptivity
Transmissivity
Reflectivity

Emissivity

Coefficient of Diffusion
Density

Viscosity

SURFACE PROPERTIES

Surface Tension
Capillary Constant
Spreading Coefficient
Contact Angle
Surface Adsorptivity

OPTICAL PROPERTIES

Optical Activity

Verdet Constant
Coefficient of Dispersion
Electrical Birefringence
Magnetic Birefringence

ACOUSTIC PROPERTIES
Acoustic Density
ELECTRICAL AND MAGNETIC PROPERTIES

Electrical Conductivity
Dielectric Constant
Magnetic Permeability
fagnetic Susceptibility

An initial study immediately eliminated a majority of the properties,
leaving the following to be studied further:

Density

Viscosity

Surface Tension
Diffusion Coefficients
Magnetic Susceptibility

In any vapor-ligquid separation problem, density difference between the
two phases is the simple property by which the separation is effected, provided
some potential field is exerted on the system. When the gravity field is absent
or when its effects have been cancelled out by other forces, the potential field
must be supplied by some artificial means. One method of supplying such a
field is to rotate the equipment in which the separation is 1o bs performed.
However, in space vehicle systems where reliability is a primary criterion by
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which systems are compared, rotating machinery, particularly machinery for which
there is no great backlog of operating experience, may not represent the most
acceptable solution. Fluid transfer from a stationary component to a rotating
unit and then to another stationary or rotating unit always presents a sealing
problem. A more feasible solution is to generate the poteniial field within the
fluid itself without actual rotation or movement of the equipment which handles
the field.

The first method has been applied to the rotating condenser, while the
second has been applied to the vortex evaporator and the spiral condenser.

The viscosity of a vapor is usually much smaller than that of the
corresponding liquid phase; the difference between the two, however, has not
been utilized in conventional separation methods where the density difference is
always available even when the two phases are stationary. Although the vis~
cosity difference itself is not utilized in this study, the straight-pipe con-
densation study does use the absolute viscosity of the vapor to form a continuous
liguid condensate film.

When a fluid system is acted upon by a normal gravity field, the
tendency in caleculation and experimental work is to neglect those forces which,
compared to that due to the gravity field, are relatively smell. One such
group of forces is that of cohesion and adhesion which results in the mutual
attraction and repulsion between different or like molecules of the filuids and
their containers. Many of the phenomena associated with the surfaces of fluids
may be described by the proportionality constant which relates the work needed
to create a fresh surface in the fluid to the amount of fresh surface created.
The proportionality constant is called the surface tension, and may be ex-
pressed by

dW = G JA

For a system to be in stable equilibrium, its potential energy must be at a
minimum. Under this condition, a liquid which is not zcted upon by any direct
force on its surface (e.g., a free liquid droplet) will tend to sssume an
equilibrium state where its surface area is a minimum. Since, for any given
volume, a sphere has minimum surface arez, a free liquid droplet assumes this
shape. When gravitational forces are absent, therefore, one would assume that
the relative magnitude of surface forces may no longer be neglected. That this
is true is amply demonstrated by the faet that in a zero—-gravity enviromment =a
fluid such as water (whose adhesive forces are greater than its cohesive forces)
will tend to wet the entire surface area of the container, while one such as
mercury (where the cohesive-adhesive force relationship is reversed) will tend
to form a sphere in the container. The magnitude of some representative surface
tension forces is shown in Table 5. Since surface tension and its effects are
not dependent on gravity, it is obvious that these forces may be utilized in a
zero—gravity environment,

Another property of 1liquid surfaces which may be utilized in vapor—
liquid separation is that of thse pressure differential across curved liquid sur—
faces. The pressure on the concave side of a curved liquid side is greater
than that on the convex side. The pressure Pj on the concave side of a spheri-
cal surface, in relation to the pressure Py on the convex side may be expressed
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as

2T (2)

P =P+ 2
* R
For a cylindrical surface, the relation is
p. -p + & (2)
i o .

so that the pressure differential is only half of that across a spherical sur-
face having the same radius. For any arbitrary curved surface, the relation
between the pressures on the concave and convex side 1is

g 1
P -2 = —_ o —
i 0o = O n N (5)
1 2
where 31 and RQ are the principal radii of curvature.
Several ideas were evolved where the surface forces mey be used for
the separation of ligquid and vapor. One such scheme for condensation is shown

c\u\;‘)/(

c
: {

M e B N

(&> A
c f\\c
4 drop of vapor condensing at point (2) will migrate towards point (b), since
the pressure on the concave side of the ligquid film at Gﬂ and(b) will be greater
than that on the convex side. This pressure differentizl shou,e cause migra-
tion of the condensate from (a) to (t) where it would collect and be drawn off
at {c¢) into another pipe surrounding the actual condenser surface. Another
surface effect which may be used is the capillary effect. In boiling or
evaporation under zero gravity, the 1liquid may be fed by a series of straight
capillary tubes or by some fibrous wick material (whick simulates a collection
of capillary tubes of varying lengths and diameters} onto the heat transfer
area and the vapor led away by some sultable means. The capillary feed is in—
dependent of gravity, and is therefore operable in the zero—gravity condition.

Wick materials may also be used for condensate collection in the condenser,
but the removal of the liquid from the wick is more difficult.

Some thought was given to diffusion processes as a means of separation.
However, molecular diffusion processes are inherently slow, and therefore do not
seem applicable to the current problem.
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Separation of a vapor from a liquid, or vice versa, by eleciric or
nagnetic means holde some attraction for any zero-gravity power or refrigeration
eycle, if the weight of the accessory equipment hecessary ito generate the re-
quired field is not prohibitive. In order to conveniently apply an electro~
ragnetic force to a fluiad which is to be transported, the fluid must be capable
of conducting electricity or possecs a sufficient magnetic moment. A partiecle
rossessing some magnetic moment may be attracted by a2 magnetic Tield, depend-
ing or the magnetiec susceptibility of the substance. However, for most organic
substances, including the refrigerant, the Susceptibilities sre so small that
exiremely large fielde would be required to transport such fluids. It is ob-
vious that for most of the common refrigerants which are nonconducting and
Possess very small magnetic Susceptibilities, elecironagnetic Separation is not
feasible. Another possibility which was investigated was the addition of
agents 1o the refrigerants which would increase the magnetic susceptibilities
of the solutions. Tor example, small Quantities of metals guck as sodium,
potasgium, and cesium may be dissolved in & refrigerant such as ammonia. With
current applied to the solution, larger forces may be generated.

Blectric fields may also be used for fluid transport when the fluids
are conductive. Here again, the common refrigerant would have to be rendered
conductive by the addition of metallic asgents. Unfortunately, in many of
these cases and those cited above, the solutions are neot stable for indefinite
periods; the solution of sodium in ammenia, when contained in a sealeg system,
is reported to be stable for about eight weeks.

Tt is believed that electromagnetic separation processes are not
feagible for ihe Zero—gravily vapor-liquid separation. When soluiions are
toiled or condensed, fractionation ocecurs whereby the vapor generated does not
have the same composition as the solution, unless the solution is an azeotrope.
In addition, even though one has a conducting fliuid, the interactions of an
electromagnetic field with a two-phese mixture are difficult to ascertain with-
out a detailed experimental investigation. In thig connection, some thought
was given to the conduct of a vool boiling experiment in a conducting fluid,
where eleciromagnetic forces equal anrd opposite to the gravity forces would be
applied to simulate the zero—-gravity effect. There are several obstacles to
such a scheme., For example, since the current tends to flow mainly at the sur-
face, it is not clear what the force distribution will be, particularly during
the agitation due to beiling. The distribution of the current in the liguid-
bubble mixture and the induced effect of the electrons on bubble formation are
other rhenomena whick are not clearly understoed.

In summary, density, viscosity, and surface tension appear to be the
most promising properties available for immediate solutions to the vapor-liquid
separation protlem in zero gravity. Nethods uging the natural or induced
electromagnetic properties of substances, or those based on the behaviour of
two-phase fluids urder acoustic disturbances are not believed to be feasible
in the lizht of current knowledge.
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TABLE 5

SURFACE TENSION OF LIQUIDS (AGATNST AIR)

Liquid O (aynes/cm)
Benzene 28.9
Carbon Tetrachloride 26.8
Ethyl Alcohol 22.3
Mercury 465
Water 72.8
Freon 11 19
Freon 12 9
Freon 13B] 4
Freon 21 19
Freon 22 9
Freon 112 23
Freon 113 19
Freon 114 13
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SECTION IV

VAPOR~LIQUID SEPARATOR STUDY

In any eguipment where mass and heat transfer processes occur between
two phases, there is always a possidbility of one phase entraining another in
the exit passages of the equipment, This possibility is even greater in the
operation of equipment handling {iwo~phase fluids in the zero—gravity case.
Specifically, in a vapor cycle, vapor leaving the evaporator may entrain ligquid
droplets which could damage the compressor; and liquid leaving the condenser may
contain vapor pockets, a condition which would cause vapor lock in the throttile
valve. Either situation is intolerable for the reliable operation of a vapor
cycle, particularly in a space vehicle. Although there have been instances
reported in the literature of compressors handling wet vapors, this is not a
desirable operating condition. Throttle valves are designed for an entirely
liquid stream at the entrance to the valve.

There are several general approaches to ensure that only vapor enters
the compressor and only liquid enters the throttle valve:

1. A superheat section may be provided in the evaporator.
2. A subcooling section may be provided in the condenser.
3« A separate superheater-subcooler is included in the wvapor cycle,

4. Vapor-liquid separators are employed after both the evaporator
and the ¢ondenser,

The subject of this discussion is the use of vapor-liquid separators
in a zero-gravity vapor cycle. The study does not consider detailed designs of
such separators, since the emphasis has been placed on solving the vapor-ligquid
separation problem directly in the rarticular equipment where the problem occurs,
©.8., the vortex evavorator. This section considers the problems of ineluding
separators in the vapor cycle system, and enumeraies the types of separators

In considering the application of any vapor-liquid separator for zero~
gravity operation, the qQuantity of the undesired phase and its distribution in
the main fluid siream must be known, In the case of the evaporator, the frac-—
tion of liquid in the exit vapor stream, the size of the liquid droplets, and
their distribution in the vaper stream are variables about which very little may
be determined until some zero—-gravity experiments are performed. Assuming a
constant fraction of liquid in the evaporator exit stream still presents the
problem of recycling the geparated liquid back into the system. If the separated
liquid is not recycled directly into the main refrigerant stream, but to a refrig—
erant storage system, a sufficient quantity of refrigerant must then be added to
the main refrigerant stream to make up the deficiency. In any event, this
creates a control problem in the case of both the evaporator and condenser. In
a realistic situation where the fraction of the undesired phase might vary, the
contrel problem would be even more acute. In the case of the evaporaior, an ad-
ditional pump is required to circulate separated liguid refrigerant back into the
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evaporator, ~nd this creates an additional weight penalty on the gystem.

Problems similar to those cutlined above cccur in the case of the
separator following the condenser. Assuming that any entrained bubbles may bde
successfully separated, the vapor may be recycled ‘to several points in the sys-
tem. These are: %o the condenser entrance (pumping power 1S required), to an
intermediate compressor stage, Or to the evaporator exit. If geparators must
be ineluded in the system, one possible configuration is shown in Figure 10, In
this system, separators are employed after both the evaporator and the conden—-
ser. An intermediate heat exchanger is included where the main liguid stream
from the condenser is used to evaporate the liquid droplets which have been
separated from the vapor stream leaving the evaporator. The vapor separated
from the condenser liquid may be mixed with the vapor stream leaving the heat
exchanger to ensure that no liquid enters the compressoT. Many different pos—
sibilities in this configuration may be realized depending upon the fractions of
vapor and liguid separated and the pressure and temperature levels involved.
However, it appears that the vapor-liquid separation problem is best solved in
the respective heat exchangers involved; such a solution leads to a more reli-
able and lighter system than one which is complicated by the addition of sepa=-
rators.

TYPES OF SEPARATORS

There are many types of separators available for removing an entrained
fluid phase from another phase., These will be discugsed below briefly. All
methods of separation are not equally applicable to both the separation of lia-
uid droplets from vapor streams and vapor bubbles or pockets from ligquid streams.
In those cases where the same method might be applicable to both the separation
problems, the design conditions would be quite different, depending on whether
the main siream is vapor or liguid.

Centrifugal Separators

Tn this type of separator a centrifugal force field is used to sepa-
rate the denser liguid from the wvapor. However, in the gravity-dependent unit,
the denser liquid collects on the wall and. is drawn off by the force of gravity
as in an ordinary cyclone. In a zero-gravity situation, however, the 1liquid on
the walls of the collector will not be removed by gravity. In such a case, a
sponge, wick, or mesh material is required to trap the *iquid drops. The
collected liquid must then be removed by capillary action, pressure differential
or mechanical expression of the wick material. Centrifugal separators have the
advantage of having no moving parts, and are usually effective for a wide range
of particle diameters. One type of separator for a vapor siream with enirained
1iquid droplets is shown in Figure 11. A similar type is reportedly manufactured

by the Stewari-larner Corporation using a wick material known as lLiguid Lock.
Electrostatic Separators

Flectrostatic separators may be used in a zero—gravity situation, since
these separators do not depend on gravity for effective operation. The liquid
droplets are charged negatively and attracted to a positive electrode where they
may be collected. However, gravity does play a part in the normal drainage of
the collected ligquidi some other force field must be provided in the zero—-gravity
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case. Electrostatic units also have no moving parts, but are usually more
suitable for liquid droplets less than 20 microns in diameter. These separa-
tors may also require a heavy power supply, a factor not in favor of their
application to space vehicles. On the other hand, electrostatic Separators
require little pressure drop.

Lcoustic Devices

Acoustic devices are not strictly separators, but are used to agglom—
erate very small particles into larger drops which may then be collected more
effectively. Such devices also need accessory equipment for wave generation.
They are effective on rarticle diameters below 20 microns, but require addition~
al collection devices. Acoustic devices usually have high efficiencies and low
bressure drops.

Impingement Separators

There are a variety -of devices in this category ranging from simple
baffles to porous metal tubes and wick materials. Wost batffle-type arrangements
are effective only for particle diameters above 15 to 20 microns. Wire cloth
or metallic fiber meshes are usually effective for entrained liguid partiecles
with diameters from 10 to 15 microns, Porous metal tubes are effective for
particle diameters of 5 microns. Pressure drops for mesh materials are usually
lower than those for porous metal tubes. For most impingement—type separation
in normal operation, liquid removal is by gravity; in the gravity-absent case,
1iquid removal from a wick material must be accomplished by some other means,
such as capillarity or squeezing,

There are no separators currently available which are directly
applicable to the zero-gravity problem without some development effort. As
indicated above, the application of separators to g zero-gravity vapor cycle
raises a number of recycling and control problems, and may detract from the
over-all reliability of the cycle. For the purpose of this study, it was
concluded that the emphasis should be placed on solving the vapor-liguid separa~
tion directly in the heat transfer equipment involved; that ig, to design the
heat transfer equipment to ensure a single-phase fluid at the exit of the unit.
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SECTION V

VORTEX EVAPORATOR STUDY

Prior to the consideration of any evaporator design, a detailed re-—
view of the current status of boiling theory and experiment was undertaken.
This was necessary to understand the underlying effects of various fluid para—
meters on boiling, and the changes that would occur when the entire boiling
mechanism would take place in the absence of gravity. A summary of the review
is presented here, and the many references investigated are listed at the end
of this section.

REVIEW OF BOILING THEORY AND EXPERIMENT
Regimes of Boiling

Although the details of the mechanisms in the individual regimes in
beiling are not fully understcod, experimental investigation shows clearly that
as the rate of heat transfer increases, the boiling process passes through
several regimes (Figure 12). These regimes are discussed below.

Convective Heating ~ The fluid is heated without the formation of bubbles.
The heat is transferred from the hot surface to the fluid by convection.
Free and forced convection under varied conditions have been studied by
many investigators (36, 99, 137, 166). In this regime, 9/A is proportion—
al to AT.

Local Boiling -~ When the hot surface temperature is increased to a few
degrees above the saturation temperature of the liquid, some bubbles are
formed. These bubbles collapse as they grow because the temperature of
the bulk of the fluid is still below the saturation temperature. The bub-
ble growth and collapse cause an agitation in the boundary layer, and thus
give higher rates of heat transfer than convective heating.

Bulk Boiling — When the bulk temperature of the fluid rises to the saturation

tempsrature, the bubbles leave the heating surface without collapsing. The
local and bulk boiling are both classed as nucleate boiling because vapor

ig formed at definite positions on the heating surface once a certain amount

of superheat is reached. In nucleate boiling, q/A ol (A T
8 = 2.5 to 4.

sat)s’ where

Partial Film Boiling - As the temperature difference between the heated sur-

face and the bulk liquid temperature increases, bubbles are formed at more
roints on the surface, covering a greater area of the surface with vapor.
Since the vapor has a lower heat conduction coefficient, the curve of g
versus AT shows a maximum and then falls as more vapor covers the surface.
The point of maximum g is known as the burnout point, since an increase
in g above this value results in transition to the next portion of the
curve, with a large increase in surface temperature.
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Film Boiling - If the heating surface can withstand high temperatures, it
will reach a point where the predominant method of heat transfer shiftse
from conduction to radiation, and the rate of heat transfer to the liquid
beging to rise again with an increase in AT.

Since the heat transfer mechanism changes from one regime to the other,
different methods of analysis and correlation are required for the different
regimes.

Mucleate Boiling

Nucleate boiling is the process by which boiling takes place by the
formation of bubbles at certein distinet points on the surface; it involves
both dynamic and thermal processes. Some investigators have found experimental-
ly that the latent heat transport by the butble accounts for less than twe per
cent of the high iransfer rates observed in boiling. The mosi important mechan—
jsm of heat transfer is the agitation caused by the growth and collapse or es—
cape of the bubble. A study of the formation and growth mechanism of bubbles
leads %o a better understanding of the nucleate boiling process., This vrocess
may be separated into the formation of the bubbles and the growth and motion of
these bubbles, first as they grow on the hot surface, then after they break away
from the hot surface and rise through the liquid.

The Formation of Bubbles - Bubbles are assumed to originate from "nuclei
whose nature is not clearly ¥nown. Nucleation can take place

1., In pure liguid and on smooth clean surfaces.

2, In liquids having suspended material.

3. On surfaces having small cavities.

In pure 1liquid and smooth, clean surfaces, nucleation is atiributed
to thermodynamic instability or to a statistical density fluctuation. Both
approaches agree that in order for nucleation to occur, a certain amount of

superheat in the liquid is needed. Surface tension opposes the growth of
the bubbles and is of tremendous magnitude for small bubbles.

Assuming the bubble to be spherical,

P_P_z_Q‘f_,. (6)

Hence, for very small radii, one needs a large amount of superheat to
resist the surface tension.

One important problem faced by different investigators is that of ex-
plaining how stable bubbles are formed.

Without going into detail, it can be stated briefly that from the
kinetic theory some molecules have greater energies than the average ener-—
gy distribution in the fluid. If two of these activated molecules collide
and adhere, a nucleus is formed. The interface equilibrium condition for
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a pure vapor bubble surrounded by ligquid may be written as
1 1
S S Al (R s (7)

which results from a consideration of the forces on curved surfaces., For
a spherical bubble or meniscus, this reduces to

> o
Py~ Py = — (8)

The requirement Py > Pi, is necessary for bubble growth, and Ty musi be
greater than Ty for evaporation. Using the perfect gas law and the
Clausius—Clapeyron equation, we have

P
a By By, o by, Py
v 2 (9)
a Ty T R, T

0

<
-
o

On integrating BEquation { 9 ) and combining with Equation (77,

Ry Tg Ty X
Ty = Tg = T+ ' (10)
h P. T

fg L

4t high pressures, where TV - T is small,

{11)

which represents the superheat condition fer a bubble of radius r. Nuc-
1ei of radii smaller than r should collapse, while those of radii greater
than T should become bubbles and grow. Gravity appears to play no role in
nucleation. The analysis above has considered only a pure liguid. For
nucleation due to gas molecules enirapped in a heated liquid, we nay
write,

. 20 . -
P, - Pp = . - P, (12)

Tor a spherical nucleus containing wg pounds of gas,

Then from Equaiions (12) and (12},
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3w BT
_g v (14)
8T r?

=0 -

effective

and less superheat is required in this case. For a heated surface in weter,
where bhoiling begins at about 30 degrees F above gaturation, Equation (11)
predicts an equilibrium bubble radius of 10 —4 inch. A cavity formation
rate of this size has been predicted (137) to be only one per cubic inch
per hour from which the conclusion may be drawn that free vapor nuclei,
represented by Equzstion (11), are not as important as nucleation cavities

or as gas nucleation, represented by Equation (14).

Although theories of nucleation show the significant factors influenc-
ing the formation of bubbles irn pure and clean systems, they fail to explain
the phenomena of boiling in actual practical systems. The former predict
a2 required superheat of water around 90 degrees F, while boiling is actu~
ally observed with just a few degrees of superheat., It might be then worih
studying boiling as nucleation that starts at the small cavities in the
solid surface which entraps gas or vapor. If on the surface conical cavities
exist having a liguid vapor surface convex downward, then the vapor pressure
is less than the liquid pressure and the bubble might never collapse com-
pletely. It is enough to have one such bubble to start nucleation.

The Growth of Bubbles - The bubble growth and collapse mechanism in degassed
subcooled liquids has been explained in detail by Ellion (63). A short
description of this mechanism will be given here, and special points and
factors which might lead to a better understanding of boiling under zero
gravity will be emphasized.

After the bubble is formed on the heated surface, it begins to grow,
pushing the superheated liquid film away from the wall. Heat is removed
from the displaced film by conduction and convection to the bulk of the
liquid and into the bubble. The bubble keeps growing, pushing the nearby
liquid away until its top enters the subcooled liquid region. Condensa—
tion begins to take place at the top and evaporation continues at the
lower part of the bubble. As the bubble grows, a bigger portion of its
surface enters the subcooled liguid region, and thus the condensation rate
increases until it surpasses the evaporation rate, after which the bubble
begins to collapse. If the liquid has no subcocled region, the bubble
continues to grow and detaches from the hot surface. Oriffith (82) attri-
butes the departure of the bubble from the heated surface to the inertia
of the nearby liquid., This process of detachment of bubbles may take
priace even if the liquid is slightly subcooled because the condensation
rate is slow and inertia forces can detach the bubble before it collapses.

The factors which affect bubble growth and collapse ares

Liguid Temperature - The growth rate of a bubble is governed by the
Bernoulli relation

P, - P
v ? Lo ) T+r1rT (15)
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where Py = pressure of vapor

Py

pressure of liquid

T radius of bubble

From this relation it can be seen that for the same liquid temperature
the bubble growth rate is controlled by the degree of the superheat

of the liquid film, and is independent of the bulk liquid temperature.
Conversely, the collapse rate increases with a decrease in liquid bulk
temperature. Although the growth rate remains constant for a lower
liquid temperature, the 1life of the bubble is shorter and hence the ra-
dius will be smaller.

Wall Temperature — An increase in wall temperature causes more nucleil

to be formed, causing a greater agitation of the hot liguid film.

The greater turbulence gives rise to higher heat flux, but also to an

increase in cooling rate, which results in an increase in the collapse
rate and smaller bubble radii.

Effect of Pressure — Ellion (63) has found that the evaporation rate,
and hence tne bubble growth rate, decreased at higher pressures, re—
sulting in smaller radii. He also found that the collapse rate is
lower at higher pressures.

Yurface Tension — For low surface tension liquids the bubble growth
rate is slow and the bubbles have a tendency to remain stagnant on the
heating element.

Effects of Acceleration on Boiling Heat Transfer

3everal correlations in the literature show the effect of the gravi-
tational field in boiling heat iransfer. Rohsenow's {156) and Chang's {36)
correlations are given in a following section. In {hang's correlation, 1f the
term

n
Pe C, (_‘I;/%_& 2 %) > (1 - Pr) (1)
¥

by some order of magnitude, then we may write

a-xg P2 pany i (17)

A number of expressions are reported in the literature for the critical
heat flux which include the gravitational term. An expression in Melhdame (13?)
which is due to Addoms shows

(‘1/1‘\) = c'x?v( gcxc)vs (ﬁ-—%?-\f—)“ (18)

crit.
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Using dimensional analysis to derive similarity criteria for the critical flux,
Borishanskii (27) obtained the expression,

(1/# bt = e x8)* [oe (n-0)]" (1)

Zuber {191) analyzed the eritical condition from the standpoint of hydrodynamic
stability, and obtained a completely analytical result,

i/ - /.
(‘I/A )crir. =21.4 'X(fv)/ [d § (ﬂ.- Fv)]w[gl.—ﬁ__&‘]l’z (70}

Griffith's correlation for both pool boiling and forced convection shows that
the critical heat flux is proportional to the gravitational field raised to
the 1/3 power; i.e.,

(a/8) ., ¢ & 1/3 (21)

The eritical heat flux in boiling is shown o be proportional to the gravita-
tional field raised to an exponent which varies between 1/3 and 1/4.

Hethods of Correlating Data

Assuming that the heat flows from the hot element to the fluid and
then to the vapor bubble, and that the conirolling resistance to the heat trans—
fer is the stagnant Tilm around the vapor bubble, several correlations are

available for predicting heat transfer coefficients.

Rohsenow Correlation - The assumptions in this correlation are:

1« PFritz (73) empirical equation for bubble diameter at detachment

i

2 g8 o

Pp = % @ g (f, -~ )

2. The bubble is a sphere when it detaches from the hot surface.

(22)

3. Frequency of formation depends only on size of bubble at break-
off.

The correlation obtained is:

o AToar - Co|a/a g o

}}g LA h@ g(f1- f;)

b7
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where Cqp 15 a constant depending on heating surface shape, material and
fluid.

Forster and Zuber Correlation - By starting from the Rayleigh equation for
*he rate of growth of a bubble and neglecting the inertia term and assum-
ing that R dR/dt js independent of time, Forster and Zuber (673 obtained

024 075 079 49
- 0.0012(aT) (R-B) W ¥y’ (21)
5% 024 025 _ 034 ' A
ok
r L L

While Rohsenow assumes the movement of the bubble at the instant of
break—off as the important criterlon, Forster and Zuber assume the growth
of the bubble as the governing criterion. Hence, Rohsenow's analysis fits
large bubble formation, while Forster and Zuber's applies more to small
ones.

Chang Correlation - Chang approached the problem as an extension of wave
analysis of natural convection, and arrived at

v

(8 M} o AT reedpan, ]
hb =046 k[ I+ Pr{cl ( q?%g—-ﬂ i %:) —l} T ?/_‘pl Ygay (25)

$v

Rohsenow suggests that two separate Tactors may be superposed to account
for heat transfer in forced convection with boiling; that due to convec-—
tion, and that due to bubble motion.

(q/A)total - (q/A)forced convection + (q/A)pool boiling

The seceond factor has been considered elsewhere in this paper. The first
term may easily be calculated from the appropriate convection formulas.

BOILING I A ZERO-GRAVITY FIELD

The preceding discussion has shown that nucleation in heated liquids,
the initiation of bubble formation, and subsequent growth of bubbles do not
depend on gravity. The detachment of a bubble from a heated surface has been
attributed mainly to the inertla of the surrounding liguid. It has been ob-
served that bubbles will detach themselves from the lower surface of a heating
element immersed in a 1iquid and will move a small distance downward against
the force of gravity. It is expected, therefore, that in gzero-gravity boiling,
bubbles will form and detach themselves from the heated surface, but majy not
migrate away from the surface unless a small body force is present. If a true
zero~gravity situation exists and no residual body forces are present, the
large number of bubbles which form as heating continues may eventually blanket
the heating surface with a vapor film reducing the heat transfer mechanism 1o
£i1lm boiling. In the complete absence of gravity, one would expect the onset
of film boiling soon after boiling has begun. If burnoui is not a limitatiocn,
heat transfer will continue by conduction through the insulating vapor film so
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that coefficients of heat transfer would be several orders of magnitude lower
than those of nucleate boiling. Forced convection would have some effect on
vapor removal by entrainment of some bubbles in the bulk flowing Iigquid, but this
would not be of much benefit unless the heat surface were baffled sufficiently

to cause agitation. However, Zuber (192) has reported that agitation by super—
ficial means has little effsct on the boiling heat transfer coefficient; but

this is probably true only where the self-agitation of thse boiling process ex—
ceeds considerably that which is produced by artificial means.

Siegel and Usiskin {(181) at the National Aeronautics and Space Adminis-—
tration have made a photographic study of boiling during free fall conditions
of approximately eight feet. A ribhon heater immersed in a beaker of water was
used to produce heat fluxes which would vary from moderate nucleate boiling to
burnout under gravity conditions. Their results indicate that gravity plays a
dominant role in nucleate pool boiling. During free fall, the vapor remained
adjacent to the heating surface, and bubbles were not pushed away from the sur-
face during formation. This appears to contradict the importance of liquid
inertia as a mechanism for detaching a tubtble from the liquid surface. Since
the zero-gravity condition was an extremely short one, some of the processes
may have been passing through a iransient stage. A small amount of friciion
was then added to the initial system reising g to a value of about 0.09. Under
these conditions, it is reported that nucleate boiling appeared to continue
through the free fall condition. This might indicate that even a small gravity
field or artificial body force is sufficient to maintain nucleate boiling.

Kerte and Clark (143) have made a study of pool boiling in an acceler—
ating system where the acceleration is applied normal to the heating surface.
The acceleration was varied from that due to gravity (1-g) to a value twenty-one
times that of gravity. At fluxes up to 50,000 BTU/hr-sq ft. it was found that
acceleration changed the q/A versus A T curves considerably; that is, a small
degree of subcooling had a strong influence on the acceleration fluxes., At
higher fluxes, there appeared o be no significant changes due to acceleration.,

Gambill and Sreene (74, 75) have induced artificial body forces in
boiling by inserting twisted tapes inside the tubes of the boiling apparatus.
This method forms the basis for the design of the vortex evaporator which is
given later. Gambill's results indicate that at the same Pumping power, peak
heat fluxes are increased two-fold in tubes with tapes over *hose in bare
tubes. TInereased heat fluxes are also obtained as the number of twists per
diameter length is increased.

DESTGN OF A ZERO~-CGRAVITY VORTEX EVAPORATOR

In using density differences for boiling under zero gravity, two
choices are available to the designer. The first is to rotate the boiling ap-
paratus or, in this case, the evaporator as Merte and Clark (143) have done for
their pool boiling experiment; the other is to provide the artificial gravity
force by inducing such motion in the fluid without rotating the equipment. The
latter method is obviously the preferred one from the standpoint of simplicity,
reliability, and the lack of any accessory equipment to provide rotation. Prior
to the discussion of the design of the vortex evaporator, a general discussion
of heat transfer in voriex flow will be presented.
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Eeat Transfer and Boiling in Voriex Flow

Gambill, Greene, and others (74, 75) have been studying heat trans-
fer and burnout in tubes with internally twisted tapes since 1958 at the Cak
Ridge National laboratory of the Atomic Energy Commission. The stimulus for
this work has been, at least partially, the applicability of vortex-tube fuel
elements to nuclear reactor cores where burnout may be a problem. The work of
Gambill, et al., has been performed with water. Other investigators have conduc-—
ted similar experiments with boiling Freon, bolling mercury, and heating Santowax
liguid, and this work will be mentioned later.

Qambill's experiments weTe performed with water flowing through
copper and aluminum tibes; the twisted tapes were of 0.015-inch thick Inconel
for all cases. The most reliable method of fitting the twisted tapes to the
copper tubes was to first draw the tubing on a mandrel to an inside diameter
which was slightly larger than the diameter of the tape. The tape was then in-
serted in the tube, and the latter drawn further until the tube inside diameter
was from 0.002 inch to 0.003 inch less than the %tape diameter. For tape inser—
tion into aluminum %tubes, three draws were made with an annealing of 550 degrees
C between the second and third draws. With this method, a slight penetiration of
the tube wall by the tape was effected. The twist ratio y was defined as the
number of diameters along the twisted length of the tape required for each 180~
degree twist,

The inside dismeters of the copper tubes varied from 0.136 inch to
0.249 inech, while the inside diameter of the aluminum tube was 0.249 irnch. The
internal diameter/twist ratio for the tapes varjed from 2.3 to 12.0. Heat
fluxes were varied from 0.8 x 10 * to 8.0 x 10 © BTU/hr-sq ft in the nonboiling
tests, while those for local boiling varied from 2.3 x 10 6 to $.3 x 10
BTU/hr—sq ft. Axial Reynolds numbers were varied from 5000 to 427,000.

In an earlier investigation (74), Gambill and Greene reported that
the ratio of vortex—flow burnout heat fluxes to burnout heat fluxes was about
two for water flowing in similar tubes at equal pumping powers. In the recent
work (75), this conclusion has been confirmed. At a constant pumping power,
+the velue of the ratio of burnout heat flux with vortex flow to that with
straight flow ranged [rom 1.6 to 2.4 with 2.0 as an average.

For the forced convection, nonboiling experiments, the mean vortex-
flow heat transfer coefficients, hyp, were compared to equivalent mean axial-
flow heat transfer coefficients, hgp, at equal bulk coolent temperature and
weight flow rate. Two correlations, each with an average deviation of 10.1 per
cent, were reported:

3

C.0%0

= 2,18 ‘;]"

by

am

and

0.084

14

[4 % =
ho 10 (3 ¢ Ate

= 1.65

all
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These eguations may he

combined with the Colburn equation,

0.023 [1 + (n,/1,) **7]
St =

(28)
op 2/3 Re 0+2
to give the followin

g correlation for average twisted-
transfer coefficients:

tape vortex—-flow heat

0.”,’-I
b ; ©-09 i 0.023 [1 + (D, /1) i -
= =)
. G, 2.18 (Pr)b 2/3 (re), 0.2
The local-boiling regime was not investigated extensively. The few
neasurements were correlated with an average deviation of about 15 per cent by

At oy 0,81 (Q/A) 1.35
sat
C.34
and

(10)

(A ) 0074
Q/A = 0.45 sat
y O.6

(21)
The burnout heat flux is dealt with extensively in Reference 75 and will not
discussed here.

N
#1353

Based on the standard frietion factor definition for axial flow

D. 2
£ oo+ Z8% 144
5 2 ) (22)
ava j)b

the axial friction factor for isothermal
bill's work as

y nonboiling flow is expressed in Gam—

0.18
£ = 0.00089 y =06 5 1.2 ( He ) (33)
a 1 }[_
b

and the pressure drop for single-phase flow through a tube with twisted tape is

given as

2
v L
AP = 0,00089 -2 2 S

0.18
~1.2 0.6 (’ HAi )

—B Di L% LA T
28, D, 144 My

(34)
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Some significant results in the boiling of Freon 114 have been reported
from the Oak Ridge Gaseous Diffusion Plant (personal communication, Reference 75).
The tests were performed with Freon 114 in natural ecirculation through wvertical,
unpolished copper tubes with an ID of 3/4 inch and a length of 3 feet. For
straight flow through the tubes, the values of peak heat flux and heat transfer
coefficieni obtained were 41,000 BTU/hr—sq £t and 2300 BiU/hr-sq ft-degF, res—
pectively. The tubes were then fitted with aluminum tapes 0.040 inch shick
with a diameter/twist ratio of 2.35 and 4.00. The pealk heat flux increased to
57,000 BTU/hr—sq £4 and the corresponding maximum heat transfer coefficient was
3500 BT/hr-sq ft. Tor a temperature difference, & Ty, of 20 degrees *, the
weight ratio of iiquid to vapor at the tube exit decreased from 2.5 to 0.25,
demonstrating the increased fraction of vaporization per pass in the vortex
tube case.

Vortex Evaporator Design

The basis of design of the vortex evaporator is to induce an arti-
ficial "gravity" force in the fluid by rotating the fluid. The magnitude of
this force may be expressed by g = w 2 r, where @ is the angular velocity and
r is the radius of rotation which is sasumed to be the inner radius of the tube.
The function of the iwisted tapes is to provide the force which continually
moves the denser liquid to the tube wall where boiling takes place and to dis-
place the vapor which would normally insulate the heat transfer surface from
the ligquid.

Tn the calculations Tor the volumes of evaporator cores used in this
section, an estimate of the improvement in heat transfer due to the twisted
tapes, which is more conservative than that due Gambill's work, 12 used. In
any event, Gambill's experiments were performed with water, and similar experi=-
ments on the effect of twisted tapes on boiling of Freon refrigerants in tubes
aTe necessary before any conclusive designs of zero-gravity vortex evaporators
can be made. Since y represents the aumber of diameters per 180-degree twist,
large vzlues of y indicate relatively few twists. The acceleration due to
rotation, w? Ryis a function of y2. The tangential velocity at the inside
tube wall, v, , may be written,

D, {rpm)
"o T T (02) (60)

At the tube wall, an acceleration, a,, due to rotational motion may be written,

If g!' defines the number of "grtificicl gravity" units which may be induced by
twisted tapes,

2

a v
ot = .._E- = .—‘t_ﬂ (17)
8

_ 3
g R
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Since v

rpm = 360 = (38)
¥y Dy
we obtain
v 2
g = 1:845[ = (39)
Di ¥

BEquation (39) shows immediately the large number of artifiecial graviiy units that
may be induced in small-diameter tubes with reasonable axial wvelocities.

Prom Gambill's results we have:

0.6
q/A"V(wzr) f\/w1'2f‘\;va1'2 (ac)

3ince the calculation of the heat transfer coefficients in & vortex evaporator
depends on the velocity of the fluid in the tubes, some value of axial velocity
had to be chosen in order to caleulate the rotational velocities., 1In an evapora—
tor, the liquid refrigerant enters at a relatively low veloeity, while the
refrigerant vapor leaves at a much higher velocity. Using different functions
for the variation of velocity in a tube from entrance to exit, one may calculate
an average velocity which forms the basis for calculation of the artificial
gravity term, aJ:E r, and subsequently the heat transfer coefficient. In order
to simplify the analysis, an average velocity equivalent to one-third the exit
velocity is assumed here. The heat transfer coefficient for the twisted-tape
may now be expressed by a modified Rohsenow correlation. This correlation gives
reasonably accurate heat transfer coefficients and is convenient to use in

this case, and the artificial gravity force may be introduced easily into the
equation.

1/3

Brg He Beg g[1+(w2r)0'6 (o - o)
g Loy (41)
and hence
’ 1/3
9 C
h = D H
C 2/3 g <
SF b
*g = 1 (42)
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The results of the design calculations are presented in Figures 13 to
21, TFigures 22 to 24 compare the weights of plain-tube, plate—fin, and vortex-
tube evaporators using Freon 11 at 40 and 55 degrees F evaporator temperatures
and air-side pressure drops from 0.7 psia to 0.5 psia., The design character—
istics of the plate~fin and vortex gvaporators are shown in Tables 6 and T.
Tn addition, it is assumed that the temperature of the air leaving the evaporator
is 60 degrees F; two temperature differences for the air entering and leaving the
evaporator were used—25 degrees and 100 degrees. The volumes for the bare tube-
fin evaporators are presented, not as any solution to the zero-gravity problem,
but merely for comparison with the vortex—tube evaporators, Figure 1 alsoc shows
vortex evaporators for diameter/twist ratios of 10 and 3.5. For the value of
v = 3.5, two values of average velocity have been used. Cne 1is simply one-third
of the exit velocity; the other is obtained by

vexit
= _ 1 " /1.2 4 o
vexit °
_ 6 L, . 5/¢ (43)
11 exit

In all succeeding diagrams, the vortex—tube evaporator design is based on
y = 3.5 with an average velocity equal to one-third of the exit wvelocity.

Details of the calculation procedures are shown in Appendix 1. As
Yigures 13 to 21 indicate, in all cases, the vortex—tube evaporator has a
volume smaller than that of the corresponding plate-fin for the same heat load.
Figures 22 to 24 show the estimated weights of the evaporators for the condi-
tions given on each diagram, Although the vortex—tube evaporator has a volume
advantage over the plate-fin, it is nevertheless heavier than the plate—fin. It
is difficult to assess the exact magnitudes of the differences in veolume and
weight until some experimental work is performed on the boiling of Freon refrig—
erants in tubes with twisted tapes. The modified Rohsenow correlation used for
the vortex evaporator design gives more conservative results than those ob-
tained by using only Gambill's relation for the dependence of the heat trans-—
fer coefficient on the diameter to twist ratio, y. However, the increase in
heat transfer due to the vortex generation is still sufficient to give a smaller
volume for the vortex evaporator than for the plate-~fin unit. Tor example, for
a given change in ¥y, Gambill's relation gives approximately twice the change in
evaporator core volume compared to the change due to the modified Rohsenow
correlation.

Gambill has presented some values for the change in friction factors
for flow in vortex tubes versus flow in bare tubes. For the isothermal non-—
boiling case, friction factors in tubes with twisted tapes are increased by a
factor of two or three over those in bare tubes, depending on tube diameter and
the degree of tape twist. For local-boiling conditions, the ratio fLB/fa is
presented as a function of ( Atsat/ Atsub) (1/P). The average value of this
ratio is about 0.8 - 0.90, and it rises above unity only for values of
( Atsat/ A tsub) (1/P) which exceed 0.02. An estimate of the pressure drop in
a vortex evaporator (excluding entrance and exit pressure drops) was made using
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the Lockhart-Martinelli method for two—phase flow and estimating the single-
phase pressure drop from Figure 20 in Gambill (75). Table 8 shows the pressure
drops on the Freon side for several cases of the vortex tube evaporators, and
compares them witih the corresponding pressure drops in plate-fin evaporators.
Table 8 also includes & column showing Freon-side pressure drops in the plate-
fin evaporators where the Freon-side flow length is equivalent to that in the
vortex—~tube case. The plate-fin evaporators were not optimized in any way for
pressure drop, but were designed for minimum volume and weight. The hydraulic
diameter for the plate~fin unit was smaller by a factor of about 2.5 than the
hydraulic diameter of the vortex—tube evaporator,
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LIST OF SYMBCLS

& 8q ft Heat transfer area
A a
Lerce q Tt Heat exchanger face area
L. sq ft Heat exchanger free flow area
Tree
a ft/sec2 Acceleration
C BTU/min—degF Sapacity rate equal to w cp
CSP Constant in Rohsenow correlation
c BTU/1b-degl Specific heat
Di ft Inner diameter
d £t Diameter
dk ft Hydraulic diameter
'S
b Friction factor
£/ Ratio of local boiling to isothermal
LB "a e ot 4
nonboiling friction factors
G 1bs/hr-sq £t Mass flux
ft/se02 Graviiational acceleration
81 B, 1bm-ft/1bf—sec2 Dimensional constant
BTU/hr—sq fi~degF Heat transfer coefficient
e BTU/lb Latent heat of vaporization
ID ft Inner diameter /
2/3
3 Colburn modulus - (NRe) (NPr)
K X Ky K K, Constants
k BTU/hr—ft-degF Thermal conductivity
L ft Plow length
Lh ft Heated length
i Number of flow passes
Fpe Peclet number (cp ® v dh/k)
1.
Mpr PT Prandtl number (cp/a./k)
T
N os Re Reynolds number (9 v dh//“)
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Noyo
NTU
oD

+3

AT
AT

sub

N R a =

3 3m BR

£qlo X

St

sat

4

lbs/sq in

BTU/hr or BTU/min
£t

in,

in

degh

degl

degh

BTU/hr~sq ft~degF
cu fit

ft/sec

lbs/min

(degF)_1

1bs/hr-f1
1bs/cu £t
1bs/ft
1/sec

Subseripis

refers to

WADD TR 60-776

axial

Stanton number (h/G cp)

Number of heat transfer units
Cuter diameter

Pressure diffarence

Heat rate

Radius

Tube spacing longitudinal to flow
Tube spacing transverse to flow

Temperature

= Tw - Tsat

= Tsat - T'b

Fin thickness

Over—-all heat transfer coefficient
Volume

Veloeity of fluid

Mass flow rate

Twist ratio, number of diameters per
180-degree twist

Heat exchanger component volume ratio

Volumetric coefficient of thermal
expansion

Exchanger heat transfer effectiveness

Fin effectiveness
Total surface effectiveness

Viscosity
Density
Surface tension

Angular velocity

mean axial
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ave average

b bulk

c cold side

d derived

exit exit value

f film value

h hot side

i inner diameter or inner wall
in entrance value

L ligquid

max maximum

min mindimum

out exit value

sat saturation value

std value at standard temperature and pressure
T total

% tangential

v vapor

w wall

1, 2 different heat exchanger sides
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TABLE 6

DESIGN CHARACTERISTICS OF PLATE-FIN EVAPORATORS

Freon Side

Type of fins Straight

Fin height 0.1 in

No. of fins per inch 10

Fin thickness 0.005 in

Thickness of parting plate 0,014 in

Hydraulic diameter (d,) 0.00792 ft

Material Aluminum
Air Side

Type of fins Herringbone

Fin height 0.45 in

¥o. of fins per inech 18

Fin thickness 0.005 in

Thickness of parting plate 0.014 in

Material Aluminum
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TABLE 7

DESIGN CHARACTERISTICS OF VORTEX EVAPORATORS

(Reference: Kays, W. WM. and London, A. L., Compact Heat Exchangers,
McGraw-Hill Book Company, New York, 1958, Figure 100)

Staggered Tubes - Rectangular (Crimped) Fins

Tube ID = 0.25 in
Tabe OD = 0.30 in

ST = SL 0.60 in

]

Freon 11 Side

A A = 0.1362

free/ face
Heat Transfer Area/Volume = 26,18 sq ft/cu 1

d, = 0.02083 £t

It

Air Side
Fin thickness (%) = 0.01 in
Pin height = 0.15
No. of fins per inch = 6.8
Afree/Aface = 0.534
Heat Transfer Area/Volume = 179 sq ft/cu ft
dh = 0.1192 1
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SECTION VI

ROTATING CONDENSER 5TUDY

It has been indicated in a previous section that an obvious way to
overcome the absence of the gravity force in any equipment which depends on
this force for satisfactory operation is to provide an artificial force ta com—
bPensate for the absent body forces. In this way, density differences between
liquid and vapor may still be used for Separation. In this study, the artifi-
cial force isg supplied hy rotating the equipment itself, in contrast to the

Although it was believed initially that the rotating condenser would
not represent the hest solution %o the Zero—gravity condensation problem, it
Wwas necessary to analyze ang design such a condenser for several reasons. First,
it provides a definitive solution to the Zero—gravity vapor-liguid separation
problem. Second, only a complete design would afford a basis for comparison wit
other units, Third, the design would provide some experience in the characteris—
tics of rotating heat transfer machinery for zero~gravity operation.

The purpose of the study was to design a condenser for & vapor cycle
in whieh the high-pressure vapor refrigerant from the compressor may be conden—
sed entirely under zero—gravity conditions.

The design of a rotating condenser, in which the Separation of liquid
from its vapor is carried out based on density variation in the refrigerant,
will be discussed below. The centrifugal field associated with the rotation drives
the condensate ocutward along the disc, and the problem arising from the absence
of gravity forces can be solved. The problem involves the determination of an
optimum heat transfer coefficient corresponding to an optimum angular velocity
for the condenser. The optimum condition is one corresponding to an optimum
combination of power and weight; i.e., where the rotating condenser has the
minimum penalty on the system. A method of designing such a condenser is
presented. Numerical results will also be reported.

THEORETICAL BACKGROUND

A theory or rotating condensation has been analyzed by Sparrow and
Gregg (1). Their study is based on a system in which a cooled disc rotates in
uniform saturated vapor. The condensate moves outward along the disc under the
effect of a centrifugal force field. Their investigation resulted in a descrip-
tion of the heat transfer characteristics of the system.

The condensate layer is assumed incompressible. The three velocity
components, the pressure, and the temperature are given by the following five
equations:

Continuity:

(Ph)+ + Sy 2.0 (14)

Y

L
r
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Energy:
pepRT = KV T (45)

Havier-Stokes:

t_o
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Gravity forces and viscous dissipation terms are omitted and it is assumed that
there is angular symmetry and that the shape of the radial and tangential veloc—
ity profiles do not change with different values of r. The assumption that the
temperature is a function of z alone implies the existence of a condensate layer
of uniform thickness over the disc.

The method consists of using von Karman's solution for the problem of
a dise rotating in a uniform, single-phase medium (2). The following boundary
conditions apply:

At the surface of the disc (z = 0):

v =0

T

VZ =0 There is no motion relative to the disc
V, = Tw

J ]

T = Tw Fluid temperature is equal to wall temperature

At the ligquid vapor interface (z = § ):

T,.=0

ar Negligible shear siress between liguid and vapor
tz¢=0
T = Tsat Ligquid is at saturation temperature

As a result of this investigation, the heat transfer coefficient and
the condensate layer thickness were found to be functions of the Prandtl number,
a dimensionless parameter cptLT/hfg, and other variables.

The heat transfer coefficient, the condensate layer ihickness, the
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veloecity and temperature profiles, and the torgue momentum required may then be
calculated (1). The problem was solved numerically (on an IRy 653 electric com-
puter) for Prandtl numbers in the range of 0.003 to 100, and for values of
cpAT/he, in the range of 0.0001 to 1. Numerical correlations were obtained
wﬁich involve the assumptions that energy convection and acceleration terms are
negligible., These results will be referred to later,

Experimental investigations on condensation on a horizontal rotating
disc have also been reported (3). The sxperimental results deviate by about 25
rer cent from the theoretical results, and this deviation is probably due to
the fact that in the theoretical analysis the drag between vapor and liquid was
not included initially.

Subsequently Sparrow and Gregg (6) have examined the effect of vapor
drag on rotating condensation. The torque required is larger and the heat
transfer coefficient is lower than that calculated initially.

DESIGN AND OPERATIONAL PROBLEMS

A step-by-step design method is presented in the Appendix using the
results of the theoretical analysis., Certain problems in the design and devel-—
opment of a rotating condenser will be discussed first, One type of configura=-
tion is proposed (see Figure 25) and discussed in relation to design requirements,

The main requirements can be divided into five groups of functions which
influence condenser rerformance, Thesge requirements are:

Vapor Supply
1. The vapor should be properly fed to both sides of each disc.

2. The pressure drop of the vapor has to be equal between the com-
Pressor and each supply nozzle.

Condensation

1. There should be no interaction between discs.

2. Both sides of each disc should be fully utilized.
Liquid Removal

1. The liquid has to be collected and removed.

2. Vapor must be prevented from leaving the condenser with the
liguid.

3. The pressure drop of the liquid must be equal between every
"collector end" and the liquid main.

Coolant Supply and Removal

1. The coolant should be led into and discharged from a rotating
shaft.
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2., Leakage of refrigerant must be prevented at the two shaft inlets.
General

1. Maximum reliability.

2. Small pressure drop on the refrigerant side.

3. Small pressure drop on the coolant side.

4. Small weight.

A configuration for the rotating condenser is shown in Figure 2%5.
The design will be discussed with reference to the above requirements.

Vapor Supply

The high-pressure vapor refrigerant from the compressor (see the
Flow Diagram in Figure 26) enters the main supply pipe. Four pipes, running
parallel to the condenser shaft, join the vapor main, from which the vapor is
radially supplied to the condenser as shown. (The number four is chosen ar-
bitrarily; the purpose is to distribute the vapor uniformly around the shaft.)
This type of solution is preferred over an axial type of wvapor supply to satis-
fy the reguirement that the vapor is to be supplied equally to both sides of
the dises. The total pressure drop will also be smaller in this way. The
requirement that the pressure at each vapor outlet be the same can easily be
satisfied by proper piping design.

Condensation

The required condensation rate is maintained by continuous liquid
removal from the condenser surfaces, which is effected by the centrifugal
force obtained from the rotation of the dise. (It will be shown later that
heo w?  and 8~ . It follows that h~ ' ; i.e., the thinner the
condensate layer, the better the heat transfer coefficient will be.)

It is desirable to keep the rpm at a constant level. A sudden change
would cause ripples on the condensate surface, and this would result in a
drag between the vapor and the film. It was indicated previously that this
drag is one reason for the deviation between measured and theoretically pre-
dicted values for the heat transfer coefficient. By using the arrangement
shown for the vapor supply, it is assured that both sides of each disc (the
total calculated heat transfer area) will be utilized.

As far as interaction between discs is concerned, the minimum dis-
tance necessary to avoid interference is twice the boundary layer thickness
over a disc. Obviously, the smaller this distance is, the smaller the weight
of the condenser will be, and also, the smaller the pressure drop which will
oecur on the coolant side. Structural requirements will probably determine the
spacing between the discs. There must be enough space between discs for the
vapor supply nozzles. It is also important that these nozzles should be out-
side the boundary layers.

There are two possibilitiesj the boundary layer thickness can be
smaller (or equal) or bigger than the thickness of the condensate layer.
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Sparrow and Grege shqw the veloeity distribution in Figures 8 and 9 (1), 4t
low values of §(§)4 the tangential velocity of the liquid at the 1iquidg
vapor interface ig nearly the same as that on the 'surface of the disc. At

high values of ngi)é the tangential velocity drops going outward in the
condensate layer and at the value of 8(°“)‘=:= 5 the tangential velocity

which case there is no problem. The vapor will be outside the boundary layer
a8 will be the nozzles. (In this case, the assumption of zero shear stress
between liquid and vapor is correct.) In the first case, however, the boundary
layer thickness can be fairly large and there must be a shear force between the
liquid and the vapor. The boundary conditions, T g = Top = 0, applied by
Sparrow and Gregg (1), are not true. Nandapurkar (f) points out that the devi-
ation between the theoretical and experimental results (up to 25 per cent) is
due to the assumption that the vapor shear stress is negligible,

For the purpose of finding the minimum distance between the discs and

the vapor supply nozzles, the thickness of the boundary layer can be found with
good accuracy. As the tangential velocity of the liquid at the liquid vapor

on the method of Schlichting (4), who solved the problem for a rotating dise,
using von Karman's method of solution, Using the transformation function, a
correlation for the tangential velocity distribution is:

Verew ¢ (§) (49)

where V is the tangential velocity in the vapor. The numerical values of the
function ¢ (& ) are calculated au a function of § = z«]:?_ by Cochran (5).

The vapor outside the boundary layer is practically at rest, TIf we
take:

G(§)=V/rw =o0.00 (50)

then Table 5,2 (4) gives the value by extrapolation for:
§ =zV35>- = 44 (51)
The thickness of the boundary layer in the vapor will then be:

o =4—.61/_°1§ (

where 0" is the boundary layer thickness in the vapor, and the value 0‘4-5
gives the minimum distance between the disc and the nozzle.

\n
P
L

-

Two assumptions were made during the calculations of o
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1. The axial valocity of the vapor resulting from the condensation
does not affect the thickness of the tangential boundary layer.

2, The velocity of the vapor without the rotation of the disc would
be zero.

The second assumption suggestis 2 somewhat larger distance petween discs and
nozzles than that calculated above.

Liguid Removal

The removal oT separation of ligquid from vapor is the greatest prob-
lem under zero—gravity conditions. In the case of the proposed design, the 1lig-
uid, under the effect of centrifugal force, would go through a gap on both sides
of each disc and would be collected in 2 narrow annular channel. The thickness
of the gap could be either the thickness of the condensate layer under design
conditions, or could be variable. In the first case, at higher rpm's, there is
a chance that vapor will get into the 1iquid collectors; however, large varia—
tions in the rpm should net be expected for several other reasSons. In the
latter case, when the gap is variable, its thickness can be controlled from
the rpm of the shaft and can be adjusted in guch a way that the opening would
always be the thickness of the condensate layer, corresponding to the existing
Tpm.

During the design of the gap through which the condensate leaves,
there is one important problem to be considered. The condensate layer rotates
with the disc. When the condensate arrives at the gap, however, the other side
of the ligquid will be in touch with the stationary wall (see Figure 27). 8o
there is also a boundary layer near the stagnant wall, apd fluid separation and
back flow might ocour. Schlichting (4) shows this in his work. In his example,
however, a large body of liquid with infinite diameter rotates near a stationary
wall. In the present case, 1f the vapor between the dises 1s prevented from
rotating with the discs, only the thin layer of liquid (plus the vapor in the
boundary layer) will rotate. Therefore it is suggested that the nozzles should
supply the vapor with an impulse against the direction of rotation of the discs.
In addition, the larger the distance between discs and nozzles, the smaller the
percentage of wvapor which will tend to rotate with the discs.

Whether or not separation will occur depends greatly on the angle of
the resultant velocity. In practice, separation will probably not occur if this
angle is equal to or larger than 15 degrees. This angle can be galculated from:

- T
8 = tan 1 v—;' (53)

where the velooity components can be found either from Figures 8 and 9 (1) or
from Figure 5.10 (4). Creating & suction in the direction of flow also pre—
vents back flow and separation.

T+ is important to design the gap properly because when back flow
occurs, after a period of time, an oscillatory motion of the condensate will
occur and the condenser will cease to operate properly. The two main sizes of
the gap {(a and b in Figure 27) are critical and have to be determined experi-
mentally.
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The liquid is removed along the ciroumference of the channel as shown.
The manifolds join the main liquid line. By proper piping design the requirement
of equal pressure drop in all the branches may be satisfied easily.

Coolant Supply and Removal

The coolant supply for the condenser can be carried out in several
ways. Three different solutions are briefly outlined below.

1. The coolant flows axially inside the rotating shaft. The discs
are cooled by conduction only and they act as "rotating fins".

2. The coolant flows axially in the rotating shaft and the total
amount of coolant flows radially inside the discs.,

3. The coolant flows axially inside the shaft and a certain portion
of the coolant, necessary to obtain the required cooling effect
with given temperature difference, flows radially in each disc,
while the major portion of the coolant flows axially through the
shaft.

The second solution is shown in Figure 70, and the heat transfer

calculations on the coolant side will be based on this type of arrangement.

There are three major problems in the design. The first is the cal-
culation of the sizes of the channels in which the coolant flows {(width of discs).
Small pressure drop and light weight are the factors to be considered. The
second is the supply and discharge of the coolant into and from the rotating
shaft. This is essentially a sealing problem. Cne solution for this would be
the application of rotary unions at the two ends of the shaft., Ancther type of
solution is shown in Figure "%. The third is the prevention of the leakage of
the refrigerant at the two entrances of the rotating shaft. This is a common
sealing problem between a rotating shaft and its housing. Several types of
solution exist.

The general requirements, maximum reliability, small pressure drops,
and small total weight, are governing factors during the whole design procedure.

PRESSURE DROP CONSIDERATIONS
Refrigerant Side

The pressure drop in the condenser is important because the work
necessary to overcome it has to be supplied by the compressor, In the con-
ventional heat exchangers used in common practice, the condensation takes
place at decreasing pressures because of the pressure drop occurring as the
refrigerant passes through the condenser. In this case, however, (using the
condenser shown in Figure 25) the pressure drop is not continuous. There is a
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pressure drop in the vapor line between the compressor and the supply nozzle.
(This can be ealculated from equations or charts applicable to vapor flow in
pipes.) As an approximation, the vapor pressure in the annulus between the discs
may be assumed to be constant.

There is friction between the moving condensate and the disc which is
overcome by the momentum supplied by the rotation. Bssentially, the total
pressure of the 1iquid increases as it passes outward on the surface of the disc.
The pressure at the circumference of the disc will be:

2 2
. L :
P * Pyapor +t = ?(Vf + V¢ ) (54)

The velocity components can be found from Figures 8 and 9 (Reference 1) and

- -1 2 2 -
Avgig, =P+ 7y ) (59)
The minus sign shows that the pressure increases. (In order to get the correct
amount of pressure increase, an efficiency also has to be taken into account
for the)pressure drop due to friction which is overcome by the momentum of the
ligquid.

Finally, the pressure drop in the liquid collectors is not as impor—
tant as at the parts of the condenser discussed above. The higher pressure
drop in the condenser will result in a smaller pressure drop required through
the throttling valve.

The pressure drop in the condenser depends mostly on the pressure
drop in the vapor supply liness; a total pressure increase in the condenser is
also possible. The application of a rotating condenser does not seem to result
in any disadvantage in this respect, compared to a conventional condenser. I+
must be remembered, however, that the pressure gain is accomplished by poweT
gupplied through the rotating shaft of the condenser.

Coolant Side

The pressure drop on the coolant side is important because it deter—
mines the size and power requirement of the circulating pump. Computation
procedures will be shown during the numerical calculations.

DYNAMIC AND STRESS PROBLEMS ARPECTING HEAT TRANSFER CALCULATIONS

Tt is not the subject of this work to discuss mechanical design
procedures; however, in certain aspects they affect the heat transfer caleculations.

The rotating hollow shaft of the condenser is also the passage of the
coolant, so its design jnfluences the condenser performance. The minimum diameter
and wall thickness of the shafi will be determined by stress considerations, and
also has to be checked against the eritical rpm. Only if these requirements are
satisfied can the final heat transfer caloculations be carried out. Stress con-
siderations will also define the wall thickness of the dises and the housing.
These affect the dead weight of the condenser. As will be seen later, the
selection of the optimum condenser is based on penalty caleulations on which the
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condenser dead welght has a strong effect,
PEVALTY ON THE SYSTEM

It is expected that the rotating condenser will be located inside the
Space vehicle and that a secondary heat transfer fluid (such as Dowtherm 4 or
NaK alloy) will be used to transfer heat from the condenser to a radiator where
final heat dissipation to Space occurs. Any conclusive consideration of penalty
must ineclude not only the fixed welght of the entire condenser-heat transfer loop~
radiator assembly, but also the penalty effect of this assembly on the vehicle
secondary power system (which Supplies the power for rotation of the condenser),
the secondary power system fuel, and ultimately to the vehicle take-off weight
and the weight of the primary fuel necessary to boost the rayload. The entire
penalty consideration is also a function of the vehicle migsion duration. For
mission durations of any length, it is expected that solar and nuclear power
sources will provide vehicle Secondary power.

In this discussion, penalty considerations have been confined to the
condenser asgsembly fixed weight and the power requirement, excluding the subecooler
(if necessary) and the radiator. It is believed that the fixed weight caleculation
is sufficient to indicate the applicability of the rotating condenser. Assuming
the arrangement shown in Figures 25, 26, 29, the fixed weight consists of the
weights of the rotating dises and shaft, the housing and bearings, the motor,
riping, coolant pump and motor, and the welght of the refrigerant and coolant.

The power is that required to rotate the condenser shaft and that supplied to
the coolant pump.

RESULTS AND DISCUSSION

Based on the calculation procedures described in Appendix 2, rotating
condensers have been designed for several vapor cycle conditions, The program
involved condenser design for vapor cycles in the capacity range between 400
BTU/min and 4000 BTU/min. The evaporation temperature varied between 40 deg-
rees P and 55 degrees F, the condensation temperature varied between 150 deg-
rees F and 250 degrees F. Freon 11 has been used as the refrigerant, and it
was chosen originally primarily because of (COP considerations. On the coclant
side, several coolants were considered. Dowtherm A has been selected over ligquid
metals like NaK because of its bigger specific heat which resulted in smaller
bump, motor, and power requirements. In addition, if NaX had been used, the discs
might have to be made of steel instead of aluminum, which would increase the
total penalty.

The condenser design consisted of the determination of a fixed weight for
each application. (The actual optimum condenser can be found only if the duration

Several vapor ¢ycles were examined in the capacity and temperature
ranges defined by the problem. The calculations were carried out on an IBM 704
electric computer. The programming followed the steps of the calculation pro-
cedure presented in Appendix 2. There were two input parameters for each
oycle, the angular velocity and the number of discs. Five values for the
angular velocity (between 18,800 and 902,400 /hr), and twelve values for the
number of discs (between 1 ang 120) were chosen.
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The most important outputs are the condenser dead weight (including
the weight of the necessaTy motors and pump) and the total power requirement
(necessary to operate the condenser and 1ts accessories). These are functions
of many variables and can be represented as follows:

W, = T (R Tor Tos ¥, W)

P=f (Q, Ty T W, W)

The results of the numerical calculations are presented in graphical
form. An example for the calculation of one point, l.e., the ecalculation of
one value for Wd for a specific cycle is given in Appendix 2.

Pigurez 30 - 32 -how the variatien of the condenser dead weight vs.
the number of discs. Figures 31 - 35 show the variation of the required power
ve. the number of discs. In both cases, the angular velocity, system capacity,
evaporation and condensation temperatures are parameters.

Tt is necessary to emphasize here that since detailed stress calcula—
tions were not performed, the fixed weight of the condenser may be reduced con-—
siderably by diminishing the wall thicknesses of the shell, discs, and other
components. In such & case, the fixed weight may be lowered by a factor of iwo
or three. In the calculations, a shell and disc thickness of 3/64 inch was
used, while the wall thickness of the shaft is 1/8 inch. In addition, the maxi-
mum angular velocity,uJ, used is 902,400 per hour, which corresponds to a speed
of 2400 rpm. The Tixed weight of the condenser will be reduced by operating
the condenser at a higher speed; however, this will also increase the power
requirement. At low capacities the power requirement is small, but at an
evaporator capacity of 4000 BTU/min, the power requirement 1s considerable.

The basic correlations derived by Sparrow and Gregg (1)} are true for
1sminar flow only. They claim {referring to Schlichting's work) that the limit
when transition starts is at about

Ty 20) 5
Re = —2—— = 3.5 x 10 56
vy (5¢)

In the present work, h has been calculated from an expression experimentally
determined by Nandapurkar (5). His measured results corresponded to Reynolds
numbers in the range of 5 = 48 % 109.

H. L. Dryden (7) examined transition in flow near a rotating disc. He,
too, claims thet the flow depends on the Reynolds pumber 2 W /Y . In his work
he refers to Reynolds numbers obtained by others, at which transition occurs.
These values are: Goldstein, 80,000 (8); Riabouchineky, 230,000 (9); and Theodor-
sen and Regier, 310,000 (10), who conducted tests where a disc with a one-foot
radius rotated with a spead of 525 rpm. Transition occurred at a radial distance
of 9.6 inches, the flow being laminar at smaller’ radii and turbulent at larger
radii.

In the present protlem, Reynolds numbers corresponding to the optimun
values of @ =and I are much larger than the ones referred to above. The effect
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of turbulence is not clarified. Work on condensation over a
turbulent flow is not yet available,.

transfer coefficient will increase som
rotate the condenser may increase,

rotating disc in

It is estimated, however, that the heat
ewhat, while the torque required to

The total effect can not be predicted easily.
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LIST OF SYMBOLS

£t
£t
BTU/1b-degF

BTU/1b~-degF

b

1bm £t/1bf e

£t

BTU/hr-sq ft-degl
BTU/1b

BT /hr~sq ft-degl

BTU/1b

BIU/hr-ft-degF
BTY/hr-ft-degF

b
1bf-£t

H?
HP

HP

1bf/sq ft
1bf/sq ft
BTU/min
BTU/min

BTU/1b
BTU/1b

il

Heat transfer area
Hzlf disec thickness

Specific heat of refrigerant
Specific heat of coolant

Diameter
Friction feactor

Constant

Coolant side pressure drop

Condensation heat transfer coefficient

Enthall):}'

foolznt side heat transfer coefficient

Tatent heat

Constant
Conductivity of refrigerant

Wall conductivity

Length

Torque

Number of discs
Total power

Rotating power
Pumping power

Prandtl number
Pressure

Pressure difference
Condenser load

System capacity

Condensation heat per pound

Refrigerating effect per pound

Reynolds number

Radius
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't
ft

1bs/hr HP
ft

hrs

degF

degPF
degF
degF
degPl
deg®

degPF

degF

BIU/br-sq ft-degF
ft/sec

ft/sec
ft/sec

cu £t/1b
1bs
1bs/min

1bs

lbs/min

ft

£t

Disc radius
Shaft inside radius
Shaft outside radius

Specific fusl consumption
Wall thickness
Duration

Wall temperature
Saturation temperature
Condensation temperature
Evaporation temperature
Tsat ~ Ta

Log mean temperature difference

Coolant inlet temperature
Coolant outlet temperature
Over-all heat transfer coefficient

Radial velocity
Axial velocity
Tangential velocity

Specific volume
Weight

Cooclant flow rate
Dead Weight
Refrigerant flow rate

Dimensionless parameter

Disc spacing

Condensate layer thickness
Heat exchanger effectiveness
Efficiency

Velocity angle

95



Sﬂomax:\:

r, py Z

WADD TR 60-776

centipoise
sq ft/hr
lbs/cu £t
ft

1bs/sq £t

radians/hr

Viscosity

Kinematic viscosity
Density

Boundary layer thickness
Shear stress

Angular velocity

foordinate directions
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Figure 27 - Rotating Condenser - Gap Design
Figure 28 & 29 - Rotating Condenser Configuration
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SECTION VII

SPIZAL CONDENSER STUDY

There are two basic condenser configurations available to a space
vehicle vapor cycle cooling system. Since the ultimate heat sink is the space
environment itself, a radiator is a required component of any such system. The
first of the two configurations places the condenser passages directly in the
radiatory the vapor enters the radiator, condenses in the passages, and heat of
condensation is transterred to the radiator wall which dissipates the heat to
space. In this case, the condenser is placed outside the vehicle, and is con-
nected to the compressor and the throttle valve within the vehicle by the neces—
sary piping. The other configuration consists of installing the entire vapor
cycle including the condenser within the space wvehicle and connecting the con-
denser and radiator with a suitable heat transfer loop. In the second case, a
pump is required to circulate the heat transfer fluid between the condenser and
the radiator.

Several factors determine the choice between the two systems. 1In
some cases, the condenser structure itself, as in the case of the rotating and
spiral condenser, will not allow integration of radiator and condenser. If an
integral radiator-condenser can be designed, there is no necessity for the
piping, pump, and heat transport fluid which comprise the intermediate loop; and
this is favorable from a penalty standpoint. Micromeieoritic penetration is =z
hazard with which the designer of the radiator-condenser must contend. If pene-
tration of an integral radiator-condenser c¢ccurs, the refrigerant would probably
be lost to space. In the case of the intermediate loop, the heat transfer fluid
would be lost, but the vapor cycle system itself would remain intact. TIn any
case, the sysiem would be inoperable until the damage was repaired, and the
supply of refrigerant or heat transfer fluid was replenished.

BADIATOR-CONDENSER SYSTEMS

Since the radiation process is not directly affected by gravity, actual
radiator designs and configurations have not been considered in this siudy. How—
ever, a comparison of the radiation and condensation heat transfer process and
the relative magnitude of the coefficients involved is of some value.

4 heat transfer coefficient for the outer surface of the radiator may
be defined as

A
ny = —A (57)
' T, -7
R S
where q/4 is the heat flux (BTU/hr-sg ft-degF)
Tq is the radiator surface iemperature {degR)
T is the sink temperature (degR)

)

For simplicity, the sink temperature is assumed to be O degrees R. The heat flux
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is given by the expression,

where o is the Stefan-Boltzman constant equal to 1.71 x 10 -9 BTU/hr-
sq ft-(degR)?
6 is the emissivity of the radiator surface.

The radiation heat transfer coefficient may now be written as

m 3
h, = O € PR

R (59)

Assuming heat transfer through a condensate film by conduction only, the minimum
value of the condensing heat transfer coefficient may be wriiten as (Appendix 5)

h o= AX (60)
¢ d
h
where hc is the condensation heat transfer coefficient (BTU/hr—sq ftdegh)

dh is the hydraulic diameter of the flow passage (ft)

k is the thermal conductivity of the liquid phase (BTU/hr-ft—degF).

A minimum ratio for the condensing-side heat iransfer coefficient to the radiating-
side heat transfer ccefficient is

h
_c . 4 k (61)
h 3

R O'EthR

The value of this ratic is shown in Table 9 for several fluids and temperatures.
Its significance is that where the magnitude of the ratio is large, the over-all
heat dissipation process is limited by the radiation process; this is even more
valid when the actual condensation coefficients are larger than the minimum se-—
lected here. It is assumed in Table 9 that the emissivity, € , was equal to 1.0,
and that the radiator surface temperature was equal to the condensation saturation
temperature, making the values of (h¢/hR)yi, ©ven more conservative.

An estimate was also made of the length of tubing which must be in-
stalled in an integral radiator-condenser to condense the Freon refrigerant
entirely. A radiator—condenser with the Freon condensing in tubes and the heat
being dissipated by radiation from both the tubes and the connecting fins was
chosen, as shown below.

-O0—=0
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The tube ID was 0.44 inch, and the fin thickness was 0.U3 inch. The condenser
heat load was 4400 BTU/min, and the saturation temperature was 250 degrees F.

For a conservative wall temperature (calculated) of 140 degrees P, it was found
that 1170 feet of tubing would be required for complete condensation. This maxi-
mur: length is caleculated by assuming a minimum he equal to 4 k/dh. If it is
assumed that he is infinite, that is, that the radiator wall is at a temperature
equal to the Freon 11 saturation temperature (250 degrees F), a minimum length of
633 feet of tubing is still required. Although the calculations are extremely
gimplified, they do indicate the orders of magnitude involved.

CONDENSATION UNDER ZERO GRAVITY

As a vapor comes into contact with a surface whose temperature is
maintained below that of the saturation temperature of the vapor, condensation
occurs, If the liquid wets the surface, as condensation occurs, the liguid
spreads out on the surface, forming a continuous film which remains stationary
in the absence of forces. In general, the film moves under the action of body
forces {such as gravity), pressure forces, and contact forces exerted by the
vapor at the liquid-vapor interface. If the liquid does not wet the surface,
the condensate forms drops which grow during the condensation process and coalesce
with other drops due to natural interference or to relative motions between the
drops. Condensation may begin in the form of discrete drops which grow and co—
alesce so as to produce a continuous film.

The amount of information available on the heat transfer and fluid
dynamics involved in drop-wise condensation is small compared to the understand—
ing of the film-type condensation process. Whether a particular fluid-surface
combination results in drop-wise or film=type condensation is a matter for ex—
perimental cobservation.

Consider a drop formed on a surface and denote the surface tension
forces by O°5 OG.v between the liguid and vapor phases; 0O%.s hetween the
liquid and solid phases; and Ol-s between the vapor and solid. Equilibrium
of the drop (the drop at rest neglecting gravity and pressure forces) requires
that

cos§ = Q-3 = Oa-s
O1-v

Vhere the contact angle jB is less than 90 degrees the drop will spread out on
the surface to form a continuous film. From observation of a particular fluid-
surface combination, either the contact angle may be measured, or the general
tendency to form a film or discrete drops may be noted. The condensation of sul-
phur vapor on glass forms a continuous film. Water vapor forms a film on most
clean surfaces unless surface active agents are added. It is a matter of common
observation that ligquid mercury generally forms drops on surfaces.

The heat transfer rates which have been observed in drop-wise conden—
sation are many times greater than those which are obtzined when a continuous
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£ilm is formed. Although this fact is explained by the intimate conizct betwsen
vapor and cooled surface which occurs in drop-wise condensation (as compared to
the resistance to heat flow represented by a continuous film), no satisfactory
theory for drop—wise condensation has been worked out.

¥hen a condensing fluid forms a continuous film on the heat transfer
surface, the mechanisms involved can be described. The interface between the
liquid and vapor phases can be considered to be at the saturation temperature
(see Reference 1 for a discussion of this point). The resistance to heat flow
is mainly localized in the liquid film. This resistance, which controls the heat
transfer rate, determines the condensation rate and thus the film build-up. In
the absence of external forces on the liquid film, the interface between phases
would propagate into the vapor phase {as in melting and freezing phenomena), and
no steady-state solution would exist. When external forces acting on the liguid
layer cause motion, then the liguid is moved along the surface and eventually
collected by some means. The tendency of the interface to propagate into the
vapor phase (by heat transfer) is balanced by the removal of the film and a
steady—state condition is obtained.

Significant analytical contributions to our knowledge of film—type
condensation have attributed the sole or major role in the film removal to
gravity forces. In the rotating condenser, film removal is accomplished by
rotating the cooling surface.

In systems where gravity (or any other constant body force) is absent,
the removal of the film is effected by pressure forces and shearing stresses ex—
erted by the moving wvapor on the liquid-vapor interface. An analysis of such =
condensation process is shown in Section VIII. In the spiral condenser, the film
removal is accomplished by rotating the fluid with the condenser tc separate the
vapor and liguid and the stresses exerted on the liguid by the moving vapor.
3ince such systems have become of interest only recently, due to the feasibility
of flight in epace, it i® not surprising that the literature of film condensa-
tion does not supply design information on gravity—free systems.

The liquid film flow at the heat transfer surface may be laminar, tur-
bulent, or in the process of transition. The details of transition are not well
known, but it is observed that a liquid film initially laminar will eventually
become turbulent if allowed to grow sufficiently thieck. The criterion used to
determine whether a condensate film will be laminar or turbulent is a critical
value of the film Reynolds number (utilizing the flow through the film and the
equivalent diameter in its computation). Thus if the flow per unit width in a
two-dimensional system or the flow per unit perimeter in & circular system is]J7
the Reynolds number of the film can be written in the form 4 T' /A, where At is
the viscosity of the liquid film. ¥hen vapor shear stress is absent, the suggested
criterion for transition to turbulence iz 4 J7/u = 1800 (2). When significant
vapor shear stresses are acting on the film, the critical Reynolds number may be
as low as 200 (3).

H

The computation of laminar film condensation logically follows from
the application of well=-known laws of heat conduction and laminar shear siress
to simplified models of the real physical process. In most cases the assump—
tions which have been made in order to construct a simple, yet realistic, model
of the physical process have been checked by experiment or by more detailed cal-
culations in some instances.
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The analytical technicues for predicting the behavior of turbulent
condensing films are semi-empirical. Due to lack of knowledge of the turbulent
processes in sufficient detail, the computationsg depend on the assumption of
certain analeogies beiween momentum and heat transfer as well as the use of ex—
perimentally determined {or assumed) velocity profiles and skin-friction laws.
The actual numerical computations are much more involved and the train of logic
much less satisfying in the case of turbulent films as compared to laminar films.
The reasonable asreement of these analyses with experiment as well as their abil-
ity to predict trends make them an imporiant and useful addition to the state-
of-—the-art knowledge of film condensation.

DESIGY OF A SPIRAL CONDENSER

The use of a spiral condenser* for zero—gravity condensation is based
somewnat on the same premises as the use of a vortex evaporator for zero—-gravity
evaporation. Since condensate removal in conventional units is usually accom—
plished by gravity forces, some other device must be employed when gravity is
absent, One such device is to rotate the cooling surface (rotating condenser),
and the other is to rotate the fluid without having to rotate the condenser
itself. A vortex tube with itwisted tape is not applicable to the condensation
problem where it is desired to remove the liquid from the heat transfer surface
and supply it with fresh vapor.

The spiral condenser itself is a simple device. It consists (see

Figure 36} of two long metal strips which are wound concentric with each other
to provide the spiral fluid passages. The ends may be sealed off by welding and
headers may be provided to lead the fluids in and out of the unit. Studs may be
used at regular intervals between the two strips to provide structural integrity.
If fins are required, there should be no difficulty in providing these on either
or both sides, although conveniional units have not used fins up to the present
time. Both fluids may be passed either in parallel or counterflow spirals, or
one fluid may be in spiral flow while the other is in a direct crossflow through
the exchanger.

Consider a curved passage such as that shown below, in which vapor is
flowing in the passage which is cooled by fluid in two concentric curved passages
on either side of the passage shown. Kreith (4) has shown that heat transfer on

P

A
B

*4 spiral heat exchanger for conventional uses is currently manufactured by the
American Heat Heclaiming Corperation, New York, New York.
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a concave wall A is better than that on wall B, Hsuan Yeh (5) has shown that

due to the high mixing of fluid in the vicinity of well A, 3 high heat transfer
rate is obtained., Lower-energy fluid in the boundary layer of wall A will tend
to travel inwards, while higher—energy fluid tends to travel towards A, producing
a good mixing effect of hot and cold condensate. In addition, the outer part of
the condensate layer on wall B will tend, due to centrifugal action, to move
away from wall B. The force on the liguid will be much higher than tkat on the
vapor, due to the greater density of the liquid. Hence, two effects are taking
place in the curved passage. The condensate layer on wall B will be kept small
due to centrifugal action, thus ensuring good heat transfer. The condensate
layer on wall A may grow thicker than that on well B, but may have a temperature
close to that of wall A, due to severe mixing in this region. For water-to—air
heat exchangers, Kreith's data indicate that the heat transfer rates for concave
and convex walls together have the same mean value as that for the flat plate
case. For the design here, condensation heat transfer coefficients based on
Reference 3, which takes into account the effect of high vapor velocities on con-
densation, have been used.

In general, plate-fin heat exchangers are not used when one of the
fluids is a liquid metal. The heat transport fiuid used here is sedium~potassium
alloy with a 22 per cent sodium and a 78 per cent potassium composition. It has
a low melting point {12 degrees F) and a high conductivity. Its viscosity is
low, and since the fluid conducts electricity an electromagnetic pump may be
used in the loop, if desired. Two sizes of tube~fin condensers have been designed,
the main difference being the inside diameter of the tubes. The design character—
istics for these condensers are shown in Tables 10 and 11. The volumes of the
tube-fin condensers are shown in Figures 37 and 38. As expected, the volumes of
the small-diameter tube condensers are considerably smaller than those of the
larger-diameter tube units. However, the smaller-diameter tubes have been used
for NaK heat transfer only recently, and the possibility of fouling in small tubes
is greater.

Figure 36 shows the diagram of a spiral condenser. Figure 38 a2lso
shows the volumes of the spiral counterflow condensers for two cases. “he volumes
of the small-diameter tube~fin condensers are considerably smaller than those of
the spiral condensers. The spiral condenser volumes are more comparable with
those of the larger tube-fin units. If the fouling characteristic in small-
diameter tubes is neglected, the volumes of the spiral condenser should be com-
pared with those of the small-diameter tube-fin units. Although the Nak-side
core pressure drop in the small tube-fin condensers is about fifty times that in
the larger tube-fin units, the absolute magnitude is still negligible, about
0.009 psi.

Pigure 39 shows the variation in volume and pressure drop for two vari-
ations of the counterflow spiral condenser. From Reference 3, yhe Freon 11 heat
transfer coefficient may be written

T

o]
h o065 P11 B k) f

P11
2 My O

G {62)

which shows the heat transfer coefficient to be linearly proportional toc the mass
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flux. If the mass flux is kept constant, the total volume of the condenser

varies linearly with the heat load. Tn Figure 29, the flow area is varied (to

keep G constant) by varying the spiral condenser length while keeping the plate
spacing constant. In this case, the Freon-side and NaK—side pressure drops are
constant with the heat load. The second variation showm in Figure 39 is that where
the flow area is kept constant, so that the mass flux is proportional to the heat
load. In this case, the volume does not change appreciably with the heat lozd.

The change in the heat load ig counterbalanced somewhat by the change in the heat
transfer coefficient. A calculation procedure for a spiral counterflow condenser
is shown in Appendix 3. Pressure drop information is also included.

The changes in core volume and pressure drep obtained by changing the
plate spacing on the NaK side of a spiral counterflow condenser are shown in
Table 12 and Figure 4C. The concenser length is kept constant and is egual to
one foot., As expected, NaK-side pressure drops and, conseguently, the Nak
pumping power are high at low values of rlate spacing. One method of reducing
the NaK-side pressure drop is to pass the NaK through the condenser in a cross-
flow relation to the spiral Freon 11 passage, Such a caleulation is shown in
Appendix 3, The volume of the crossflow condenser is larger than that of the
comparable counterflow unit, assuming the same plate spacing for the NzK and
Freon sides. However, since the NaK now has a much larger free flow area, the
pressure drop on the NaK side is negligible, Because of this, a smaller plate
spacing may be chosen on the ¥ak side, which reduces the total crossflow conden—~
ser volume compared to the counterflow case. The NaK-side pressure drop may still
be kept negligible. There may still be some advantage for the counterflow unit
from the standpoint of manifolds and header systems. Also, in zero—gravity opera-—
tion, a nonwetting liquid such as ¥aK will not maintain good mechanical contact
with the heat transfer surface, and the passages must be kept filled with the
fluid. Thie represents some advantage for the counterflow condenser where the
NaK is also in a spiral passage and hence experiences a centrifugal force which
increases contact with at least one section of the spiral wall.

In the discussion above, the volumes given are the core volumes of the
heat exchangers and do not include the shells or the header system. The pressure
drops referred to are the core values and do not include entrance and exit losses
or any values for ducts. It is believed necessary to construct and test a spiral
condenser system to obtain sufficient heat transfer information for condensation
in curved passages, before a complete design for a specific mission can be made.,
In any event, the spiral condensger volumes are considerably larger than those of
the comparable tube-fin units., The Freon 11 side volume of a spiral condenser
may be reduced by using fins. However, spiral condensers with fins have not yet
been constructed, and some experimentation and development is necessary before
reliable designs can be made.
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LIST OF SYMBOLS

Eeat transfer area

Heat exchanger face area
Heat exchanger free area
Specific heat

Diameter

Bydraulic diameter

Fanning frietion factor
Mass flux

Totally condensed mean mass flux
Mean vapor mass flux

Gravitational acceleration
Heat transfer coefficient
Enthalpy difference

lLatent heat of vaporization plus
guperheat enthalpy

Thermal conductivity
Flow length

Prandtl number
Reynolds number

Pressure

Pressure difference
Heat rate

Linear condenser length
Temperature

wall ~ Tsat

Distance betwsen plates (width of passage)
Over~all heat transfer ccefficient

Volume

Velocity

Mass flow rate

Lockhart and Martinelli correlation factor
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Liquid-surface contact angle

Exchanger heat transfer effectiveness

Emissivity
1os/hr=ft dass flow per unit widih or rerimeter
1bs/hr~ft Viscosity
1bs/cu £+ Density
1bs/et Surface tension

Square root of ratio of two-phase to
vapor pressure drops

E9o% 4m e

Subscripts

Al refers to Aluminum

ave Average

c Condenser; condensate

c Cold side

=11 Freon 11

k Hot side

1 Liquid

Im Logarithmic mean

max Haximum

mix Two~phase

HaX FaK or Sodium Potassium
R Radiator surface

g (Heat) sink

sat Saturated

T Total

tt Turbulent-turbulent flow
v Vapor

wall Wall

1, 2 Entrance, exit
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PIWIMG RATIOS FOR CONDENSING-SIDE TO RADIATING-SIDE

HEAT TRANSFER COEFFICIENTS FOR INTEGHAL RADIATOR-CONDENSERS

Saturation Condensation

Temperature Tube Diameter (hc/hP) .
Pluid degh in - min
Treon 11 320 0.5 3.6
Preon 11 320 2.0 0.¢
Freon 11 250 0.5 1.57
Freon 11 150 2.0 3.25
lercury 200 0.5 640
Hercury 400 0.5 160
Sedium 800 0.5 1120
Sodium 1250 0.5 396
Sulrphur 400 2.0 2.0
Sulphur 1100 2.0 C.5
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TABLE 10

DESTGE CHARACTERISTICS OF SMALL TUBE-FIN CONDENBERS

Staggered tubes, NakK inside tubes
Tube outside diameter = 0.187% in
Tube inside diameter = C.137% in
Tube wall thickness = 0,025 in

Freon 11 Side

Fin height = 0.09375 in
Tin thickness = 0.071 in
Nurber of fins per inch = 10 {Rectangular fins, crimped at base)

Afree/Afa.ce = 0.450

Heat transfer Area/Volume = 487 sq fi/cu £%
Hydraulic diameter = 0.003696 ft

NaK Side

A = 0.106

free/Aface
Heat transfer Area/Volume = 37.0 sq ft/cu ft
Hydraulic diameter = 0.01146
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TABLE 11

DESIGH CHARACTERISTICS OF LARGE TUEE-FIN CONDENSERS

(Reference: KXays, W. ¥. and London, A. L., Compact Heat
Exchangers, MeGraw-Eill Book Company, New York, 1958)

Staggered tubes, NaK inside tubes
Surface CF -~ 8.7 - §/8 J

Tube outside diameter = 0.645 in
Tube inside diameter = 0455 1in
Tube wall thickness = 0,010 in

Freon 11 Side

Staggered circular finned tubes

A?ree/ﬁface = 0.628

Heat transfer Area/Volume = 65.7 sq ftfou ft
Number of fins per inch = 8.7
Hydraulic diameter = 0.0383 f%

NaK Side

Afree/Aface = 0.0955

Heat transfer Area/Volume = 8.31 so ft/eu ft
Hydraulic diameter = 0.0471 ft
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TABLE 12

POTAL VOLUME AND Na¥ PRESSURE DROF FOR

Tyaporator heat load
Gondenser length(s)

R

COUNTERFLOW SPIRAL CONDENSERS

4000 BTU/min
1.0 ft

Width of Freon 11 passage = 0.25 in
Evaporator Condenser NaK HaK-3ide Condenser
Temperature Temperature Hydraulic Tiameter Pressure Irop Total Volume
deg? degF in psi cu ft
40 250 0.50 39.1 3.56
0.75 12.3 4.42
1.0 5.13 5.30
1.5 1.592 7.20
2.0 0.702 G.25
2.5 0.370 11.35
3.0 0.226 13.87
40 150 0.50 9.86 2.00
0.75 4.04 2.46
1.0 1.32 3.055
1.50 0.418 4£.23
2.00 0.186 5.50
55 250 1.50 1,452 6.625
55 150 1.0 1.20 2.77
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TOTAL VOLUNE AND YaK PRESSURE DROP FOR COUNTERFLOW SPIRAL CCNDENSERS

Bvaporator heat load = 4C00 BiU/min
Condenser length(s) 1.0 1
Width of Freon 11 passage = 0.25 in

Evaporator Condenser NaX Nak~Side Condenser
Temperature Temperature Hydraulic Diameter Pressure Drop Total Volume
degF degh in psl cu ft
40 250 0.50 19.55 1.78
.75 .15 2.2
1.0 2.57 2.66
1.5 0.79 3.62
2.0 0.35 4.64
2.5 0.18 5.69
3.0 .11 6.96
40 150 0.50 4490 1.00
C.75 2.02 1.24
1.0 0.66 1.54
1.50 0.21 2.13
2.00 0.09 2.77
55 250 1.50 0.75 3.32
55 150 1.0 0.60 1.39
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SECTION VIIZ

FIIM CONDENSATION UNDER ZEROQ GRAVITY

In normal practice, the gravity forces acting on the liquid film
formed in a condensation process are effective in separating the liguid and
vapor phases and collecting the condensate. The gravity-free condenser may be
rotated so that a similar effect is produced. The case wherein no body force
is acting seems not to have been considered in detail.

dn analysis for the growth of a laminar condensing film moved by a
constant vapor shear stress in the abzence of body forces can be made quite sim—
ply along the lines of the original Nusselt approach.

Under the action of a constant vapor shear stress, and without the
action of gravity, the velocity distribution in the film will be linear.

The velocity distribution is given by

Ivy (63)

u = o

The average film velocity is

= JXv& 64)
o= 2 2 (

and the condensate flow is

2
I= Sl (65)

Equating local heat flow rate to the local condensation rate, and once again
assuming a linear temperature distribution, the film thickness is found to be

Ya
= \PTuhrs
The local heat transfer coefficient is
- Y3
_{B3KATM X (67)

WADD TR 60-776 127



and the mean coefficient over a plate of length L is

Ya
PTy hre
KaTML (68)

h",==|.()¢¥|<

The above results for the average heat iransfer coefficient can be put in the
form of dimensionless ratios:

- Y3 /3 NE
hm L _ Ce AT Cp A ( Tv L s
= =104 (S0 K -97;:—) (69)

The first dimensionless ratio is the familiar Nusselt number, hyL/k, a heat
transfer parameter. The term (cp AN T/hfg), which occurs in condensation prob—
lems, is the ratio of the subcooling heat effect to the latent heat effect.

The dimensionless group (Cp_AA/k), entirely made up of properties of the liquid,
is the Prandtl number. The remaining dimensionless ratio can be shown to be a
Reynolds number based on plate length. The Reynolds number based on film thick-
ness is

4r _ 4 P‘Tvga) — 297, 8 (10)
pT X 2 U L

The above analysis predicts the heat transfer and flow properties of
a laminar condensing film in the absence of gravity where the socle effect on the
motion of the liquid film is the action of a constant shear stress at the lig-
uid-vapor interface. The assumptions made are those common to most condensation
analyses.

For applications where condensation occurs inside tubes and channels,
the above analysis must be generalized to include the effects of varying vapor
shear stress along the film length {due to variations in vapor and film proper-
ties along the tube) and for the effect of pressure gradient.

Tn order to learn some of the characteristics of the condensation
process within a duct when body forces are absent, a two-dimensional problem is
considered here. The analysis for a round tube will be similar but more com-
plicated algebraically.

Consider a two-dimensional duct formed by two parallel plates spaced
the distance 2 b apart. Bach plate is maintained at the temperature Ty, which
is below the saturation temperature of the vapor. In order to gimplify the
analysis, it will be assumed that the vapor enters the duct in the saturated state
and that pressure changes which take place along the duct are sufficiently small
g0 that the vapor density and temperature remain constant.

A liguid film will form on each wall, and the ligquid film will move
along the wall under the action of shearing stresses exerted on the liquid film
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by the vepor at the liquid-vaper interface and by the pressure gradient along
the duct. Of particular interest from the following analysis is the length of
duet required to condense all of the inlet vapor,

\ 2b
INLET .

T — —

VAPOR .
Y
. CONDENSATE ¢

X

VELOCITY DISTRIBUTION IN THE CONDENSATE LAYER

The assumption is made that inertia effects are negligidle in the con-
densate flow and therefore the condensate layer is in force equilibrium, This
assumption is common to approximate analysis of the condensation process and
has been shown to be a good assumption so long as the Prandtl number of the con-
densate is sufficiently small.

The details of the derivation may be found in Appendix 4. The
velocity distribution within the condensate layer is given by

S < I d y \
wo= —;u_;j% (9'“2—) (71)

The average velocity within the condensate layer may be obtained by integration:

s I /dp\ 2
UWave = Z08 ~ 3a g—;-)g (72)

The condensate flow rate per unit depth of duct, T’ , is
2
_ P8 [t S de
IT = pSuyve = ACNZ T3 ax (13)

The velocity distribution is dependent on the pressure gradient and
on the shear stress exerted at the ligquid-vapor interface. With gas Tlow in
the positive x-direction, along the tube, the shear stress Ty will be positive;
that is, the shear stress will aid the flow of condensate. When *the pressure
falls in the direction of flow, the condensate velocity is augmented by pressure
forces. An adverse pressure gradient of sufficiently great magnitude would
prroduce negative velocities within the condensate layer, that ie, back flow. A
simple analysis of the condensate layer cannot be expected to be valid in the
case of back flow. A plot of the velocity distribution within the condensate
layer for various values of the dimensionless ratio of Pressure gradient to
shear stress is shown in Figure 41. The condition on the Pressure gradient so
that back flow will not occur is
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4P ) _ Tv
(Jx/m;—v. ) (4)

_ The above analysis is only appropriate for laminar condensate flow,
The film Reynolds number is given by

a
4 4 T\ £ de
,c]: - j‘é zv - 3 (dx ) (75)

For cases where the condensate flows without pressure gradient or vapor shear
stress {gravity flow), the criterion for the transition to turbulence within the
condensate layer has been 4 ™ /4 = 1800. With vapor shear stress the value of
the film Reynolds number at the onset of turbulence has been estimated to be as
low as 200. A criterion for transition to turbulence which has been suggested
by Carpenter (4) and later used by Rohsenow {2) assumes that transition will
occur when the wzll shear stress takes on a definite value independent of the
applied vapor shear siress. These esiimates have been used to determine the
transition point when vapor shear stress acts in addition to gravity within the
condensate Tilm, Since the pressure gradient within the duct has the same
effect on the velocity distribution as the gravity force, it seems reasonable

to use the same criterion for the onset of turbulence. Thus the condensate layer
will be assumed to remain laminar until the wall shear stress reaches the criti-
cal value given by

f3e ’f;
“€ &2 =150

-~ 53 (76)
Y¥ote that the equivalent diameter is used in the critical shear stress relation
and therefore the criterion fer the onset of turbulence will also depend on the
condensate layer thickness. The above expression may be written,

§ \|Z = B° =375

— pe—————

v _P 4 (77)

The wall shear stress is given by

d
Zo= 1+ (- 558 (78)

THE ENERGY EQUATION APPLIED TO THE CONDENSATE LAYER

The heat transfer rate at the wall of the duct is set equal to the
net enthalpy flux through a control surface surrounding the condensate layer,
neglecting the effect of liquid subeooling. The wall heat transfer rate is
evaluated by assuming the temperature distribution across the condensate layer
to be linear. The details of this derivation may be found in sppendix 4. The
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result is

kK (Tzae-T) _ dT°
TS her hes = I (79)

CONTINUITY RELATION

The principle of conservation of mass is applied to the flow inside the
duct. The mass rate of Plow entering the duct is 2 & Us b . The mass rate
of flow of gas end condensate at an arbitrary section of the duet is

20 0(b-8) +2r1

The continuity relation is
2R0b=2Q,Ub-8) +27 (80)

MOMENTUM RELATION FOR THE GAS FLOW

The momentum theorem of steady flow is applied to a control surface
surrounding an element of the gas flow., The pressure is assumed uniform across
the gas flow and the gas 1s treated in bulkj that is, the gas is characterized
by a single velocityld . In this analysis, the momentum transfer across the
liquid-vapor interface is assumed to be negligible. The details of the deriva-
tion may be found in Appendix 4. The result is

d§ dU
(b—S)i;L =UR TS -7y —2UR (b-§) v (81)

SHEAR STRESS RELATTON

Since the gas flow is treated in bulk, that is, the gas flow is
characterized by a single value of velocity U at any section of the duct,
Some experimental law must be used to relate the vapor shear stress to this
bulk velocity.

Bergelin, Kegel, Carpenter, and Gazley (4) have correlated the vapor
shear stress acting on a condensate film in terms of the gas flow Reymolds num—
ber and a parameter of the condensate film, as shown in Figure 42. This para-
meter, r'cgyﬂpcy s 18 the volume rate of flow of condensate per unit depth
muitiplied by the ratio of the surface tension of water to the surface tension
of the condensate. For the numerical results obtained here, the lowermost
curve, corresponding to a zero value of this parameter, was used. It was found
convenient to fit a power law to this curve, the power law being valid for
Reynolds numbers between 2 x 10 4 and 10 5. This power law is

Tv _ .09} (82)
%&Uz - (Re)o.zsz
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where the gas flow Reynolds number, Re, is giv

en by

Re — 4&}%5—3} 40_55-83 (83)
SUMMARY OF EQUATIONS
Condensate Flow (along one wall)
_ ps* (o __g_(ie_
= 4 (2 3 dx) (84)
Energy Equation
__C!I_T_ —_ K (-Esat "_rw) (85)
dx s hpg
Momentum Bquation for Gas Flow
dp . 1q2 48 _ _g 44 86
(b-5) $& =R U* 5 v 2U%, (b-8) 5 (86)
Continuity
QUob =SU (b—8) +T (87)
Shear Stress Relation
| 2 c.091l
I« = —Z"S:%,U (4{3(1:-8))"'252 (88)
Vg

These five equations may be used to
duct of the five unknown variables, 77, § s Ty

DIMENSIONLESS FORMULATION
Before proceeding with the numerical

tions, it is useful to formulate the problem i
The local gas velocity is normal

determine the

- and\J .

variation along the

solution of the preceding equa-—
n terms of dimensionless variables.

condensate flow rate with respec
layer thickness and the distance
spacing. The pressure and ghear
dynamic head at duct entrance.

it is dimensionless, there follo
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ized with respect to the inlet veloeity, the

t to the inlet gas flow, and the condensate
downstream from the inlet by the channel half-
stress are normalized with respect to the gas

Using the bar above a variable to indicate that
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U - U/Uo

7 -TAub
§-%
- g, 02

P-7ou2

In terms of these dimensionl

ess variables, the governing equations may
be written in the following form:

Condensate Plow

P pUb8” [T § Ee_) = (%)(3)3 T _ 5
m= (4 e(dx)—(v‘)vs a
Energy Bquation (89)
477 _ K(Tsat--rw) — K(Tsat-To) )__I__ (50)
dX = PUobhys hreg #¢ \Ueb/ 3 '

Momentum Relation for Gas Flow
(,_g);f: 20* 42 7, -4u(-$ 5) <% (51)
Continuity
1 :U (| ‘E)'l']:’ (92)
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Shear Stress Relascion

A
) o.0811 U
’T; =

W’—%;’L) G(I—E)}o'zsz (93)

Wote that the numerical solution of the above dimensionless equations requires
the specification of the initial wvalues oF the dependent variables; i e.,

=~
1

= 0O [»]

o Xl

=0

D1
1l

Pe
- 1

Tn addition, the solution will depend on the values of the following dimension—
less parameters:

A= 4K(Tsat‘Tw‘)_ — 4K(‘rsat‘—r;\f) /“‘) (94)

heg e C h?g/”- C Aa
-~ Usb
B - % ( ‘\)G) = T (95)

4U.b
C- e (96)

The “imensionless number C is the Reynolds number of the gas flow at the tube
entrance. B is the gas flow Reynolds number multiplied by the ratio of the
kinematic viscosities of gas to liquid (or & liguid flow Reynolds number). A is
a condensation number (k[Tgat — TW]/hfg it } divided by the gas flow Reynolds
number and multiplied by the ratio of viscosities of the liquid to gas.

The solution may be written in functional form,

{p. 7, 0,5} = p{xr 2 (4)(3), Kl pon

Tor a given fluid {with known properties), a solution may be obtained when the
duct half-spacing b is specified, the inlet gas velocity U , the inlet pressure
level Py , a2nd the saturation to wall temperature difference (Tsat - TW) are
known.
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KETHOD OF SOLUTION

Using the definitions (94), (95), and (96) in equations (89), (90},
(91), (92), and (93), the system of equations to be solved is

= 22 [ $ [dB

Foed (R - & (ER) (58)

'j—g*-= -?—- (99)
0-9--20"§ -%-40(-9 47 (100)

1 -00-8)+7 (101)

> _  _oc.08110*
(C [-_-] (!FE))O.ZS-Z

(102)

The initial condition on the condensate layer thickness is § =0 at
x = 0. From (99) above, it may be seen that initially the rate of growth of the
condensate layer is infinite, and consequently numerical procedures are not
appropriate. Since the condensate flow rate will depend mainly on the shear -
stress ¥, when § is small, an analytical sclution may be used to calculate Y
and 7 for_small values of 9 y then a numerical scheme adopted for larger
values of § .

g The gtarting solution is obtained from equations (98) and (99), assum-
ing T I% 1s negligible compared to Ty /4, and that T’y remains
nt at its ini

consta tial value, which from equation (102) is

) 5 s
From (98)

i~ (Bl (a1
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From (99)

T A
d)_( — g (105)
Therefore
G2 d§ 2A 2 \ A 0.252
—_— = = = —_ 106
§ d % B(Z,) k<o (o.osu) B (C) (106)
and |
~3
S _(__2_. A °.252 & 0
3 tD.C)SIl) B (c) (107)
since § = O when x = O,
-3 AS'((C)O'QH - A X /3 o084
) =65.8 —“B—'-'— 3 8=4o3(—§—) C
(108)
The dimensionless condensate flow rate per unit depth of channel is
ot 2 ! ~0.08
I =0.37I A/S B/3C o.o8® (109)

Once the starting values of § and I’ have been obtained from the
above analytical soluti

on, the solution is continued numericzlly.
values of § and 7 =t the peoint x = xp, & value of
is estimated. The value of 7 at x

Given the
approximation to equation (99).

at the point = = 4
%1 is calculated from a finite-difference
n-nR _ 2A
Rl* xo S¢+§l
with /7 and &,
the value of

(110)

known, the value of U, is calculated from equatio
v, from equation (102).

n (101) and
An approximate value of 5L=_
may be obtained from the finite~-difference formula
ds_
d

d X

o

]

o

b O
b4l
H

' [

a
(]

The value of

d X may be obtained from equation {101) by differentiation.
Enough information is unow available to calculate 4B

B from equation (100).
4%
The calculated and estimated values of T, , § , and

.g.é_—- are
d X
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substitutgﬁ into eguation (98) and a value of f; at x = xq is found. If the
value of J7, resulting from this cyele of computations, does not agree with

the value found from equation (110), then the process is repeated with an im—
proved guess for § until sufficiently good agreement is obtained. This rrocess
is continued until the solution is obtained up to complete condensation.

4t each step in the numerica?l procedure, a check should be made that

the wall shear stress is below the value assumed as the criterion for transition
to turbulence; that is,

%.. s\4os(:§-)2

or in dimensionless form

> . T . 2810 P
T RRUE T (BE)? (96) (111)

In order to illustrate the use of the preceding analysis, a numerieal
solution has been obtained for the following values of the dimensionless para-
meter, A, B, and C.

(1.62) (10“5)

A =
B = (4.76) (10%)
C = (1.57) (10°)

ft/sec) Freon vapor entering a
inch. The saturation to wall

These values apply for a low-velocity (about
two-dimensional duct with a spacing of about
temperature difference is about 35 degrees F.

5
1
2

4 numerical solution has been obtained up to X = 800. These numerical
results are tabulated in Appendix 4, and the variations of some important
physical quantities are shown in Figure 43, At a distance from the duct inlet
of 800 half-spacings, only 26 per cent of the inlet vapor has condensed.

The application of the criterion previously discussed would indicate
transition occurs far downstream since the film Reynolds number at this
point is in excess of 2000, If a film Reynolds number of 1000 is eritical,
then transition should occcur at ¥ = 300. More study of this point is required
to fix the transition criterion; however, these results point out the practical
importance of a turbulent film condensation solution. The rate of condensation
may be expected to be more rapid for turbulent than for laminar film condensation.
An extension of this work would result in a better understanding of condensation
in pipes in a gzero-gravity environment. It is premature to predict any new
equipment concepts from such a study.
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To
Tv

¢

in

deg?
deg F
degF

ft/sec
in

BTU/1b

BTU/hr-ft-degF

1bs/=q in
ft/sec
1bs/br-F1
in
1bs/hr-f1
1bs/hr-f1t
sq ft/hr
8qQ ft/hr
lbs/cu Tt
1bs/cu ft
lbs/ft

1bs/sq £t
1bs/sq Tt
1bs/sq £
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LIST OF SYMBOLS

Dimensionless parameter —

Ak[Tsat_Tw] (/A)
hfg/u C /0(6 -o
Dimensionless parameter — —E—-(——E)

4 \V

Dimensionless parameter — gas flow Reynolds
number at the tube inlet - 40eb

Vg
Equivalent diameter of the duct
Temperature

Saturation temperature
Wall temperature

Bulk velocity of the gas
Half-spacing. between the plates

Latent heat of wvaporization

Thermal conductivity of the condensate
Pressure

Velocity within the condensate layer
Condensate flow rate per unit depth
Thickness of the condensate layer
Viscogity of the condensate

Viscosity of the vapor

¥inematic viscosity of the condensate
Kinematic viscosity of the wvapor
Density of the condensate

Density of the vapor

Surface tension at the condensate-vapor
interface

Shear stress

Shear stresse at the duct wall

Shear stress at the condensate-vapor interface

Denotes a dimensionless function of the gas
Reynolds number
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SECTION IX

EXPANDER STUDY

In a conventional vapor cycle, liquid refrigerant from the condenser
is expanded at constant enthalpy through a constant-pressure or constant-enthalpy
expansion valve and then fed to the evaporator. The expansion, which occurs
from the high condenser pressure to the relatively low evaporator pressure (allow-
ing for losses) is irreversible and produces no work. For such an ideal vapor
cycle shown in Figure 44, the coefficient of performance is given as

h, - h
cop = 21 (112)

h4 - h3

The replacement of the constant enthalpy expansion process by one which is isen-
tropic has two beneficial effects on the performance of the vapor cycle: first,
the enthalpy of the refrigerant entering the evaporator is decreased, thereby
increasing the total refrigeration effect available in the evaporator, and con-—
sequently decreasing the refrigerant flow rate; second, the work output of the
isentropic expansion may be used to diminish the net work input to the vapor cy-
cle. The isentropic process and increased refrigeration effect are shown in
Figure 44 as 1 = 1! = 2, The coefficient of rerformance may now be expressed as

COP = h3-h1l - (hB-h1)‘+(h1—hT')

. (113)
(B, - hy) - (B = h,) (by = b3) = (b = h,,)

However, since the increase in the evaporator capacity is
Obo= (b - hy)

we may write

(h3—h1) + Ah

(h4—h3)- Ah

COF =

(114)

Expanders have not been used in vapor cycles for several reasons.
Pigure 45 shows the coefficient of performance of a Carnot cycle, a vapor
cycle using isenthalpic expansion, and a vapor cyele using isentropic expan—
sion. The refrigerant is Freon 11, and an evaporator temperature of 50 deg-
rees F was used. The compressor efficiency was taken as 60 per cent, and the
efficiency of the expansion process was taken as 100 per cent (ideal}. At small
"lifts", that is, when the temperature difference between the condenser and
evaporator is small, e.g., 100 degrees, the gain in the coefficient of per-
formance is slight, so that the development of an expansion machine can not
be justified. TFor example, at a condenser-evaporator temperature difference
of 100 degrees (Figure 45), the increase in coefficient of performance ob-
tained by replacing an isenthalpic expansion by an isentropic one is only about
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18 per cent. However, at a temperature difference hetween condenser and evap-
orator of 200 degrees F, the increase obtained is 50 per cent, and the develop-
ment of an expander appears much more attractive.

The effort in this study was directed toward an analysis of the
performance gains to be achieved by the addition of an expansion engine %o a
vapor cycle operating at the temperature limits given in this study. Three
other variations were included. The first consisted of a cycle where the
benefits of the expander appeared only as an increase in the evaporator cooling
capacity and the work output of the expander is not utilized to diminish the net
work input into the system. The second consisted of the basic sysienm {vapor
cycle with throttle valve) with a superheater-subcooler added to =zuperheat the
refrigerant vapor from the evaporator by subcooling the liquid refrigerant
from the condenser. The purpose of adding the superheater was to provide com-—
parison with an accomplished method of increasing the coefficient of performance.
The last variation was one where both an expansion engine and a superheater were
included in the system. The systems investigated were:

1. Basic system with throttle valve and no expansion machine or
superheater.

2. System with expander, where the expansion work is not utilized.
3, System with expander, where the expansion work 1is utilized,
4. System with superheater—subcooler, no expander.

5, System with superheater and subcooler, where expansion work is
not utilized.

€., System with superheater and subcooler, where expansion work ia
utilized.

The systems were analyzed for Freon 11 and for a capacity of 1000
BTU/min. The results of the initial study, which was performed for an evaporator
temperature of 40 degrees F and a condenser temperature of 150 degrees ¥, are
shown in Table 1:. The compressor efficiency was assumed to be 60 per cent, and
a 695-per cent efficiency was assumed for the expansion machine.

Table 3 indicates that for a 110-degree difference between evaporator
and condenser, an expander provides no distinct advantage. The coefficient of
performance increases by only about 9 per cent, and the decrease in compressor
gize is only about 3 per cent. Such a small increase in performance at these
temperatures does not justify either the develovment of an expansion machine or
the weight penalty involved when the throttle valve is replaced with such a
machine. Another factor that must be taken into account, in the light of the
very small gain in performance thet is obtained, is the addition of another
rotating component to the system and the effect of this addition on the over-
all reliability of the system. About 35 per cent of the COP increase shown in
Table ! is due to the increase in the refrigeration effect obtained in the
evaporator, while the remainder of the reduction is due to the expansion work
supplied. This indicates immediately that very little gain in performance 1is
possible unless the expansion work is utilized.
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For the small temperature difference between evaporator and conden-
ser (110 degrees), a superheater-subcooler provides greater benefit to the
vapor cycle than does an expansion machine, Although the increase in coefficient
of performance is small, Superheating prevents liquid intake into the compressor
and ensures that only liquid enters the throttle valve. Although the evapora—
tor refrigeration effect increases, this is offset by the higher compression
work due to superheat.

For the cycle under consideration here, there appears to be no ad-
vantage to using an expansion machine instead of a throttle valve between
evaporator and condenser temperature limits of 40 degrees F and 150 degrees F
respectively.

:

The second group of systems investigated was similar to that above,
except for a difference in condenser and evaporator temperatures of 210 degrees
{condenser temperature 250 degrees P, evaporator temperature 40 degrees F).

The assumptions were the same as those used previously; the calculations were
performed for a range of efficiencies for the expansion machine, and several

a throttle valve. An expander with 80 per cent efficiency gives a COP ine-
crease of 42 per cent. There appears to be no advantage %o using an expander
instead of a superheater unless the expansion work is utilized to decrease the
net work input to the compressor, A superheater-sutcogler will incressne the
COP by 23 per cent over the basic eycle with throttle vaive. Tables 14 and 15
give some actual caleulated values.

Figure 47 shows the effect on eycle COP of including both an expan-—
sion machine and a superheater-subcooler to the cycle. When both an expander
and a superheater are used in the system, and the eéXpansion work is utilized,
the system is Penalized at all values of effectiveness other than zero. 1In
other words, the maximum coefficient of performance obtained with an expander
where the work is utilized may be increased no further by the addition of a
superheater-subcoocler. In fact, as Figure 47 shows, the COP decreases with
inereasing superheater effectiveness. As the Superheater-subcooler effective-
ness increases, the gxpander operates increasingly in the subcocled liquid
region, while the vapor enters the compressor at higher degrees of superheat.
The increase in amount of useful work obtained as one broceeds further into
the subcooled liquid region is not sufficient to balance the increase in work
input to the compressor due to vapor superheat, and the net effect is one of
decrease in COP. These relative effects are a function of the particular re-
frigerant used, and may not be of the same magnitude in all cases.

rended to determine turbine characteristics for a particular case. In a vapor
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cycle with a condenser temperature of 250 degrees F and an evaporator tempera-
ture of 40 degrees F, it ig proposed to replace the throtile valve by a tur-
bine with a 60-per cent adiabatic efficiency. This substitution results in a
theoretical increase in the COP of 30 jser cent and reduces the refrigerant flow
rate by about 15 per cent, thereby reducing the size of all other components in
the system. For an evaporator heat load of 4000 BTU/min, the turbine diameter
was 2.5 inches and the speed was approximately 45,000 rpm. The refrigerant
enters the turbine nozzles in the saturated liquid state and leaves the nozzles
ag 2 mixiure with a liquid fraction of about 50 per cent by weight. A turbine
with an efficiency of 60 per cent is more realistic than one with an efficiency
of 100 per centj however, the former may still be somewhat high.
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TABLE 13

SUMMARY OF NUMERICAL RESULTS

SYSTEM

Basic System

System with
Expander

System with
Expander
(Expansion Work
Is Not Utilized)

System with
Suction-Liquid
Heat Exchanger

Pressure
Enthalpy
Diagram

A

Temperature
Entropy
Diagram

Refrigera-
tion Effect

BTU/1b

58,09

59.54

59.54

63.35

Compression
Work
W
BTU/1b

26.49

26.49

26,49

26.08

Condensa-
tion Head

BTU/1b

84,58

84,58

84.58

91.43

Refrigerant
Flow Rate
Wy

L 1bs/min

17.25

16.75

16.75

15,78

Compressor
Volume
Vi
cu ft/min

93.96

91,14

91,14

93.33

Coefficient
of

Performance
CCP

2.19

2.38

2.25

2,25
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TARLE 14

YAPOR CYCLE SYSTEM WITH EXPANSION MACHINE

TNCREASE IN COP WITH VARYING EXPANDER EFFICIENCIES

Evaporator Temperature = 40 deg F

Condenser Temperature = 250 deg F

Expander Refrigerant Compressor cop copP

Efficiency Flow Rate Volumetric Flow Work Not Work
Dt {(1vs/min) Rate (cu ft/min) Utilized Utilized

Ho Expander 29.05 158.1 0.777 e

10 28.35 15443 0.797 0.812

20 27.9 150.8 0.815 0.847

30 27.0% 147.3 0.835 0.885

40 26.45 144.0 0.854 0.925

50 25.85 140.8 0.873 0.964

60 25.3 137.8 0.892 1.008

70 24.9 135.0 0.911 1.052

80 24.25% 132.0 0.931 1.100

90 23.78 129.4 0.950 1.148

100 23.34 127.0 0.969 1.200

WADD TR 60-776 148



TETRTT A

R

VAPOR CYCLE WITH THROTTLE VALVE AND SUPERHEATER

TNCREASE OF COP WITH VARYING SUPERHEATER EFFECTIVENESS

TE = 40 deg F
TC = 250 deg F
Superheater Refrigerant Compressor
Effectiveness Flow Hate Volumetric Flow
& (1bs/min) Rate (cu ft/min) cop
No Superheater 29.05 158.1 0.771
0.109 26.75 153.2 0.818
0.216 24.75 148.5 0.843
0.322 23.05 144.0 0.869
0.426 21.55 140.1 0.894
0.526 20.2 136.0 0.921
0.606 19.32 133.9 0.937
0.726 18.05 130.2 0.965
0.856 16.83 126.7 0.986
1.00 15.68 123.3 0.998
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Temperature

Entropy

FIGURE &4: CONSTANT-ENRTHALPY EXPANSION VERSUS

CONSTANT-ENTROPY EXPANSION IN A VAPOR CYCLE
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SECTION X

WICK MATERTALS STUDY

One method of solving the vapor-liquid separation problem in a zero-
gravity environment is to utilige surface forces which are not dependent on the
gravitational field for itheir existence. The adhesive attraction that liquids
exhibit for solid surfaces constitutes such a force. The actual configuration
of a heat exchanger using surface forces for vapor-liquid separation is still
open to question. One method is to fill the liquid side of the heat exchanger
(evaporator) with groups of fine capillary tubes through which liquid is fed by
capillary acticn to the heat transfer surface. Only that amount of liquid re-
quired for the specified heat transfer rate by boiling is fed %o the. surface.

No excess liquid is present at the heat transfer surface, so that the possibility
of 1liquid entrainment in the vapor is kept to a minimum., TIn the case of the
evaporator, vapor exit passages must be designed carefully in order to prevent
any free liquid leaving the evaporator. TFibrous wick-type materials may be used
for the same purpose as straight capillary tubes. These materials may be con-
sidered as composed of randomly oriented capillary tubes of varying diameters

and lengths. Application of wick materials to condensation is somewhat more dif-
ficult than the corresponding application %o evaporation. One method would bhe

to install a plug of wick material filled with licuid condensate; fresh conden-
sate would enter the plug on the condenser side and would be removed continu—
ously at the opposite end of the plug. The liquid-filled plug would provide an
effective vapor barrier and could be designed to condense any vapor not already
condensed on the main condenser surface.

There is practically no information in the literature about the
specific problem here. There ig information on flow through porous media, and
in some cases heat transfer through such media, but the results cannot be
extrapolated easily to provide any useful data for the current problem. Sur-—
face phenomena are not always explained easily, and results of experiments in
surface tension and capillarity are very often nonreproducible. Cyclic hydra-
tion and dehydration of a material give different values for measurements of
capillary and flow phenomena at the same points in each cycle; hysteresis is not
uncommon in surface-active materials.

Before designing any heat exchanger using wick materials for liquid
feed or liquid removal, it is necessary to understand the underlying fluid
mechanics and heat transfer phenomena which govern transfer brocesses in these
materials. A basic approach was necessary in order to draw general conclusions
about the behavior of wick materials for liquid storage and liquid transfer
processes, so that the optimum material could be selected for a given space
vehicle application. Since, for the evaporator and condenser applications, the
heat transfer processes would not occur directly within the wick material, the
initial emphasis in the study was placed on fluid mechanics processes in the
selected materiale; these fluid mechanies processes would control the heat
transfer processes and would be the limiting factor in any heat exchanger.

SELECTION OF MATERIALS

There are several criteria which must be satisfied for the selection
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of wick materials for this application:

1'

Te

The storage capacity of the material for the refrigerant {weight
of refrigerant per unit weight or volume of material) should be
high.

The capillary rise against gravity of the 1liquid in the material
should be high.

The rate of rise of the liquid to the height in (2) should be high.
The material should have a low density.

The material should retain dimensional stability when immersed in
the ligquid. It should not react chemically with the liquid.

The material should be easily wetted by liquids; this requires
that the contact angle between the surface of the material and the
liguid be less than 90 degrees.

Within the given operating range, the material characteristics and
surface behavior should be independent of temperature.

Twentty-five materials were selected and these were tested initially
to eliminate those materials which were unsuitable for the present application.
Although water is not a selected refrigerant in this study, it was considered
to be an adequate fluid for all the tests on wick materials in this study.
However, before any final design of a wick evaporator may be made, the selected
group of materials must be tested with the Freon refrigerants. In general, the
primary application was considered to be for the evaporator, although the opti-
mum material for the evaporator would be egually applicable to the condenser,
providing that temperature dependence did not alter the performance of the
material. The following variables were measured for all materials. The
measured values are shown in Table 11,

1.

2.

3.
4.
5.

6.

Te

Density of the dry specimen.

The maximum height to which water rose in the dry specimen against
gravity, and the time to reach this height.

Rate of rise of water in the dry specimen against gravity
Density of the wet specimen.

Ratio of wet to dry volume, wet to dry weight, and wet to dry
density of the material specimens.

Maximum water absorption per unit weight of material.

Maximum water absorption per unit volume of material.

Tn addition to the tests listed above, specimens were checked for deterloration
after they had been wetted and then dried., The rate of evaporation of water
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under atmospheric conditions from wet specimens both with and without a water
supply from the bottom of the specimen was also measured. The continuous

water supply to the specimen was arranged by keeping % inch of the length of

the specimen at the bottom immersed in water. If a specimen dries out in the
atmosrhere, even when a continuous supply of water by capillarity is ensured,
the material will probably not be adequate for use in a heat exchanger. The
rate of rise of water in the specimens is shown in Figure 48, Figure 49 shows
the weight decrease of specimens as a function of time when evaporation takes
place with a liquid supply at the bottom of the specimen, while Figure 50 shows
the results for evaporation from wet specimens without any water supply. On the
basis of the tests described above, the six materials listed below were selected
for further experimentation:

1. Silica Vitreous Fiber Batt
2. S8ilica Vitreous Fiber Bulk
3. Cellulose Sponge

4. Wicking Felt No. 7544%

5. Wicking Felt No. 7545

6., Wicking Felt No. 7546

The results of further tests on these six materials are reported in Table 17,
which also includes the results of the previous tests on these materials reported
in Table 164.

The silica fiber batt** has the highest water absorption per unit
weight and the lowest water absorption per unit volume of the six materials. The
vertical rise of water in dry batt is quite rapid, but uneven, and the maximum
height of rise is 1.5 inches. Measuring the rise of water in wet batt is
somewhat more difficult. This was done by coloring the water slightly with
potassium permanganate. The effect of adding potassium permanganate to water,
if any, would be to lower the surface tension. It is interesting to note, how-
ever, that the rise of water in the wet specimen was to a level of % inches.
This result is not unusual in the light of the characteristics of surface
phenomena. A dry material presentis a completely different surface to z liquid
than a material which has already been wetted. '

The silica bulk material haz a water” absorption equal to about 25 per
cent that of the silica batt, and a water absorption rer unit volume which is
approximately 45 per cent higher than that of the batt. The capillary rise of
water in the bulk material is to a height of approximately 6.5 inches, and the
rate is greater than that for the silica batt. In some bulk specimens, the

*All felts used in this study were provided by the American Felt Company,
Glenville, Connecticut.

¥%*The standard product is composed of Si0g (about 96 per cent) with the remainder
consisting of the oxides of iron, aluminum, titanium, calcium, boron, and
other metals. The material is composed essentially of vitreous fibers and is
avgilable in a series of forms for use in high temperature applications.
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maximum height of rise was even greater than 6.5 inches.

Both types of silica fiber appear to have no dimensional stability and
need internal support when wet. The batt material collapses under the weight of
the absorbed water, with a substantial decrease in the thickness of the material.
Measurements on the bulk material were made by packing a glass tube of large
diameter with the material. Although both forms of silica appear to be stiffer
and more brittle after the wet specimens have been dried, no appreciable
deterioration of the mdterial was observed.

The cellulose sponge has a high water absorpiion per unit weight and
s low water absorption per unit volume which is comparable to the silica batt,
The highest capillary water rise for this material was 7 inches, which was the
height of the largest sample obtzined. It is probable that the maximum capillary
rise for a larger sample would be higher. The dimensional stability and rigidity
of the sponge are superior when compared to the silica specimens. Wetting the
material and drying it several times cause only minor changes in the physical
structure.

The three Telts selected for further testing were three of the wicking
felts manufactured by the American Felt Company, Glenville, Connecticut, Nos.
7544, 7545, and 7546. The grade 7544 is manufactured in both an untreated and
treated (acid—neutralized) version; the latter exhibits superior behavior for
this application. The three materials are guite similar in their behavior. The
volues for water absorption per unit weight are of the same order of magnitude
for each felt, and are approximately equal to the values for the silica bulk
fiber, but less than those for the batt or the sponge. The values for water
absorption per unit volume for the felts are approximately 20 per cent higher
than those for the silica bulk fiber and the cellulose sponge, and about twice
as high as that for the silica batt, Felt No. 7544 (treated) showed the highest
capillary rise for the three felts——5.75 inches, which was also limited by the
height of the available sample.

An interesting phenomenon was observed during the testing of Felt No.
7545. An initial determination of capillary rise showed a very low height for
water. The material was then dried and the test for capillary rise was repeated.
In the subsequent test, the water rose to a higher level in a shorter time.
The tests were repeated until the maximum rise remained the same for consecutive
tests and the time required to reach this maximum level remained the same. Felt
¥o. 7544 was then tested in a similar manner. As indicated previocusly, water
rose to the maximum height in the first test. In subsequent tests, the water
still rose to the maximum height. However, the time of rise was less for the
second test than for the preceding one. For the fifth test, the time to reach
the maximum height was still less than that for the first test, although the
time was increasing. PFelt No. 7546 was not available initially and hence a
smaller number of tests have been reported for this material. )

All three felts have excellent dimensional stability and rigidity.
They can be cut to fit any shape and may be manufactured in several forms. The
three felts have higher densities than most of the other materials investigated.
Tmmersion in water or water flow through the material did not alter their shape
or appearance., When ordinary tap water is used for the experiments, the felis,
which are ordinarily ivory-white in color, tend to show some brown discoloration
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after several days of testing. This discoloration is probably due to bacterial
degradation of the wool fibers, and is not noticed when distilled water is used.
The transient behaviour described above indicates that wick materials may under—
go considerable fiber rearrangement before some steady-state rerformance charac—
teristics are obtained. It is obvious that for a space vehicle mission of any
duration, it is important to have detailed information about both the transition
and the steady-state behavior of these materials. A thorough understanding of
capillarity in wick materials is not only necessary for the application of

these materials to heat exchangers operating under zero gravity, but may also
provide information which may be used to design and manufacture opiimum materials
for this application.

An additional material which may be applied to this problem is a sub-
stance called "Liquid Lock". Measurements on this material, which is based on
silica fiber, have been made by the Stewart-Warner Corporation. The information
reported is not extensive, but it is claimed (1) that the material has a water
absorption of 15.45 pounds water per pound of dry batt material and 1.16
pounds of water per pound of material in staple weave form. The capillary rise
of water in the material is rapid, reaching a height of 5 inches in about 2
minutes. No samples of this material were available,

CAPILLARY PHENOMENA IN WICK MATERTALS

A simple method of gimulating capillary phenomena in wick materials
is to study capillarity in tubes of small diameter, A well-known fact is that
when a length of small diameter tubing, open at both ends, is placed vertically
with one end immersed in a 1iquid contained in a reservoir, the level of liguid
in the tubing will either rice above or sinl. below the level of liquid in the
reservoir, It is not proposed to discuss capillarity in detail here. Such dig—
cussions may be found in the literature (2, 3, 4), The relative magnitude of
the forces of cohesion and adhesion between the liquid in question and the solid
surface with which it is in contact, determines the curvature of the surface
and whether the liquid rises or sinks below the level in the reservoir. A
pressure difference exists across the curved liquid surface in the tubing and is
given by 2 G’/R, where @ represents the surface tension of the liquid and R the
radius of curvature of the surface. For equilibrium to be established,

.EéZL = ? gh (115)

where h is the capillary rise. Tor a spherical meniscus

R = r

cos @

where r is the radius of the tube and 8 is the angle of contact between the
liquid and the solid surface. By substitution,

2 @& cos 8 (116)

TE

The liquid rise in wick materials is similar to that in a capillary tube, but
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is a far more complicated case. As mentioned previously, a wick material may be
considered to be composed of a group of randomly oriented capillaries. The time
that a liguid takes to reach an equilibrium height in a wick material is, how-
ever, greater than that for the same liquid in a straight tube. In the former
case, the liquid has to travel through a large number of small passages oriented
in all directions. The height to which the 1iquid rises is a function of the
surface tension of the liquid, the contact angle between the liquid and the

solid surface, the radius of the passage, the liquid density, and the gravita-
tional acceleration. The surface tension of most liguids may be found in the
literature; the contact angle may be determined by using surface tension measure-
ments made by two methods, one of which is dependent upon, and the other is inde=-
pendent of, the angle of contact. Two examples of such methods are the capillary
rise and bubble pressure methods of determining surface tension. The radius of
the passage must be determined either independently of other variables, or, if
all other variables are known, may be determined from 2 surface tension experi-
ment.

One explanation for the variation in the maximum height of rise of
water in the felt materials is that wool felt materials tend to swell inter-
nally when soaked in water. Hence soaking a material would tend to reduce the
radius of the flow passage and would improve capillary action. If the fibers
were not completely elastic, they would not return to their original formation
on drying, so that the original capillary rise could not be reproduced. The
smeller radius of a flow passage would account for the increasing capillary
rise in each succeeding experiment. When a wick material is dry, the contact
angle between the solid surface and the liquid would have a characteristic
value. However, once the material is completely wet, the contact angle is
theoretically zero, since it may be assumed that a thin film of the 1liquid coats
the entire surface. The smaller contact angle may then account for the fact
that the liguid rises to a higher level in a material already wetted by the liq-
uid than in a dry material.

In the expression for capillary rise, the gravitational acceleration
appears in the denominator. Theoretically, in the zero-gravity environment, one
would expect an infinite capillary rise in an infinite capillary tube. In a
finite tube, however, the liquid would rise only to the end of the tube, and
perhaps slightly beyond. Once the liquid rises outside the tube, the directicn
of the surface forces changes, and the liquid would start to flow back. It is
conceivable that an oscillatory motion with decreasing amplitude would be estab-
lished at the end of the tibe.

FLOW IN CAPILLARY TUBES

In order to gain a fuller understanding of the flow of liquids through
wick materials, it was decided to first study the flow of liquids through capii-
lary tubes. Liquids may travel through tubes or materials Dby capillary action
only or by forced flow due to an imposed pressure. The flow of a liquid through
a capillary tube is given by the Poiseunille equation,

AP A
=%

L L

;- By) =K (117)
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where Q is the volumetric flow rate, R is the inside diameter of the tube, Py
and Pp are the pressures at the ends of the tube,}/( is the viscosity of the

liquid, and L is the length of the tube.

The test apparatus for capillary flow is shown in Figure 51, A glass
capillary tube & inches long and having a nominal inside diameter of 0.5 mm was
used in a horizontal position initially, The glass tube was connected through
a 0.25~inch plastic tube to a constant head water tank, and the discharge rate
was measured for a given difference in head between the constant water level in
the tank and that of the water in the capillary tube. With the tube in the hori-~
zontal position, a head of 10 mm of water had to be established before discharge
from the tube occurred. With the tube in the vertical position, no such lag
in the initiation of flow was obtained. The effect of gravity and any deviation

in Figure 52, The experimental values for flow are much higher than the calcu~-
lated values. Uhfortunately, the tolerance limits for the glass capillary tubes
which were available were quite poor; for the tube used, the diameter of the
bore was 0.5 mm 0.25 mm. Since the radius appears to the fourth power in
Poiseuille's equation, the variation in bore diameter is sufficient to explain
the deviation between the observed and calculated values for flow. The values
shown in Figure 52 were reproduced several times within the accuracy of the
measuring technique.

Following the tests with the positive pressure heads, the constant-head
water tank was lowered until the level of water in the tank was below that in the
capillary tube. These experiments were also carried out with the tube in both
the vertical and the horizontal positions. Starting with the levels equal, no
flow from the tube to the tank occurred until a (negative) head of ~40 mm water
was reached, There was some difference again in the flow with the tube in the
horizontal and vertical positions. 1In the vertical position, ne flow or move-
ment of water is observed until a head of -40 mm of water is reached. In the hor-
izontal position, when a head of =25 mm is reached, the meniscus begins to retreat
in the tube, but stops after moving a short distance. At -40 mm, the water
flows out from the tube in the tank, as in the vertical case. The flow lag for
the horizontal case may be due, again, to the effect of gravity on the meniscus,
and any deviation of the tube angle from the horizontal position. Tt is inter-
esting to note that the head of -40 mm of water is the level to which water will
rise by capillary action in a tube with an inside diameter equal to 0.5 mm,

The pressure difference scross =a curved liquid surface has been

shown to be equal to 2 & /R, and in a capillary tube of radius r, this pressure
is

P - 2 o cos O (118)

r

This pressure difference may be considered as a force per unit area which pulls
liquid up a capillary tube until the force is balanced by the weight of liquid
below the curved surface. TFor equilibrium, as before,

2 < cos @

r

=Pgh
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This "pulling' force may be considered to he the force whiech holds the liquid
in the tube under negative pressure heads. Flow beginc when the absolute value
of the negative pressurs head exceeds this pulling force.

Figure 53 shows the change in meniscus shape due to gravity, the flow
versus pressure head schematic, and the variations in meniscus radius for hori~-
zontal tubes., For vertical tubes, no flow lag occurs at positive heads and
gravity has no effect on the meniscus shape.

FLOW IN WICK MATERTALS

Since wick materials may be simulated by groups of capillaries, flows
through the passages of wick materials are effected by the same forces as those
which effect flows in capillary tubes. Hence, flow and pressure head may bhe
correlated in wick materials Jjust as in capillary tubes, The constants appear-
ing in the equations

AP AH
Q=K s Q = I (112)
17, 3 K, )

are a function of the wick material and the liquid. Theoretically, the values

of the constants may be determined by measuring the flow rates of liquids through
wick materials for varying pressure hesds. Then, if the Q versus A H curve is

a straight line,

K, = L tan (120)

where tan o is the slope of the line and L is the length of the wick specimen.
The apparatus constructed to perform such an experiment is shown in Figure 54
Tnstead of a capillary tube, a glass tube with an inside diameter of 0.25 inches
or greater was packed with a measured length of the specimen of wick material

to be tested.

Preliminary tests indicated that the flow rate of water through a wick
material under a constant pressure head decreases with time. This disturbing
fact (if true for all combinations of wick materials and liquids) is of primary
importance in the performance of wick materials, where mission duration is of
any magnitude. A correlation based on an equation such as Q = A E/L is no
longer possible, unless scme steady-state behavior is obtained. ~It was the ob-
jective of the rest of the experimental program to classify this behavior, and
to determine the point at which steady-state operation may be obtained.

Some of the initial results of the tests were quite contradictory. The
flow rate decreases with time in a gsemiexponential manner. The same effect was
observed when the specimen was soaked for a long period prior to the tests, If
the specimens were kept in the tube for about 12 hours, without any pressure
head, but still soaked in water, the flow rate for an identical pressure head
after the twelve-hour period was observed to be higher than that corresponding
to the previous value at the same pressure head. This flow would then proceed
to decrease with time. In the case of the sponge, a higher pressure head re-
sulted in a lowsr flow rate, which is a completely contradictory effect. It is
possible, however, that this effect was caused by channeling in the wick material
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which may be due to nonuniform packing of the material in the glass tube.
Different samples of the Same material gave varying values of flow rates with
time. Care was taken to use samples in which the fibers were oriented to the
flow pattern in the same way, 8o that the last effect indicates the nonhomo—~
geneity of the material in a given direction. This factor is important for the
manufacture of any material for this application.

In order to improve the data, a second series of tests was planned
in which flow through the wick material was continued on a 24-hour basis. Each
specimen was measured, weighed, and packed carefully into the tube to prevent
any channeling of water through a free passage. Distilled water was used in the
apparatus as shown in Figure 54. The sample specimen was used and the flow rate
through the material was measured for pressure heads of 200 mm (approximately 8
inches), 400 mm (approximately 16 inches), and 600 mm (approximately 23,5 inches)
of water. The initial pressure was 200 mm of water, and the flow rate through
the material was measured several times during a period of 48 hours. At the
end of this period, the pressure head was raised to 400 mm of water, without
interrupting flow. The flow rate measurements were continued as before, and then
repeated for a pressure head of 600 mm of water.

Table 18 shows the physical data for the wick material specimens, and
Figures 55 tuv 60 show the decrease of flow rate with time. Even with a duration
of 48 hours, flow rates do not level off completely at a steady-state value,
although a plot on rectangular co-ordinates does show the approach to steady-
state operation., At the beginning of a 48-hour period, the flow rate increases
proportionately to the increase in the rressure head; however, at the end of
this period, the flow rate drops below that of the corresponding rate for the
previous run. This is not a contradictory effect as shown in the schematic in
Figure 61, If two identical samples of a given material were used, the speci-
men subjected to the higher pressure would give a proporticnately higher flow
rate at any given time. For example, in these eéxperiments, the flow rate at &
400 mm pressure after 48 hours a this pressure should be compared with the
flow rate that would have been obtained had the experiment with the 200 mm
pressure been continued for 96 hours. In some cases, the final flow rate is
quite small, and such materials would be unsatisfactory for the application
here. The experiment with Felt No. 7546 was continued beyond 144 hours; al-
though the flow rate does not continue to decrease as rapidly as before, com-
pletely constant flow rates were never attained, It is interesting to note that
for the first 100 minutes of operation the initial flow rate is fairly constant.

Several explanations may be offered (5) for the drastic decreases in
flow rate which were observed, some of which were large enough tc cause
the final rates to be a small fraction of the initial flow rate. The experiments
above consumed a considerable amount of time, and it was not possible to test
the hypotheses offered below. It is proposed, however, to continue these experi-
ments beyond the scope of this prograit,

It is a characteristic of wool fibers to swell when they are immersed
in water for more than a few minutes. Wicking felts such as those used in the
testis are made by compression of individual fibers or fiber bundles to form a
solid mat. When such felts are soaked in water for some time, individual fibers
swell and decrease the free flow area in the material, thus decreasing the flow
rate. In addition to the swelling of individual fibers, bundles of fibers
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swell internally, increasing the effect on the flow rate. The internal swelling
of the fibers does not result in any measurable increase in the dimensions of
the specimen. The swelling effect has also been noticed when wool felts are
used for filtration of particles in solutions, In some cases, the swelling is
sufficient to completely block any flow of liquid through the material. Another
effect about which very little is known, and about which nothing is reported in
the literature, is the effect of surface-active materials on small amounts of
dissolved gases in liquids flowing through these materials. Dissolved gases

are apparently released from these liguids during flow through the material, and
entrapped in the tiny pores of the material. These minute bubdbles form a "gas
Jock" which has been reported to prevent flow completely (5) even when the thick-
ness of the specimen was only 1/8 jnch. Unfortunately, this effect would be
particularly noticeable with water which usually contains some dissolved oxygen.
One way to check this hypothesis iz to use a liquid which does not tend to
dissolve any atmospheric gases or 1o desorb the water either by vigorous boiling
or other means.

Tt is evident that effects such as those reported above are of primary
importance in the consideration of any wick material for space vehicle heat
exchanger use, The little data that have been published on this subject have
been measured over short periods of time during which some of the above effects
do not appear. In the applications that are being considered here, where there
is an interplay between surface phenomena, fluid mechanics, and two-phase heat
transfer, it is necessary to use carefully controlled experiments when only one
or two variables are investigated at any time.

HEAT TRANSFER IN WICK MATERIALS

No actual heat transfer tests were performed since the major effort
was expended in studying the fluid mechanics behavior of wick materials. The
following discussion assumes that the flow rate through the wick material is not
time-dependent and that the material does not change its characteristiecs with
time.

It was shown previously that if the flow rate through the wick material
varies as the pressure head and inversely as the length (Figure 52}, then

AP AH
Q=X -
L} -

where @ is expressed in 1bs/min—sq ft, If the liquid is fed at one surface of
the wick material and evaporated at the other, and liquid flow is due to capil-
lary action only, the maximum flow rate obtainable is

- K —2 : 21
Yax = o (121)

where H is the height to which the liquid rises in ihe same material under usual
gravity conditions. The only resistance to flow is friction in the material, and
as long as frictional resistance does not overcome capillary action, flow will
continue. The maximum heat transfer rate obtainable is limited by the maximum
flow rate, so that
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= ¥ H 3 f1o0
(Q/A)max = £2-—£—-hfg (BTU/min-sq 1) {122)

where h is the latent heat of evaporation at the ligquid temperature and
pressurey; and assuming that the liquid is at its saturation tenperature for the
given pressure. If more liquid is evaporated then may be supplied by capillarity,
the wick will begin to dry out and the exit temperature on the air side will

rise, which is intolerable, Since K2, H, and he, are fixed for any given combina-
tion of wick material and liquid, the only methog available to increase the max—
imum flow rate and hence the heat transfer rate is to reduce the thickness

of the material,

The wick material in the evaporator serves several purposes. It
provides the necessary liquid feed to the heat transfer surface to maintain the
desired heat transfer rate without providing any excess of liquid which may be
entrained by the vapor and drawn into the compressor. The wick material acts
as a storage for the liquid refrigerant; the amount of storage capacity avail-
able depends on the thickness of the wick material. In cases where ligquid
feed by capillarity is insufficient to support the required heat transfer rate,
& pressure head may be imposed on the material to obtain the necessary flow.

Fisher (6) gives some information for an air-water evaporator filled
on the water side with the wick material known as Liquid Lock. Heat fluxes up
to 40,000 BTU/hr—sq ft were obtained. However, the correlations are not general
enough, so that extension to the current work is not possible. Allingham and
YMeEntire (7) have reported the results of some experiments on boiling coeffici-
ents in a wick evaporator, using a2 “Libby—-Owens—Ford Microglass unbonded 'B!
fiber" filled with water on one side, and o0il on the other. A schemztic of
their apparatus is reproduced in Figure 72, 4 correlation, similar to that of
Gilmour (8) was attempted for boiling from a wick-covered surface. The follow—
ing correlation is given in their paper:

. .2 =0,
) () () e (32
o, ¢ k 22 P
where G' = g and £ = porosity factor = 1 - P wick nd
A€ hfg ' e fiber

a/&  is the heat flux in BTU/hr-sq f1

h is the heat transfer coefficient in BTU/hr-sq ft-degr
cp is the liquid specific heat in BTU/lb—degF

k is the liguid thermal conductivity in BTU/hr—ft-degF

P is the absclute pressure in 1bf/sq ft

De is 2 dimension parameter
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K is the liquid viscosity in 1bf/hr-ft
P is the liquid density in 1om/cu £t
i) ;s the liguid surface tension in 1of/ £t

The applicability of the above correlation to the zero-gravity case
is open to serious guestion. With any wick material above the heat transfer
surface, there is the possibility of liguid feed to the surface by gravity. &
more Serious objection is to the dimensionality of the term (?Lé' ,.-"Pz) in the
above correlation. A8 given in Reference 7, the term is dimensionless only if
it is multiplied by the factor g/go. Since the tests in Reference 7 were nol
carried out at conditions different from g = Zo, the validity of the method for
calculating the exponent of the term ( fl S /Pk) and indirectly that of some of
the other constants is doubtful for the zero-gravity condition. In the few heat
transfer measurements in wick materials found in the literature, the time dura-
tion of the experiments is small, so that any variation in wick material behavior
with time would pass unnoticed.

There is little doubt that wick materials are applicable to the problem
of zero—gravity evaporators, and probably to that of zero—gravity condensers.
However, it is necessary to investigate the behavior of these materials under
as many as possible of the same conditions as they will encounter in space
vehicle zero—gravity operation. A fundamental approach from the standpoint of
the fluid mechanics behavior of wick materials is necessary, not only because
it limits the maximum heat transfer rate, but also since it affects actual heat
exchanger configuration and design. Actual heat transfer measurements are neces-—
sary, but only after the fluid mechanics behavior of the specific material is
understood fully. When this has been done, it should be possible to select the
optimum wick material for & particular mission application without resorting to
a completely empirical approach.
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SCHEMATIC OF APPARATUS TO TEST

CAPILLARY FLOW IN WICK MATERIALS
Figure 54
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(a) Change in Meniscus Shape with

{b) Flow Rate vs Pressure Head
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FIGURE 53:

FLOW IN CAPILLARY TUBES
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{¢) Change in Radius of Curvature
with Pressure Head
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SECTICH XI

COMPRESSCR STUDY

This section considers some of the factors which influence compressor
selection for this application. No major effort was expended in this direction
because of the extent of the effort spent on the previous studies.

An investigation of the physical phenomens occurring in mechaniecal
compressors reveals that the absence of gravity does not appreciably affect the
design of compressors. The energy equation for the compression process is de-—
rived from the first law of thermodynamics, and is written as follows:

2 2
C2 g C1 g
Power = w{J h, + N + 2, = J h1 - . - z, + J Q1 (124)
€ e € o
The momentum relation for a radial compressor is
c 2 ¢
HE"H1 _7? 02 _ I'1 01
2 ] u ::— u (125)
U, /gc 2 2 1
where
2
H = —é}-q— -£ 5 ¢
2
&, gc

In the zero—gravity case, the elevation terms with the factor z will be omitted.
However, in actual compressor design for a gravitational case, these terms are
of negligible magnitude and are usually omitted. An analysis of other compres-
gor characteristics, such as pressure ratio, inlet circulation, centrifugal
action, stability, and surging, choking, shock waves, slip factor, and separa-
tion (back flow), reveals no influence of gravity. To a very small degree,
gravity influences bearing load design due to the weight of the bearings them—
selves.

It was stated in a previous section that, due to the effects of zero—
gravity on heat transfer in the evaporator, there exists the possibility of some
entrained liquid droplets entering the compressor with the vapor stream. The
literature was investigated to study the effecis of wet compression and the ex~
tent to which it may be tolerated. Hamrick (4) has reported excessive pitting
of aluminum zlloy blades when the entering air stream contained water droplets
with a diameter greater than 20 microns. The effects of wet compression vary
with the percent of liquid in the inlet vapor stream, with the size of the en—
trained liquid droplets, and with the pressure ratio., The presence of liquid
usually decreases the cycle efficiency. Wet compression does not appear feasible
for reliable vapor cycle operation, and it is necessary to ensure that no liquid
enters the compressor.

WADD TR 60-776 187



The problem of optimum specific speed and its influence on both com—
pressor and refrigerant selection has been discussed in Section II. A range of
recommended optimum specific speeds (taken from Reference 1) has been presented
in Table 4. Axial and mixed flow compressors may be sliminated from considera-
tion due to the high specific speeds required. The problems in compressor appli-
cation for the vapor c¢ycle considered here arise not so much from the zero-
gravity environment in which the compressor must operate, but from the range of
conditions under which the compressor must operate. These problems would exist
regardless of whether the cycle were operating under a zero-gravity or sarth-—
bound environment. The evaporator heat load in this study varies from 400 to
4000 BTU/min. At the lower value of the evaporator capacity, the refrigerant
flow rate is quite small. For a centrifugal machine operating between 40 degrees
F and 250 degrees P, an extremely high shaft speed is required to satisfy the
minimum value of the optimum specific speed range. Centrifugal compressors
capable of operating at the required speeds are not currently available, and
some effori to develop high-speed centrifugal compressors for vapor cyele appli-
cations such as the one considered here appears worth while.

Centrifugal compressors are well suited for application to space
vehicle vapor cycle systems. They are compact and light in weight. The main
bearings are the only major rubbing surfaces, and, since the only moving parts
are rotating, balancing is better than that for reciprocating machines. Centri-
fugal compressors provide uniform vapor flow and do not produce sxcessive pres-
sures, so that bleed-off is not necessary. Lubrication is less of a problem for
centrifugal compressors than for displacement compressors. In cases where oil
becomes mixed with the refrigerant, oil separators are necessary for proper
compressor operation ia both gravitational and zero—-graviiy environments., In
zero-gravity operation, where normal density differences between oil and refrig-
erant may not be utilized for separation, special separators would be required.
Fortunately, the lubrication problem for a hermetically-sealed centrifugal com-
presser is8 not an acute one, since there is no mixing of oil and refrigerant.
As stated before, the main problem in the use of a centrifugal compressor for
this application is the high shaft speeds required to operate the compressor at
low refrigerant flow rates. Current accepted practice limits compressor speeds
to about 30,000 rpm. A centrifugal compressor capable of operating at almost
90,000 rpm (3) has been reported. More development work is needed in this
direction. The development of centrifugal compressors capable of even higher
shaft speeds is possible, and depends on the amount of effort and resources
which can be directed towards the problem. Assuming an upper limit of shaft speed
of 80,000 rpm fixes the lower limit of evaporator capacity using Freon 11 at about
1600 BTU/min. Freon 113 may be used with a centrifugal compressor over almost
the entire range, but with a lower coefficiert of performance. It is believed
that the higher coefficient of performance and the advantages of using centrifugal
compressors in vapor e¢ycles makes the effort to develop higher—speed centrifugal
compressors attractive. The only other solution is to use other types of com—
pressors in the lower capacity ranges.

Rotary (positive—displacement) compressors stand between centrifugal
and reciprocating compressors as far as the range of optimum specific speed is
concerned. Rotary compressors are compact and light in weight, but give low
pressure ratios per stage and have low efficiencies. PFreon 21 and Freon 114
appear to be the most suitable refrigerants for rotary compressors, but suffer
from the standpoint of coefficient of performance. Three types of rotary com-
pressors are available; the vane, roller, and Heli~Rotor types. As in the case
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of centrifugal compressors, several stages are necessary when the pressure ratio

is large. The Heli-Rotor compressor consists of a pair of intermeshing rotors
surrounded by a housing. Power is supplied to the male rotor of the compressor
through the rotor shaft. The female rotor is driven by timing gears and acts as

a rotary seal. There is no contact between either the rotors themselves or

rotors and housing. It is claimed that speeds of 40,000 to 50,000 rpm are prac-—
tical for the compressor. Only the bearing and timing gears require lubrication,
and Freon lubrication has been used successfully in refrigeration. The rotors
themselves require no lubrication so that oil is not contained in the exit vapor,
which is a serious problem with other rotary—-type compressors. Usually, in

rotary compressors, due to high mechanical friction, lubrication is very important,
and both o0il and refrigerant must circulate through the compressor to avoid damage.
in o0il separator is then reguired at the compressor exit itc remove the large

amount of o0il in the exit stream. The Heli~Rotor unit avoids this difficulty.

The Heli-Rotor is currently available with rotor diameters of 54 mm,
63 mm, 125 mm, and 200 mm. Some information was cbtained (2) on the applicability
of the Heli-Rotor unit to the current problem using Freon 11 as the refrigerant.
For a 40 degree F evaporator temperature and a 250 degree F corndenser temperature,
& single~stage Heli-Rotor is not suitable, since the pressure ratio is excessive.
A two-stage Heli-Rotor may be used at the higher capacity (4000 BTU/min). At the
lower capacity {400 BTU/min), the speed requirement would still be excessive, and
although the unit may be used for the first stage, the next stage would have to
use & reciprocating machine. There appears to have been little work done on the
use of rotary compressors for refrigeration applications.,

The only remaining choice for the low capacity range is the reciprocat-—
ing compressor. These units have high efificiency, but are not vibration free or
light in weight. Some weight reduction hac been achieved for airborne applica-
tion; any further decrease can be obtained only by increasing compressor speed.
The optimum specific speed range for reciprocating units is low, from 0.001 %o
0.005. TUnfortunately, the more volatiile refrigerants (which give the higher
refrigerant effect per unit volume at the compressor entrance) such as Freon 12
and Freon 22, which are suitable for application to reciprocating compressors,
were eliminated (see Section IT) due to other considerations. Hence, some com—
promise would be necessary, and Freon 21 would probably have to be used in a
reciprocating unit at the lower capacity. Reciprocating units require internal
lubrication, so that the exit vapor would contain some 0il requiring a separator.

In summary, centrifugal compressors are ideally suited to the higher
capacity ranges. At the lower capacity, a centrifugal unit using Freon 113 may
be applicable, but some development work on the compressor would still be neces-—
sary. A reclprocating unit at the lower capacity would have to use Freon 21 due
to temperature considerations. A conventional (vane or roller) rotary compressor
using Freon 21 in the low capacity range would require a syecielly’ designed oil
ceparaior for the zero-graviiy case. The current development of the Heli-Rotor
does not permit its use at the lower capacity, high pressure ratio condition.
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LIST OF SYMBCL3

c ft/sec Velocity of fluid
CO ft/sec Tangential velocity of fluid
a ft/8802 Local gravitational accsleraiion
8, 3217 1bm~ft/1bf—5902 Dimensional constant
h BTU/1b Enthalpy of fluid
ft-lbf/lbm Total head
J 718 f£t-1bf/BTU lechanical equivaleni of heat
o] BT/ Heat loss from fluid per unit mass
T bl Radius
u ft/sec Tangential velocity of wheel
w lbs/sec Flow rate
] ft Elevation
p 1bs/sq £t Pressure
P 1bs/cu ft Density

WADD TR 60-776 190



REFERENCES

1. TMasen, J. L., Burriss, W. L., and Connolly, T. J., Vapor Crcle Cooling for
Aircraft, WADC TR-53 338, October 13953

2. Borzilleri, Richard, Stratos Division of Fairchild FEngine and Airplane
Corporation, Personal Communication

3. Palmatier, E. P., "Centrifugal Refrigeration Compressor for Aircrsf +" 53rd
Annual Meeting of A.S.R.E., liami Beach, June 1957

4. Hamrich, J. T., "Some Investigations with Wet Campression,™” Trans. ASKE,
April 1953, p. 409

5. ZKaye, J. and Rivas, I. A., "Experimental and Analytical Study of Twe Com=
ponent Two Phase ¥low in an Ejector with Condensation Shocks, " ASNE-A.I.Ch.E.
qe“* Transfer Conference, University Park, Pennsylvania, August 1957,

J'E Paper No. 57=-IT[-15

6. Shapiro, A. H. and Taylor, E. S,, Fluid Kachinery Uotes, Massachusetts
Institute of Technology

WADD TR 60-776 191






SECTION XII

CONCLUSIONS AND RECOMMENDATIONS

On the basis of the previous study, it is concluded that the heat
transfer performance of specific vapor cycle componentis would be seriously
affected by the zero-gravity environment, Conventional evaporators and conden-
sers would become inoperable; the compressor znd throttle valve are affected
indirectly by the performance of the evaporator and condenser. The zero—gravity
environment requires special design of +the heat transfer eguipment to solve the
vapor-liquid separation problem., The vortex evaporator and the spiral condenser
represent two such solutions. 4n additional concept-—the flash evaporator--was
not analyzed in this study, but it may result in a simple lightweight concept for
zero—gravity application,

From the work that has been performed, the following conclusions have
been drawn:

1. The search for new refrigerants did not reveal any new compounds
whose optimum thermodynamic and zero-gravity performance exceeded
that of the known refrigerants., One difficulty in such a search
is that thermodynamic data are readily available for only the
more common organic compounds.

2. The most promising fluid properties to use for vapor-liguid
separation appear to be density and surface tension.

3, A voritex evaporator operating under zero—gravity compares quite
favorably with a plate-fin evaporator operating under one g, for
the same cycle conditions. Its volume is smaller than that of a
plate fin-unit, and its weight is somewhat larger.

4. The fixed weight of a rotating condenser is guite large, but sub-
stantial reductions in weight should be possible by lowering the
thicknesses of the materials used.

5. The spiral condenser is believed to be more feasible than the
rotating condenser, since the former has no moving parts. Never-
theless, the spiral condenser, operating under zero-gravity, has
a volume several times larger than that of a small-diameter tube-
fin unit operating under one—g.

6, TFor the large temperature differences between evaporator and con-
denser that are encountered in space vehicle vapor cycles, a work-
producing expansion machine, whieh replaces the throttle wvalve
between the condenser and the evaporator, gives a significant
theoretical improvement in the coefficient of performance.

7. Wick materials are suitable for use in zero-gravity evaporators,
but further work is required before generalized correlations
regarding the fluid mechanics and heat transfer behavior of these
materials may be derived.
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The data currently available for the design of zero-gravity heat
transfer equipment is insufficient, and reliable experimental data is required
in the following areas. One concept not covered in this study appears to offer
a promising solution to zero-gravity evaporator design. This is the flash
boiler study discussed below.

Vortex Evaporator - Heat transfer data for boiling Freon in tubes with
twisted tapes are required to provide reliable data for the design of
vortex~evaporators in a zero—gravity environment. The work that has
been done 80 far in this field has been directed specifically toward
extending the burnout point for fuel elements in nuclear reactors, and
not toward the nucleate boiling regime itself,

Spiral Condenser — Experimental data on condensation of Freon vapor in
curved channels will provide accurate heat transfer performance data for
the spiral condenser. Since condensation experiments in a single curved
channel are not feasible, a facsimile of a spiral condenser must be used.
Although the diameter of the test unit should be comparable to the proposed
zero—gravity unit, the length of the test unit may be reduced. The testis
should be performed for complete condensation of Freon 11 vapor at the
temperatures, pressures, and scaled—down flow rates encountered in the
zero-gravity vapor cycle.

Mash Boiler — In a flash boiler, the vapor-liquid separation problem is
avoided by restricting the amount of ligquid in the vicinity of the heat
transfer surface so that the vapor formed by boiling does not have to travel
through a bulk. liquid phase. In the scheme suggested here, the throttling
process is replaced by one in which the high pressure refrigerant from the
condenser ie atomized by a number of small nozzles in the flash boiler.
The refrigerant leaves the nozzles as a fine spray and impinges on heated
plates or staggered tubes and flashes into vapor. The vapor exit must be
oriented to prevent liquid dropleis from leaving the evaporator directly.
High heat transfer coefficients should be obtained, since the droplets are
small and the vapor velocity may be controlled to give a small pressure
drop in the evaporator. Such a boiler is insensitive to gravity, but
there appears to be no data available to provide the basis for a design.

Wick Materials — To provide a systematic approach to the use of wick
materials in zero-graviiy evaporators and condensers, fluid mechanics

tests should be conducted with Freon refrigerants and boiling heat transfer
coefficients should be measured.

Turbine Expander - It has been shown previously that for a vapor cycle
operating between an evaporator temperature of 40 degrees F and a condenser
temperature of 250 degrees F, the coefficient of performance may be im—
proved by 30 per cent if the throttle valve is replaced with a turbine
which has a 60 per cent adiabatic efficiency. The refrigeration flow rate
is reduced about 15 per cent, so that other system components are reduced
in volume. Although this substitution is not connected with the zero—gravii
environment, it does improve the performance of space vehicle vapor cycles.
The construction of a turbine expander where the liquid refrigerant enters
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the turbine nozzles in the saturated liguid state and leaves the rnozzles
as a mixture with high liguid fraction is suggested., Such a unit would
be tested under actual cycle conditions, and the results would be directly

applicable to a vapor cycle system design.
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APPENDIX 1

EVAPORATOR DESIGN METHCODS AND CALCULATIONS
A, GENERAL DISCUSSION ON HEAT TRANSFER

The over-all heat transfer rate equation may be written

da g
d A

) {126)

=u (7 - T,

d Q/d A is the heat flux per unit transfer area =t a section within the heat
exchanger where the temperature difference is (Ty — Te), and U is the over-all
thermal conductance, or over—all heat transfer coefficient, based on a tempera-
ture potential, (T, - Te), and a unit transfer area.

The reciprocal of U, the thermal resistance, is made up of many com-—
ponents, involving the heat transfer coefficients of the heat exchanger fluids,
the thermal conductivity and thickness of the heat exchanger walls, and fouling
or scaling coefficients. Disregarding the fouling and wall conductivities,

LU (127)

The use of finned, or extended, surfaces introduces another factor into
the calculation. Since temperature gradients exist along fins, the over-—all
"temperature effectiveness" of the surface is reduced. The total surface
effectiveness is a weighted average of the fin effectiveness corresponding to
the actual prime and extended heat transfer areas, so that

Mio= (A= 8) + ek

2 =1 - : (1 - M) (128)

Iniroducing 720 to Equation 127, we have

1 1, 1
U hy 7?% B, 7?°c

(129)

Using the unit heat transfer area dealing with the definition of U, we obtain
1 1 1

- + e

U A b, Hon Ay b, Noe A

B. HEAT BXCIIAIIGER DESIGHN HETHODS

(1.

[
Q
e

1. General Helations

The method usually used is based upon nondimensicnal parameters which
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zllow ease of design without the use of algebraic solutions. Solutions of
energy and heat transfer rate equations are no longer necessary. The variables
involved in these equations are grouped in the following manner:

a. Capacity Rate Ratio

Cmin (w cp)

min (131>
c (we )

max p’max

b. ZExchanger Heat Transfer Effectiveness

c (T )

“h in Th out) _ Ye (Tc out Tc in (132)
c (T - T ) c . (m -7 . )

min h in ¢ in min h in c in

This effectiveness is the ratio of the actual heat transfer rate,

- M = -
Cy (Th in ~ "h out) Cc (Tc out Ts in)’ (133}

to the maximum possible heai transfer rate. This thermodynamic maximum can
be achieved only in a counterflow heat exchanger with infinite transfer
area.

¢. MNumber of Exchanger Heat Transfer Units

AT

ave

C .
min

(NTU)Y = (134)

Relationships for the three parameters have been derived for all types
of "mized" and "unmixed" flow cases, including multi-pass arrangements.
Direct solutions of these exponential equations are available only when
Cmin/Cmax equals 0 or 1. Therefore, many figures of plots of € versus
(¥PU) with Cmin/cmax values as parameters have been made available. Note
that for evaporators and condensers, Cmin/Cmax = 0, since Cpax 1s infinite.

Xnowledge of the three temperatures and the capacity rates shown in
Equation {i31)is sufficient to determine € . An assumed Value of € dimin-
ishes the number of known temperature values ic two. Evenitually, U A is
determined by Cmin and (NTU). Multiplying Eguation (130)by the total
volume of the heat exchanger, Vp, we obtain the general form of the design
equations,

VT VT VT

N :
U A by "lon Ay B ?2°c £

VT/ e A is a function of the core geometry chosen for the heat exchanger.
The determinations of h's, the heat iransfer coefficients which are used
in this report, are included in the general descriptions in the following

{135)
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sections.
2. Forced Convection

Heat transfer coefficient functions for single-phase flow are generally
determined by certain nondimensional relationships pertaining to a particular
heat exchanger core geometry. ?he basic correlations used for heat transfer and
flow friction are (Ngt) (Npr) 2/3 as a function of Nre, and f as a function of

NRe-

When dealing with gas flow, the great effect of temperature variation
on thermodynamic properties introduces the need of some absolute temperature
ratio function, usually involving mean and wall temperatures., This additional
funetion, however, especially when the gas is being cooled, has negligible effect
when gas temperature differences are relatively small, and is omitted from the
analysis,

The Colburn modulus, which is the product of thg_Stanton number and
the Prandtl number raised to the 2/3 power, (Nsy) (Npp) /3, is briefly denoted
as "j". The j versus Npe functions are easily represenied in the form,

b

j=a (NRG) (136)

Three such functions may be needed for complete representation of the core
geometry. These functions may represent the laminar, transient, and turbulent
flow regions

2/3 b

h o M - a Gfree 4y (1364)

G c k A
free “p
Solving for h,
b
c d
h=a P LI BN R (137)
2/3 P ree
cp /A(
k

To get a truer picture of the total exchanger volume, Grage i sub—
stituted for Gfrege and is muliiplied by the number of passes, NP, of the fluid
s0 that the face area designated 3is that of a complete side of the heat exchanger.

G A
face - free (138)
Gfree Aface

WADD TR 60-776C 199



b) - 1+ b
n °s dh (“‘Gface) ) (

(: :5/3 g (Afree/Aface) Tre

Some correlations, such as those for liquid metals (used here for

FKak) make use of Iy, the Nusselt number, Npg, and Hpr. The product (¥pe) {¥pp)
is often used.

(NRe) (Npr) =¥

Pe

where HIpg is the Peclet number. Conversions from one form to the other are as

follows:
h v 2/3 _ oy Y P
( > (IQPI’) = & (l'Re)
G cp

h 1+ b 1/3 {1404)
— ( )m a (NRe) (Nrr)

—> (P ) () 23 m () 2Ty © T3 (1400)
I Cp

Equation (13?)represents a furctional relationship between h and NPGrgce, all of
the other terms being known., If both sides of the equation are multiplied by
the term 4 %o /Vp, we obtain

h Ao )H

= K‘H PG, (141}
v ace

Turther modifications of this eguation will allow more independent variables to
he inserted as inputs and give a more complete solution. These additions neces-
sitate the use of the frietion factor relationship from which an evdluation of

pressure drop per unit length, ASP/HPL, versus mass flux per unit [ace area,
NFGrgce may be obtained.

AT 2 f (¥pQ ) 2

(142)
¥2L g
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where L is the heat exchanger length parallel to the fiuid Fflow. If

f=s (Nﬁe) t (143)
a t
Fays) _ 2 s h (NPGfree) 2 + (144)
NPL g P4, M
t - 1 2+ t
- 2 s (dh) (NPGface) (1¢q)
t ‘ -
g M 2 + 1
f’ (Afree/Aface)

Since the basic units used here are {1b) — (min) - (ft), and AP is usually
expressed in psi, and g in ft/secz, the factor {144 x 3600) should be intro-
duced into the denominator. Multiplying by /(f%td establishes a "standard
temperature' relationship

t -1 2 + t
d NPG
AP - 2 s ( h) ( face) (146)

NPL g Psga M° ( RS

Afree face
If the difference between the problem temperature and derivation temperature is
great and the value of t is large, a correction of 4‘;/:/‘6 may be needed.

We now have

P AF _g (VPG

y P
Psta FEL P

(147)

face

The derivation of the single-phase flow side portion of the volume
equation using NPGeyoe 28 a parameter will be found in section 5.

3. Evaporation
The volume egquation form used here is easily explained. Due to the

lack of the experimental data correlated in similar forms and the absence of a
generally accepted, universal theory, the expression used ig simply

ha%e _g_{)B (148)

v
This is established in many ways. If experimental relations show
h=xg [a1] " (129)
where A T = Ty - Tgat, 2 simple transformation is performed:
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Multiplying by &/V,

na KEA)1/1+E('S_)E/1+E (150)

v v v

The previous example has also demonstrated the change of original data in the

general form of
Q E
(L) (1190
A

Pressure drop functions are not included in this phase of the analysis.
Since most heat exchangers are of the cross-flow type, the face area of one
fluid includes the flow length of the other. The interdependent qualities plus
the use of pressure drop as an independent variable produce a realistic, physical-
ly limited solution, Two-phase flow pressure drops, needing complex solutions,
are computed separately after the flow lengths and heat transfer distribution
have been determined., The same attitude is taken toward counter—flow exchangers,
although 2 direct pressure drop relationship between the two fluids is possible
because the individual flow lengths will differ only if the number of individual
flow passes differ.

4. Condensation

The wvolume equation form used for condensation is equal to that used
for evaporation.

B A% (_Q__) ° (151)
v C\v

This form is usually established from Nusselt's equation for laminar
film condensation.

[ 3
S| € hfg l

L~}L1 [Tsat - Tw]

(152)
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1 1
- - 4 _ %
b= X, [Tsat Tw] =5 [ar]

From Fquations and

hA:K_LA 1/1"'%; G "%/1"'%'
v v v

G TE T

X, - (KL _A_> o3 ; ¢ = -1/3

v

Pressure drop functions are omitted here for the same reasons des—
cribed in section 3.

5. Final Equation Derivations

To generalize the derivations, we assume a heat exchange process with
a2 single—-phase process on one side of the heat exchanger and a two-phase process
on the other. Let the subscripts 1 and 2 refer to the gingle-phase and double~
rhase sides, respectively.

In shell-tube heat exchangers, 44/Vp and Ao/Vp are directly inter-
dependent. In plate-fin heat exchangers where the configurations on the two
flow sides are independent of sach other, the heat transfer and pressure
drop functions are calculated separately. Individual expressions of (4/V) are
used, and the total volume eguation must make corrections for this.

The following equation will be derived on a plate~fin basis. The
same solution without the terms used for individual-total velume gorrection is
true for the shell-tube heat exchangers. The terms ), and _F}(jDStd shall
be omitted here.

v
I (__V P ) (135)
U A n A B A,
v
o = — 3 V1+V2=VT
Vs

|\)<:
1]
—

X |A
S
-

3

(474
V. o=V e
L T(0(+1>
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_Eh_A)?_=KP(_.Q_)B=KB ] ’ (143)

—,
<:r.r'
=] *

p—

3)

0

"
2| F
n ]

o

n
TN
+—\
\—-/

T q
Q B , 1 - B
Vo 1+ 0L
AP, 1/,
NPG‘I = (147)
KP I\TPLJI
1
W,I I-TPL
ﬁPG1
Cl+ 1
1/P
w NPL 1 FaN P1 / 1
KP1 uTPL1
0£+ 1
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1/P \'s ( oL )
p T
[I‘TPL1] 1+ Py/2 - 4 1 ! oL+ 1
K w
P‘l 1
P./1 + P
1 1
v ( oL ) 1/1 + P
T g
7PL, = oL+ 1 AT 1
W
1
?
H. /1 + P
H KH w P 1/ 1
% (i20,) T ! 1 1 (o( + 1
K, ] /1 + Py Vs oL
1
oA h
Vr v, ol+ 1 (h A)1 (n A)1 ol
H,/1 + P
1 1 I
T ZKP ] v d1/1 + P1 a-.- 1)
’il = 1 ‘.P m
(r 2) K. w, A H
1 H, 1 1 oL+ 4 ﬁ,’lﬁ
(» &
- 311/1 + P .
Lk, ] ¥ 1 1 t-H +P/1+P
- : T o + 1
K, A ol
I, 1
Vrﬂ v E 1
T i T B
o = —|—— ] [ol+1]
A),  Kg \ &
Hy i
1T - Hy + <19
: 24 1+ 7y [ 10 7 v LIRS
s () P, :
U A a— K}T w A P
I 1
1
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v,
s[os11 178 1L (;_i_“)
KB Q

This exponential equation cannot be solved algebraically because z sum
of two Vp terms exists on one gide. An iterative method with successive approxi-
mations of Vp is used. Familiarity with an individual equation usually produces
a solution within three iterative steps.

¢, SANPLE CALCULATIONS

1. Plate-Fin Evaporator

Evaporator temperature {Freon 11) = 40 degF
4ir inlet temperature = 85 degF
Air outlet temperature = 60 degF
Air flow rate = 667 1bs/min
Alr side pressure drop = 0.3 psia

Air side parameters (for average temperature of 70 degh):

Ky = 23.5
H = 0,486
Xp - 1.36 x 10 4
P = 1-57
P/P_std = 0,981
K
P 4387 x107t
JD/Jsstd
Freon 11 side parameiers
KB = 1.805
E = 0.667
v
air = 4.07
Freon
85
Ea= 2 60 = 0.556
85 - 40
cmin
For — =0 3 € =0.55 ; UIU = 0,811
Cmax
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C. =we,_ = S . 960 BIU/min-degF
min jo A7

=
b
t

= 0,811 {160) = 130 BTU/min-degF

T 0.182

= 0.00344 Vﬂ + 0.00374 vm 0-667

0.189 0.667

0.446 V. + 0.486 v,

Assume VT = 0.9 cu ft

v 0.446 (0.9) N 0.486 {0.9)

It

m
= 0.891 cu ft

Assume VT = 0.88 cu ¢

v

2. Vortex Evaporator

¥ = 3.5
T — 4
Vaxit = 50 fu/sec
v
T'ur = eXl‘t
ave _—
3
. 2
For high values of @) r/g,
5 0.6\ 1/6 5 0.1
w" r Uy p
T+ |— o e
g g

The Rohsenow cerrelation may then be written as

001

2 T Q 2/3
() 0

where the constant ngroups together all the properties of the fluid.

001 /
Then h A H(ougr) (A )1/3(@@ )2’3
v o v v

WADD TR £€0-776 207

= 0.446 (0.88) 0.189 0.486 (0.88) 0.667 _ 0.88 cu f%



1

’ :
na K (002 SYo.1 A %
g
without twisted tapes (plain tube),
. - 2f3
v, = 0.395 ¥, M+ 0,706 7, /
with twisted tapes (vortex %ube),
-
Y. o= 0,395 V, 0.214 + 0.424 JT I

-
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APPENDIX 2
DESIGN METHODS AND CALCULATION PROCEDURES FOR THE ROTATING CONDENSER

A. DESIGN PROCEDURE FOR A ROTATING CONDENSER

The calculation procedure for a rotating condenser is presented
below. The following assumptions will be mades

All assumptions which were made during the derivation of the basic
equations (1-6).

The superheated vapor coming from the compressor enters the conden-
ser, and this superheat will be subtracted in the condenser.

Subcooling, if necessary, will be done in a separate subccoler.

The condenser shaft is insulated; i.e., there is no condensation in
the shaft.

The heat transfer coefficient is the same on both sides of the discs,
There is no interaction between disocs.

Most characteristics of the system are found to be primarily dependent
on the Prandtl number and on the dimensionless group

C T
P 4

g

both of which are functions of the given refrigerant and of the condensation
pressure only. The most important independent variables, however, are the an-
gular velocity, the number of dises necessary, and the duration of the flight.
The calculation procedure consists of the determination of the optimum values for
the angular velocity and number of discs to which the minimum renalty belongs.

A step-by-step design method is presented so that an actual condenser may easily
be designed by following the procedure. An example of the numerical ealculation
of a rotating condenser is given in a later section.

1. Angular Velocity

The angular velocity is one of the irdependent variables., Several
values have to be assumed, and the calculation has to be carried out for each
of these values. After comparing the resulting penalties, the optimum value
for the angular velociiy may be determined.
2. Temperature Difference

This isa the difference between the saturation temperature of the con~-

densing refrigerant and the wall temperature of the disc. It may be calculated
from

A4y AT g, 04425 (154)
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The derivation of this equation and of the values of A and B are given later.
3, Dimensionless Parameter

Together with the Prandtl number, a dimensionless parameter appears
in the expressions of most heat transfer characteristics. It is

cp AT
Y= _-Tl?g—- (153)

where cp and hfg depend on the refrigerant and condensation pressure, while AT
js defined by (2) above.

4. Heat Transfer Coefficient

Sparrow and Qregg (1) derive the following correlation for the heat
transfer coefficient (which is also presented in Figures 2 and 3 of Reference 1):

A% %
hlw/ (m-k) = 0.904 (2\‘-,1:—) (155)

The heat tranasfer coefficients calculated from this equation differ from
measured values (3) by approxipately 25 per cent.

¥andapurkar (3) gives an empirical equation for h. His measured
results (except for liquid metals) well agree with the values calculated from
his equation. Therefore, the use of this equation is recommended. The equation
is N

L
4
k Pr) 0.425 (156)

h = 1.716 W(_Y—

Y and ¢ are kmown from (1) and (3) above; the other values are functions of the
applied refrigerant and the condensation pressure only. (A11 properties are
those of the liquid refrigerant.)

5., Over-all Heat Transfer Coefficient
The expression for the over-all heat transfer coefficient is

U - 1 (157)

I S
h k b
w c

where h is calculated from (4) above, s is the wall thickness of the disc, kyw
is the conductivity of the wall, and h, is the heat transfer coefficient on
the coolant side.
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6. Total Heat Transfer Area

The total surface necessary to transfer the required heat under the
given condition is

A= —S — (158)
U A TEM

where @ is the total heat to be subtracted in the condenser, U is known from
(5) above, and ATy is the logarithmic mean temperature difference between the
refrigerant and the coolant in the condenser.

T. HNumber of Discs

The rnumber of discs is the second independent variable or input.
Several values for N have to be assumed and the calculations have to be carried
out for all values of N for each angular velocity. The optimum N will be the
one to which the minimum penalty belongs.

8. Disc Radius

The outside radius of the disc can be determined from

p=28m (2 oz ?) (159)

g

where A is known from (6) above, N is the number of discs, and the coefficient
2 indicates that both sides of each disc are utilized, while rg is the outside
radius of the shaft which has to be determined by the coolant pressure drop and
stress considerations. Finally,

r =‘\/r 2, A (160)
0 s

2 Nw

9. Condensate Layer Thickness

Sparrow and Gregg (1) give the following correlation:

§ = 1.107 \/)_)-(..L)& w =% (161)
Pr

Also Diagrams 4 and 5 (1) can be used,
10. Boundary layer Thickness

Extrapolating the results of References 4 and 5, boundary layer thick-
ness is determined by
- Xy
o - 4.6‘\/00 (52)
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11. Spacing of Discs
It was mentioned before that it is necessary that
z2> 2 (o + §)
z=2(F+8)+X (162)

orTr

where the value of X has to be determined by structural considerations, con-
sidering that there must be enough space for the vapor supply nozzles., On the
other hand, a small value for K is desirable for weight penalty reasons.

12. Torque

Sparrow and Gregg (1) give the following correlation for the torque
(Diagram 10 of Reference 1 can be used):

%3
ot p (L w?)” = 0.666 [8(%) ] (162)

later (6) this correlation was revised to show that when drag between
vapor and liquid is taken into account, the torque is approximately twice that
calculated from the correlation above., Considering that

Y \A4
8(_]3_,)% = L/O07 (-f;:-')" (1592 )

the torque will be

3
Y )/F {(164)

M= 0.903 r,*a-rf(vw")y‘ (Pr

where M is the torque required to rotate one disc if condensation takes place
on one side of the dise only.
13. Power to Condenser
The power required to rotate the condenser shaft will be
20N w

P, = HP (165}
3600 x T\tr X T(b x- 550

where 3600 and 550 are conversion factors, N M and o are known from (1), (7),
and (12) above, and Yltr and T\b are the transmission and bearing efficiencies.

14. Coolant Side

The coolant to be used and the inlet and outlet temperatures are
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assumed to be given. The flow rate can be determined by

W = Q '(166)

C
o (tco - )

t .
ci
The log mean temperature for the condenser is

(P - t.)= (T -t )
AT - c ci C co (167)
14 T o~
C Cci

T -t
c co

and the condenser effectiveness (considering temperature effectiveness) is

€ - =2 (168)

The pressure drop on the coolant side will be

n=N
= Honary *Z Hyise (169)
n=1
Here,
B erl ¥
shaft D 2g, (170)
where f=f (NRe) is the friction factor
D=2 r, is the inside diameter of the shaft

i

L

(N + 1) 2 is the length of the shaft (see Figure 29)

The pressure drop in the dises can be approximated in several ways.
One method will be shown in the numerical calculations. Exact resulis may be
obtained by experiments only. The power required to drive the coolant pumnp
will be

¥ H
o

2 = (171)
550 x N\ | x 60

P

15. Total Power Required

The total power required to operate the rotating condenser will be
the sum of the power requirements for the condenser shaft and the coolant pumps
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i-eo, P = P1 + P20 (172)
16. Condenser Weight

The condenser dead weight is the sum of the weights of the components
listed previously. The calculation of the dead weight can be carried out after
the type of condenser to be used is decided upon. The weight calculation for
the type of condenser shown in Pigure 25 will be shown in the numerical calcula-
tions.

B. DERIVATION OF AT1/4 -4 A T—3/4 + 8 w45 Lo

The above equation was used in the numerical calculations of rotating
condensers to determine AT = Tsat — Twall. The derivation of the above equatior
is given below.

Basic BEquations:

(1) @=4h AT
(2) a=4U ATy,
(3) U= 1
a4, s 1
Yt % th
w c
k Pr 3 0.425
(4) h=1'7167,3'(‘?‘) w
C
(5) Y= —E—AT
h
g

The following substitutions in the above equations will be made:

ATy =a

(S+._1_-)=b

X h

w c

1,716 —& N
;V

c

P_ g4

Beg

Then the new forms of the equations will bes
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(12) AT = -2
(2a) 4 =

(3a) U= —f__
1
(42) b o oy =% (0425

(5a) Y=4 AT

Substituting (2a) into (1a):

6) Ar- 2 - & .2l
Ah h(g) h
a U
Substituting (3a) into (6):
(7) AT=aU=a 1 - a
h h _%_+ b 1T +bh

Substituting (4a) into (7):

(8) AT = —2Z— - 2
=y

1 +bh

Substituting (5a) into (8):

I
(9) &rT = a - 2 AT
) 4 RGoan % ;04425 Aqd Do ,0.425
at a%
i
and AT |ar %, RS 0425 =a AT?
-

orAT%:+ —-—b; w 0425 =aAT"3/4
d

L —
Pinally AT S - 8 A1 ¥4 L3 0425 _
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1

o

0
g
+3

where A

il

B= 2% - 1.716 s
a3 K

w

¢. NUMERTCAL CALCULATION OF A ROTATING CONDENSER

Vapor Cycle Data
Given:

2000 BTU/min

F. ]
n

+3
[}

40 deg F
T = 250 deg F

Refrigerant: Freon 11

N comp = %

Coolant: Dowtherm A

tci = 225 deg F
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tco = 245 deg F

t, = t, = 20 deg ¥ (superheat)

1 o -
From Tables or Charts:

t1 = 60 deg F

h, = 100 BTU/1b

v, = 5.7 cu ft/1b
h, = 127 BIU/1b

Refrigerant Data:

k = 0.040 BTU/hr-degh-ft
M= 0.224 centipoises

¢, = 0.209 BTU/1b-degF
P = T75.1 1bs/cu ft

Y = 0.0072 sq ft/kr
hfg = 58.1 BTU/1b

Refrigerating Effect Per Pound:

q =h, - h, = 37.5 BTU/1b

o] 1 4
Condensation Heat Per Pound:

q=h2—h3

Refrigerant Flow Rate:

Q

W_ = —2 = 53,3 1bs/min

%

Heat to be Pejected in Condenser:

= 82.5 BTU/1b

1}

Q= wr 9 = 4397.2 BTU/min
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Heat Exchanger Bffectiveness:

tc - tci
€ = ° = 0-8
T =1 .
c ci
Coolant ¥low Rate:
W o= @ = 488 1bs/min
c
e (t =1t .)
b co ci

Log Mean Temperature Difference:
(Tc - tc:i) B (Tc -t

t, =t .
c ci

T =1
c co

co

A TLM = 12.4 deg F

In

Condenser Calculation
Angular Velocitys
Chosen: €a) = 37600 /hr

Temperature Difference:

’l- -—
Atz Ar4 40014 WO o
AT=6.968 deg F

Dimensionless Parameter:

c. AT -3
Y= 2 - 3,59 x 10 DT =0.025

hfg

Heat Transfer Coefficient:

x
4 s
ho= 1,716 = (—f—r—) w45 . 1.050 w94 v =7 - 232.3 BIU/hr-degh-

‘h) Y sq ft

Over-all Heat Transfer Coefficient:

U = = 129.5 BTU/hr-sq ft-degF
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s = 3/64 in
Aluminum
k= 120 BTU/hr-degP-Tt

h, = 300 BTU/hr-degP-sq £t

Total Heat Transfer Areas

A= Q = 21273 = 164,3 sq fi

UA’I‘IM U

Condensate layer Thickness:

Y ';i' 1 —
§ = 1.107 \{-”—-(_-—) - 0.0725 Y % ™% = 0,00014 £t
“ \epr

Boundary Layer Thickness:

a = 4.6 {g - 0.390 co % - 0.00201 £t
Spacing of Discs:
Z2=2(§ +0°) + K = 0.1083 ft
K = 0,104 £t for constructional reasons
Number of Discs:
Chosen: N = 5

Disc Radius:

r =\/rs2+ A - »\/0.00695+0.16-A_ = 2.204 £t
°© 2 N N

ry =1 in (shaft outside radius)

r, = 7/8 in (shaft inside radius)

Torques

M= 0.903 r_ 4 p (vew 3y & (_X__) 3/4

Pr

- 1.979 x 10 "8 ¥ 34, 32 r, 4 _ 0.250 £t 1b
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Power to Condenser:

P, - 2N M =1.12 x 10 " N ¥ w = 0.0527 BP
3600 11, R 550
agsuming: YL ir ™ Y\b = 0.95
Coolant Side Pressure Drop:
Disc (Approximation)
3 2
—l 4 ] —
5 0
AP=P -P= (AP Jo+ (BPrsgrion ™ A g5 pruser 1
2 3 4
- (4 Pcentrifuga1)1 « (A Pturn)?.‘ + (APfriction + APconvr.)B
4 5
+ (APcentrifugal)B + (APturn)d
assuming: (AP )2 = (AP )4
g: centrifugal’? centrifugal’3
2 2
2 V4 - Vo
(AP = D Pyippugerts =019 P -
€o
4 Vi A
(A Per, * AY Pccmv.)_’; = 1.18 JD 5
g
o
>a hoT
P = 0052
turn ﬁ 2 g

0
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Ar=p - 2
2 go
wc
V= ———— =17.95 ft/sec
2
6qPri 74
W
b= —C  =0.03125 £t = 3/8 in
2 TSTPV1
v Ve 0.668
2 = =
2 roffb T,
i °- \2 ° -2
Hyisos © = ¥ (0.982 -~ 0.0069 r, )
2 g
o]
Shaft
L v 2
H = f e = 0,135 (W +1) 2
8 D, 2 g
1 o]

L= (N+1)2, f=0.02, V=7.95ft/sec

and the total pressure drop

H=H; +H =¥ {0.982

4 0.0069 T, ‘2)

+ 0,135 (N +1) 2 = 4.99 ft

Pumping Power:
W H

P, = ¢ -
550 r\p 60

> 0.,0988 HP

rkp = 0.75
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Total Power Requirement:

P = P1 + P2 = 0.1515 HP

Condenser Weight (See Pigure ):

Shaft

W= [(§+1) z] (rsg-ri 2y o f"st

Disecs
2 2 2
W, =¥ [2 (ro - YT s + (r0 -b) “1rs
+2r s (2b+3s)]f>al
Housing

W, = (2r, + -%;) 77 s Jsal [(N+1)Z+ (2D +3s) N]

3 2 2
+2 [(r.+ ) =1 “Js .
o 24 8 fpal

Bage

Wd=2r0[(N+1)Z+N(2b+3s)] sJoal

Condenser Motor

Wé =5 + 1.5 P1

Coolant Pump and Motor

Wf =8 4+ 3 P2

Coolant

2 2
Wg=[Nro 77‘2b+(N+1)Zri w]f,c

The weights of the bearings, joining piping, and refrigerant are
neglected.

After adding the weights given by the expressions above and
substituting the known values,
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W, = (N + 1) z [12.559 T, + 4.208]

+ N [18.347 T, 2 + 1.106 r o+ 0.025] + 5.518 r, 2

+ 1.379 r, + 1.5 P1 + 3 P2 + 13.018 = 562.7 1bs
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APPENDIX 3
DESIGN PROCEDURE AND SAMPLE CALCULATION FOR SPIRAL CONDENSERS

A. COUNTERFLOW SPIRAL CONDENSER CALCULATLION PROCEDURE

Condenser temperature 250 degP
40 degP

4000 BTU/min

Evaporator temperature

I¥

Evaporator heat load

From two-phase fluid (isenthalpic flow from saturasted liquid at condenser
exit)

To vapor at 20 degF superheat
Ah =100 - 62.5 = 37.5 BTU/1b

4000 BTU/min
37.5 BTU/1b

Freon 11 flow rate =

= 106.7 1bs/min

Freon 11 Compressor Conditions
Compressor efficiency (assumed) = 0.60

127 - 100
0.60

h = = 45 BTU/1b

Freon 11 Condenser Conditions

From superheated vapor {at compressor exit)

To saturated liquid

h'fg (including superheat) = (100 + 45) - 62,5 = 82.5 BTU/1b
c

(wF_11) (n ) = Qy = (106.7) (82.5)=8803 BIU/min

]
fgc

The flow in the spiral condenser is considered as flow between paral-
lel plates or flow in rectangular tubes with a high value of s/t

I W—

l
t

issumptions
(1) e = 0075
(2) A Tyax = 40 degF
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3
1}

NaK 236,7 degF =< 237 degPF

TI‘IaK4

197 degPF

I}

{3) The relationship for the Freon 11 heat transfer coefficient is

by qq = 0.065 Ez;z;*gi:_ k, f G . (62}
(Reference 3, Section VIT)

f is the Fanning friction factor periaining to complete
vapor flow, and
va iz the mean vapor mass flux
G, = 0.58 G_ (173)

where G is the total mean mass flux when all vapor has been
condensed.,

(4) The relationship* for the NaX heat transfer coefficient is

k 0.8
Byag = — | 5+0 + 0.025 {(NRe) (Npr)} (174)

dp

(5) The Freon 11 pressure drop will be caloulated by using the
Lockhart-Martinelli method applied to pipe flow.

(6) The relationship** used for the N¥aK friction factor is

£ = 0.0481 (I, ) =0.205 (175)
2
219 v
ar - (= faX (176)
d, g (144)

*Igban~Shimazaki equation for low Npr fluids in turbulent flow at constant wall
temperature, This equation seems closest to actual cases which operate be-
tween constant heai input and constant wall temperature.

*#Kavs and London, Compact Heat Exchangers, Figure 40, Liquid Flow in Tubes -
turbulent region.
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(7} The relationship* used for the Freon 11 vapor friction factor is
£ = 0.0474 (n, ) ~0+216 (177)

(8) The basic geometry to be used is

fe—— 3= LOPL ——]

T— .
'E_h_laK=-i-m
_L tp4|=f1n
¥ RN
1:wall=é%i in
hermodynamic Properties
Freon 11 at 250 degF aK at 220 degF
k1 = 0.040 BTU/hr-ft-degh k = 14,15 BIU/hr-fi-degh
Ay = 0.55 1bs/hr-ft AL = 1.15 1bs/hr-t4
Aty = 0,0329 1bs/hr—ft £ = 52.5 1bs/cu £t
P11 = 175.1 1bs/cu ft c, = 0.226 1bs/hr-rt
Pv = 4.17 1bs/cu £t N, = (cp /k) = 0.0184
“p, = 0.216 BIU/1b-degP

reon 11 Side

Free Flow Area

Yoree = (5) =(i £t) (1/4 in) {1/12 in/£t) = 1/28 ca £t (i72)

Trdraulic TDiameter

"l T A F B £t N

4 = 4 ree Flow lraon o SYIEY:
h - = B ———e—r———
My b T L -~ i .

Wetted Ter’taigr 28 + 24

fays and London, Compuet Teat Exchangers, Pi 32, Gas Flow in Rectangular

y
fubes ~ turbulent region; L/D =gQ ; o/t
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Since s » ? &, consider

d, = 4 ifl,iﬁl) =2t =%1in (179)
- 2 s
Initial Vapor Velocity
v - W 106.7 1bs/min
= — = o)
M fbgfrae (4.17 1bs/eu £t) (1/48 sa f£t) (60 sec/min) (120)
= 20.45 £t/sec
Tnitial Vapor Reynolds tumber
a
.
N, = B % (181)
ey Ay

(4.17 1bs/cu £1) (20.45 ft/sec) (3600 sec/hr)
0.0329 1bs/hr-£1

1l

389,000
Tnitial Vapor Priction Factor

¢ = 0.0474 (389,000) ~0+21°

= 0.00297

This seems to be an extremely low value. The data from which

the equation was derived seems to be directly pertinent to qu < 100,C

at NR = 100,000 s £ = 0.0040

0.0040 shall be the minimum value used.

Total Wean ¥ass Flux When All Vapor Has Been Condensed

Q ™1 /i
6 - C _ 8803 BTU/min ” (182)

h! (82.5 BTU/1b) (1/48 sq £t)

fgn Afree

= 5120 1lbs/min-sq ft

¥ean Vapor Mass Flux

o2
i

0.58 G

mv

0.58 (5120)

2970 1bs/min-sq ft
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Freon 11 Heat Transfer Coefficient

°s, £1

hy 4 = 0.065 k. f G
2y 2y

_ 0.065( (0-216)  (715.1) (4 040) (0.004)) 2970
2 (0.55) (4.17)

oj-

wf=

= 4.59 BTU/min—sq fi-degF
FaX S8ide

Tree Flow Area

= (s) (tF_11)= 0 £¢) (1/2 in) {1/12 in/ft) = 1/24 sq Tt

Q- 4((3) (t))

Afree

Hydraulic Diameter

2 s
=2 t = 1 in
Mass Flux
QC
Chag = N . AT (183)
free “p Nak

_ 8803 BTU/min
(1/24 sq £t) (0.226 BTU/1b~degF) (40 deg F)

= 23,400 1bs/min-sq £t

NaX Velocity

~ Crax 23,400 1bs/min-sq Tt
YNak = = (184)
P (52.5 1bs/cu £t} {60 sec/min)
= T.,43 ft/sec
Reynolds Number
G, ., d

NRE = Nal\ h (136&)

Nak AL
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_ (23,400 1bs/min) (60 min/hr) (1/12 £t)
1.15 1bs/hr-ft

= 101,800
Friction Factor

~0.205

£ = 0.0481 (101,800) = 0.00454
NaX Heat Transfer Coefficient
0.8
k .
hy g = —— [ 5.0 + 0.025 {(mﬁe) (I‘IPT)}
4y
BTU 0.8
. 14.15 hr=ft=degF 45 4/p4 (5,0 + 0.025 {1101,800) (0.0184)}
60 min/hr

_ (14.15) (12)
60

(5.0 + 10.4)

= 43.6 BTW/min-sq ft~degF
Wall Heat Transfer Coefficient

x
%

h =
k = k,, 120 BU/hr-fi-degF

120 BTU/hr-ft-degF
{3/64 in) (60 min/hr)

b1 = (12 in/ft)= 512 BM/min-sq fi-degF

Over-all Heat Transfer Coefficient

1
/g qq * V/Pyg + 1/ By

U=

’
1/4.59 + 1/43.6 + 1/512

1
0.218 + 0.02295 + 0.00195
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1
D.243

= 4.11 BIU/min-sq ft-degP

Log Mean Temperature Difference

ar - [250-197] - [250 - 237] 53 - 13 _ 40
o 1 {250 = 197 ( ) 1,407
250 - 237 13

Hezt Transfer Area

Q T 1
4. 8803 B1M/min - 75.1 sq £t

U AT (4 11 BIU/min-sq fi~degF) (28.4 desT)

Condenser Length

Thie length is the circumferential length of the spiral condenser. The
heat transfer ares is the sum of the surface area on both sides of the heat ex—
changer walls.

L = L s (185)
As - ft
L- 2 . Do3saft oo,
8 1 ft
Condenser Volume
Assume an initial condenser radius of + + 1

=11 HaK
Initial radius = 3/4 in

VT - v (3/4)2 + ((L} (=) ’:(tp_,ﬂ + t;-.ral{ + 2 (twall)])

144 sq in/sq ft (186)

= 0.0123 + (75.3) (1) (:—_33___.)= 5.30 cu ft
(32) (12)

Haximum Diameter

D=2 “\
max

-
—
[
3
-

+ t + & +2 (t

=11 Nak wall)

:ll.fJ

+ 0.0703 = 2.67 £t

It

n
[P AW
L] L)
—
&~ 10
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The volume solution used here is of the sane form as

T 3
i JT VT
= —— 4+

U A [h A]h [h A}c

Since unfinned plates are being used, and s > > t,

—r— = —_— —— -+

1
U A Ah h hc

This is aleo true with regard to the cross-counter flow spiral con-
denser.

NaX Pressure Drop

2
PO £ Nt 4 (Vag)
HaK a, g (144)

5.13 psia

75.3) 2 (0.00454) (52.5 1bs/ou £t)7.43 s £t/sec’
1/12 (32.2 ft/sec?) (144 sq in/sq ft)

Freon 11 Pressure Drop

If the flow continued in the vapor state,

o 2
b e (75.3) 2 (0,004) (4.17)  (20.45) © _ , 03 Laia

1/12 (32.2) (144)
2o D L AT 60555 (188)
9 7541
X = 0.236

Considering the flow to be completely turbulent, we find, dependent on X,

*Tockhart and NMartinelli, "Proposed Correlation of Two—Phase Two—Component Flow
in Pipes," Chem. Eng. Progress, vel. 45, 1949, p. 39
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AP

d)v 2 - two-phase _ 5.0 (189)
tt AP or
Since P ~ S3M¢x vmix2 and Samtxvﬁix may be considered constant,

A P e V .
ave mix

Assuming a constant heat input which implies a linear variation of v

mix?
ar o~ A% (190)
ave
2
Due to shear,
A rp ., = (2.73) (5) (2)= 6.82 psia
Due to momentum change,
ape v (R - R ) (40.3) (1.135) (70.9) 0.34 poia

g (32.2) [144) (191)

£;PF~11 = 6,82 + 0.34 = 7.16 psia

In this pressure, temperature region,

ATsat of 10 degF corresponds to AP __, of 18 pzia
AT = 7.16 psia 10 degF 3.98 degF
11 .
18 psia

AT ~ 2 degF
aVeF_11

8. CROSSFLOW SPIRAL CONDENSER CALCULATION PROCEDURE

The crossflow condenser has Freon 11 flowing in the spiral passage
vith NaK flowing across the spiral. The FaK has a much smaller flow length in
chis case than in the completely counterflow condenser.

The calculations performed here will be for the same thermodynamic
sonditions as in the counterflow spiral condenser calculation procedure. The

zoometric conditions for this example are the same except that t“aK = %'in.

The calculation method, which involves an iterative process, uses the
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numerieal conclusions of the geometrically similar counterflow case. These are:

Vp = 3.56 cu 1 NRen = 101,800
NakK

D = 2.17 £t _

O oy A = T1,7 8q £t

APNQK = 39,1 psia

T
Aface _ T - 3.56 cu ft - 3.56 sq £t
s 1.0 I't
8 8
A = — (A } = — (3.56) = 1.50 sq ft
faceNaK 19 face 19

In rectangular tubes, A is linear with reference to dh.

face
T = 101,800 M
TaK 1.50 sg £t
- 101,800 0.02083 - 101,800 = 1,410
1.50 72

At this value,* flow is in the laminar region. ¥ven though some ex—
reriments have noted entrance to the turbulent region at Reynolds numbers below
1000 under unsteady flow and/or rough pipe conditions, we have chesen the con-
servative laminar friction factor value (viz. 0.013).

Tteration Step YNo. 1

Since the Freon 11 conditions are the same as those in the counterflow
case, only the NaK side needs to be investigated here.

Ha¥X Heat Transfer Coefficient

8

(14.15) (24) 0

L I 5.0 + 0.025 {(0.0184) (1,410)}

(14.15) (24) (5.0 +0.025 {25.9) 0‘8) . (14.15) (24) (5.0 + 0.3375)%x
60 60

= 30.2 BTU/min-sq ft-degP

*Kays and London, Compact Heat Exchangers, Figure 40

¥*1t should be noted here that changes in Npg, Peclet number, especially when
lipe is small, have little effect on the NaK heat transfer coefficient;
5.0»>0,338. Ttherefore, one additional iteration step will suffice for soclutio
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Over-~all Heat Transfer Coefficient

1 1

U= =
1/hF_11 + 1/hNaK + 1/hwall 0.218 + 0.0331 + 0.00195

= — 1 < 3.95 BIU/min-sq fi~degF

0.2531
Heat Transfer Area

] 8803
(3.95) (28.4)

78.5 sq ft £ 71.1 sq Tt

A = 78.5 sq £t

Since

(1) Afree = (1) (tNaK)'
(2) L= 4/s = 4,
(3) ¢ ~ 1/a

free’

(4) and Yoo ~ G
we have sufficient information for the following iteration step.
Iteration Step No. 2

NaX Reynolds Number

Moo = 1,410 Tl g 000
NaX 78.5

NaK Heat Transfer Coefficient

8
_ (14.15) (24) o
hy e = > 5.0 +0.025 {(0.0184) (1,290)}

(14.15) (0.4) (5.315) = 30.1 BTU/min-sq fi-degF

Ll

Over-all Heat Transfer Coefficient

U= ! = —1 - 305

0.218 + 0,0332 + 0.00195 0.2532
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Teat Transfer Area

2
A= 8803 = 78.5 sq Tt
(2.95) (28.4)
Condenser Length (Lm_11; L. , = 1.0 £1)
L= — = 78,5 ft
s

Nondenser Volume

v, = 0,005 + (78.5) {0.0495) = 3.8% cu It

MaK Pressure Drop

The laminar regzion friction factor, I, mentioned earlier, is 0.013.

Q
' .8 ( 3.89 cu ft) - 1.64 sq T
=Y Hak 19 1 ft

Using values comparable with the counterflow case,

AP, = (‘3-02083 ) c ((0.013) (}(1.0)) 39.1 psia

1.64 0.00454) 71.7)
1/Af and f ratio L ratio
ree
vHaK ratio
3y
_ (0.0127) ° (0.013) (1.0} ) 39,9 = 0.000252 psia

(0,00454} | \ (71.7)

This is a negligible pressure loss. In the comparable counterflow
condenser,

Vo, = 3. P = 19, i
IT 3.56 cu Tt sy HaX 19.1 psi
In the cross~counterflow case,
Vo = 3.89 cu It AP = 0.00025% psi

For equivalent in¥ pressure loes, it is obvious that a cross—counterflow spiral
condenser will be of lower volume.

\esuming that ¥ak parting plate spacing (tﬂgx) of 1/8 inch is

minimum for cleaning purposesc, a final design may have the following dimen-—
sions:

WADD TR 60-776 236



- 1.0 £t

4]
It

tp_qq = 1/4 in
by = 1/8 in
b1y = 3/64 in

s may be varied., If s 1s smaller, ths Freon 11 pressure drop would increase,
but total volume would decrecse. The use of 1 foot in this example produces a
well-balanced geometric siructure.

Final Design
Tteration Step o. 1

Afac

= A (4/15)
eNaK face

Assuming A will be smaller than in the previous example,

face

{4/15) (164 sa £t) < 2(19/15) (1.64 sa £t) < 1.04 sa £
Nak (8/19)

Aface

Azsume A = 1.04 sqg Tt
faceNaK

HakK Reynolds Tumber

0.02033 sq ft

Yo = 101,800 = 2,040
CNax 1.04 sg ft
Fa¥X Heat Transfer Coefficient
0.8
By = (14.15) (48) (= o 4 0.025 -{(0.0184) (2,040{}

60

(14.15) (0.8) (5.452) = 61.7 BTU/min-sg ft-degF

Over-all Heat Transfer Coefficient

’
0.218 + 0.0162 + 0.00195

U =
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U=—1 . 4.2) BIU/min-sq ft-degl

0.2362

Heat Transfer Area

8803
(4.23) (28.4)

A= = T3.3 sq {1

73.3 £ 78.5
Tteration Step No. 2

NaX Heynolds Humber

No, = 2,040 8.5 2,185
Nak 73.3

NaXK Heat Transfer Coefficient

0.8
(14.15) (48) .
gy = 5.0 + {(0.0184) (2,185) }

= {14.15) (0.8) [5.482] = 62.05 BTU/min~sq ft-degF
Over—-all Heat Transfer Coefficient

1

U= .
0.218 + 0.0161 .+ 0.00195
1
U= 5o5g = 424 BTU/min-sq ft-degF
Heat Transfer Area
A= 8603 - 73.1 sa £t
(4.24) (28.4)
Condenser Length (LF—11; Lyax = 10 1)

L= A8 = 73.1 ft

Condenser Volume

<3
1}

7 s (3/8)% + (73.1) (1) — 15
144 (32) (12)

0,003 + (73.1) (0.03906) = 2.86 cu ft
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YaK Pressure Drop

£ .= 0.087

- (4/15) 2eBEou Tt 4 e 0 ey
NaX 1 ft

72 :
ary - (0.02083) (0.0087) 1.0 U8)) 391 peia
Ma 0.763 (0.00454)  (35.85)  (24)

Aface

= {.000745) ((0'0087) (1.0) ) (2) 39.1 = 0,00312 psia
(0.00454) {35.85)
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APPENDIX 4

DERIVATION OF EGQUATIONS O3 FILY CONDENSATION UNDER ZERO GRAVITY

DERIVATION or mHRE COFDENSATE FPILYM VELOCITY DISTRIBUTION

The assumption is made that inertia effects are negligible in the con-
densate flow and therefore the condensate layer is in force equilibrium. This
agsumption is comnon to all appreoximate analyses of the condensation process and

as been shown to be a reasonable assumption for a wide range of conditions.

Consider a smail element of the c

ondensate layer; with negligible
inertia effects; Newton's law becomes

Xy,
§ d
P— “P+2P Ax
Y =7 +{3B} (s (192) dx
v="T7 +7-(§ - : R
P x! !
/f/fl.l'f

For the shear stress within the liquid film, we may write

v = 1 i‘——‘\;—) (193)

and the veloeity distribution is determined by

,u(j—:_);(v— do_ (5 _y) (194)

Integrating, with the condition that u = 0 at 5 = 0, we obtain

u=Zrv - 42y (s- %) (195)

The average velocity within the condensate layer is obtained by integration
T § | {d 2
W = v - —[SP
ve = zu ~smlax)® (156)
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The condensate flow per unit width of dquct, [T, is

I' = pduave =2 (%-%dx) (197)

|5

o

A

DERIVATION OF THE ENERGY BRUATION

The heat transfer rate at the wall of the duct is set equal to the
net enthalpy flux through a control surface surrounding the conderisete layer,
neglecting the effect of ligquid subcooling.

al’
ldx A%
77 — ———a.]ﬂ + EL%; Z& )(

Y

We assume a temperature distribution which satisfies the following conditions:

y =0 T = Tw
- moa
y =8 T = Tsat
That 1%
T -7
w b
————————— = e G
T -1 S (199)
sat w

The heat transfer at the wall may be computed in terms of the temperature gradi-
ent at the wallj

x [T

sat = T
(3,

Substituting this expression for wall heat transfer rate into the Energy Equation,
we obtain
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k[T, = 1,] N
=h,, —
8 g d x

Further, if the expression for condensate flow is substituted into the above
equation, we obtain

{200)

k(.r.'.at:l:v)_h d %_3_2 (:{V__ _ _S_(S'f_) (201)
S TP 4w Y \2 3 \dx

DERIVATION OF THE MOMENTUM EQUATION FOR THE GAS PLOW

Consider a control surface about a portion of the gas core of
length A x.

2P uU(b-5) 29U’(b-8) + -j; (ZPU’(b-S)) AX
f—ax —f

The momentum flux into the control surface at the left=hand face is

2PU*(b-35)

The momentum flux ou’ of the control surface at the right-hand face is

2PU(b-8) + 3% (2 P U (b-)A X

In this analysis, the momentum transfer across the liquid-vapor interface will
be assumed to be negligible, so that the net momentum transfer out of the
control surface in the x~direction is

1 EsUt-)ax

The net forces acting on the control surface in the positive x-direction
are due to shear stresses at the liquid-vapor interfaces and pressure forces.
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The force exerted by the shear stresses is Xy

~—
-2TvAKN . -—
P P+ S2ax
The net force exerted by the pressure is aﬁ'tfv

&
Zp(b-S\-Zp(b-S)- ﬂ‘;(Zp(b-S))AX "Z(P‘*';T —:-5 Ax)ﬂ?dx

(202)
Neglecting quantities of second order, this expression reduces to

B _ad
2(b s)g%ax

Setting the net force on the control surface in the positive x-direction equal
to the net momentum flux out of the control surface in this direction, we obtain
the momentum equation for the gas flow,

- 2(5-9)3B-ax-2%8%= 53 PU"‘(b-S))AX )

-(b-9) 2% = —f—;(pu‘ (s —-8)) (203)
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TABLE 19

SUMMARY OF NUMERICAL RESULTS

A= 1.62 x 10 70 B =4.76 x 10 ¢ C = 1.57 x 10 2
X s T g Ty dp /dx

50 .028 .042 . 985 .00434 ~.00258

75 .033 056 977 .00426 ~.00278
100 .036 .067 .967 .00418 -.00276
125 .040 .078 . 960 .00412 -.00287
150 .042 .088 .952 .00413 -.00296
175 .044 .097 .544 .00406 -.00299
200 .047 .106 .938 .00401 -.00303
300 .054 .138 911 .00384 -.00305
400 L061 167 ,887 .00367 ~.00301
500 066 192 .865 .00352 ~.00296
600 .0718 216 .845 .00339 -.00290
700 L0766 .238 .826 .00326 ~.00284
800 .0812 .258 .807 .00314 -.00278
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APPENDIX 5
MINTHMUL CONDENSATION HEAT TRANSFER COEFFICIENT ANALYSIS

Consider the flow of a condensing fluid between two parallel plates,
Separated by the distance 2 a. The heat conducted (per unit depth) through the

T

o T ey i
e X+ f—dx

liquid film at any section x along the plate
law of conduction

5 can be expressed by the Fourier
L

dg =2k ax L7 _ (202)
Ay

vhere k is the liguid conductivity and A T/A ¥ ig the temperature gradient
icross the film. Similarly, the application of Newton's law of cooling to the
tiquid boundary layer at this same section x results in

dg = 2 h_ dx AT (205)
here h, is the condensing film coefficient of heat transfer.
wo equations, it is immediately obvious that

k

h o= X (206)
Ay

Comparing these

t is also obvious that the m

inimum value of the condensing film coefficient
f heat transfer is

(h) . = Vi X _ Kk (207)
¢’min AY~3 Ay N

The equivalent h

ydraulic diameter of the case under consideration can
* shown to be

Us the minimum value of the condensing film coefficient of heat transfer,

in
rms of the hydraulie diameter, is
_4x
(hc)min - (208)
by
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