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FOREWORD

This report, Hydraulic Servo Control Valves -~ Part 5, Analog Simula-
tion, Pressure Control, and High-Temperature Test Facility Design, was
prepared under the direction of B. A. Johnson, project engineer and T. J.
Dunsheath, technical director of the Automatic Controls Section of Cook
Research Laboratories, Morton Grove, Illinois. This work was done under
Air Force Contract No. AF 33{(616)-5136, and this report is the first of two
parts to be prepared under this contract. It also is a continuation of previous
work on related subjects and is Part 5 of the series entitled Hydraulic Servo
Control Valves. Incluced is a means of analog simulation for the internal
characteristics of a servo valve, analysis of a pressure control valve includ-
ing development and experimental verification of its transfer function, and
design of a high-temperature valve test facility. Part 6 of this series will
contain information on the effects of oil contamination on valve operation, an
analysis of factors influencing valve life and reliability, results of standard
tests on certain newly developed valves, and a study of the effects of gamma
radiation on servo valves and control systems.

Personnel involved in the program included L.. R. Axelrod, W. L.
Kinney, D. R. Johnson, J. A. Scheid, E. D. Schumann, and A. D'Andrea.
Mr. Axelrod developed the equations necessary for analog simulation of the
valve and was assisted in the actual simulation by Mr. Scheid. Mr. Schumann
performed the necessary experimental work on the two valves that were sim-
ulated. Mr. Kinney developed the pressure control valve transfer function
and was assisted in laboratory verification of the results by Mr. D'Andrea.
Mr. D. R. Johnson performed a major portion of the work in the design of
the high-temperature test facility,

The work was administered under the direction of the Flight Control
Laboratory, WADC, with Mr. V. R. Schmitt as initiator. This document
is unclassified.
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ABSTRACT

This report is divided into three sections, analog computer simulation
of an electrohydraulic servo valve, investigation of pressure control valves,
and design of a high-temperature test facility. In the first section, analytical
relations are developed which describe the internal nonlinear operations of
the valve. These equations are then mechanized on an analog computer and
the results verified for static conditions.

The advisability of using a pressure control valve as opposed to a
flow control valve in closed loop operation is investigated in the second
section. Included is the development of a pressure control valve transfer
function and experimental verification of the analytical results. In the third
section, the requirements for a valve testing facility capable of providing
and utilizing oil at 750°F, and an ambient temperature up to 12009F, are
presented. Such a facility is designed and described.

PUBLICATION REVIEW

This report has been reviewed and is approved.

%Vb DONALD S. DUNLAP
Colonel, USAF

Chief, Flight Control Laboratory

FOR THE COMMANDER:
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CHAPTER 1

INTRODUCTION

A. Purpose

This is an interim report and covers the results of work carried out
under the following three tasks:

(1) A Servo Valve Analog Study
(2) Investigation of Pressure Control Valves

(3) Requirements and Design of a High-Temperature Hydraulic
Test Facility.

Four other tasks, conducted under this same contract, will be
covered in Technical Report 55-29, Part 6. These are:

(1) Investigation of the Effect of Nuclear Radiation on Electro-
hydraulic Servo Valves and Associated Equipments

(2) Investigation of the Effects of Oil Contamination on Servo Valves
(3) Study of Life and Reliability of Servo Valves
(4) Test of Three Electrohydraulic Servo Valves.

The purpose of the Servao Valve Analog Study was to simulate on an
electronic analog computer the complete operational characteristics of an
electrohydraulic servo valve, excluding certain transient flow phenomena,
Such a simulation is useful for investigating how various valve parameters
affect the over-all valve performance and can be used to optimize the wvarious
elements within the valve to provide the best combination of valve character-
istics.

Manuscript released by the author 8 August 1958 for publication as a WADC
Technical Note,
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The object of the Pressure Control Valve Investigation was to
determine the types of applications or loads for which the pressure control
valve was more suited than the flow control valve and to determine the ex-
tent of its superiority, if any. Another objective of this task was to study
and compare various designs of pressure control valves and to determine
their transfer functions.

The purpose of the High-Temperature Facility phase was to ascertain
the high-temperature requirements of present and contemplated aircraft and
missiles, to determine the requirements of a facility for testing components
which will operate under high oil and ambient temperatures, and to formulate
a preliminary design of such a facility. A brief survey of high-temperature
facilities currently in operation or under construction was also required.

B. Organization of the Report

Each of the various tasks is included as a separate integral chapter
of this report. Chapter II and Appendixes I through IV cover the Servo Valve
Analog Study. Chapter III and Appendix V discuss the Investigation of Pres-
sure Control Valves. Chapter IV and Appendix VI deal with the High-
Temperature Facility Study.
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CHAPTER II

ANALOG COMPUTER SIMULATION OF AN
ELECTROHYDRAULIC SERVO VALVE

A. Introduction

1. Background

In the comparison of electrohydraulic servo valves the question
often arises, '""Why does one valve have better dynamic response than
another?' It is doubtful if the valve manufacturers themselves can
answer the question in its entirety. A complete answer would require
a thorough understanding of the internal operation of the valve itself;
this is difficult to obtain either analytically or intuitively because of
the great number of nonlinearities associated with the valve.

For example, in a typical two-stage valve with a flapper-nozzle
first stage and a spring-restrained output stage, the torque motor
possesses at least two nonlinearities; the saturation of the force vs.
differential current characteristic, and hysteresis in the magnetic
core material. The flapper is actuated by nonlinear flow forces which
are proportional to the product of the flow and square root of the first-
stage differential pressure; coulomb friction of the flapper can generally
be ignored. The characteristics of the flapper orifices are also nonline-
ar, according to the Bernoulli relationship Q = kx /AP where x is
flapper displacement, AP is the differential pressure across the ori-
fice and k is a constant. Thus, the first stage has four significant
nonlinearities if coulomb friction is neglected and if magnetic torque
vs. flapper displacement can be considered linear over the range of
operation.

The second stage also exhibits the flow force and orifice non-
linearities previously mentioned, as well as spool coulomb friction
and stiction which cannot be neglected as may be possible in the case
of the flapper. All these nonlinearities are associated with the static
characteristics of the valve. Added to these are flow saturation of the
first stage and dynamic lags occurring in the torque motor, flapper,
passages between the flapper and the output spoocl, the output spool
assembly, etc., which further complicate the problem,

WADC TR 55-29 Pt 5 3



It can readily be seen that a valve defies exact analysis unless
a great number of simplifying and linearizing assumptions are made.
The work conducted to date utilizing these assumptions has not been
particularly encouraging.

The methoed of small perturbations, which was employed success-
fully in the analysis of valve-controlled systems (References (1) and (2)),
could not be used for analyzing the valve itself: the variations in the
significant parameters were so large that the various nonlinear rela-
tionships in the valve became amplitude sensitive, hence prohibiting
small signal analysis.

The describing function approach was not used because to do so
would have required the assumptions that the input to the nonlinear
element was sinusoidal and that the output of the nonlinear element was
periodic, with only the fundamental making a significant contribution to
the response.

Actually, most of the equations describing the valve's operation
can be formulated analytically even though they are nonlinear and not
readily solvable. It was this fact that suggested a third approach, the
one that was actually used. It was decided to simulate a servo valve
itself on an analog computer.

2. Plan of Attack

Once it was decided to simulate the valve, it became necessary
to prepare a detailed plan for accomplishing the simulation. It was
decided to simulate two valves and judge the success of their simu-
lation by the closeness of agreement between the analog data and the
measured valve characteristics. The two valves were purposely
chosen to be different from each other; the Moog 942 is an uncompen-
sated low flow valve, whereas the Moog 9126 is a gain compensated
high flow model. For each valve, the simulation program consisted of
three phases: an experimental phase, an analytical phase, and a
simulation phase.

The experimental phase consisted of three tasks. First, phys-
ical dimensions and valve constants were measured; second, operating
characteristics of the first stage were obtained; third, over-all char-
acteristics of the valve were experirmentally determined.

Concurrent with the experimental phase was the analytical phase,
which consisted of two tasks. First, analytical relationships in the
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form of equations and graphs were derived from theoretical consid-
erations; second, these relations were verified, as far as possible, by
comparison with the data obtained in the experimental phase.

The simulation phase itself began when the other two phases were
completed. First, the equations were used to construct a block dia-
gram; second, a computer wiring diagram was prepared from the
block diagram and used to mechanize the equations of the valve; third,
the complete analog was built up by obtaining correspondence between
analog and experimental data for each stage before adding the next stage
to the analog setup.

In this manner, an analog of each valve was obtained which
compared closely with the actual valve,

B. Experimental Phase

1. Measurement of Physical Dimensions and Valve Constants

Resistance and inductance of the torque motor coils were meas-
ured using the procedures described in Reference (1). The various
physical dimensions were determined optically with a Gaertner Tool-
maker's Microscope M-2001, which can read to 0. 0001 inch., For
readily accessible parts, micrometer measurements were also taken.
The spools and springs were weighed on a standard analytical balance.
The actual computation of various valve constants from the significant
valve parameters is described in Appendixes I through IV. Specifically:

(1) Appendix I describes the determination of torque motor
parameters.

(2) Appendix II describes the determination of flapper
parameters.

{3) Appendix III describes the determination of first-stage
parameters.

(4) Appendix IV describes the determination of second-stage
parameters.

2. Determination of Operating Characteristics of the First Stage
a, General
The following tests were conducted to provide a satis-

factory description of first-stage operation:
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(1) Measurement of first-stage leakage flow

{2) Measurement of spool end null pressures {with zero
differential current)

(3) Measurement of spool differential pressure vs.
differential current, with zero spool flow (blocked load te st)

(4) Measurement of drain pressure

(5) Measurement of spool flow vs, differential current,
spool differential pressure a parameter

(6) Measurement of spool flow vs. spool differential
pressure, differential current a parameter.

b, Experimental Setup

A special valve manifold was installed on one of the static
test stands to facilitate first-stage tests. This manifold had
provisions for measuring the pressures on each end of the valve
spool by utilizing the special taps which are found on Moog valves.
Figure 1 shows schematically the piping layout. First-stage flow
was measured by employ-

ing an actuator in series m
with the flow path and PUMP
measuring its velocity. U

The actuator was

a Curtiss double -ended

model with a 4 inch
stroke. On one end of

the actuator shaft was

fastened a marker which VALVE

was positioned over a

ruler which was in turn - MANIFOLD @
02

fastened to the test bed. v, ‘x v

The area of the O-ring
sealed piston was

Both V; and V,
were Marsh needle Figure 1. Schematic of First-Stage
valves. The Helicoid Test Installation
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pressure gages had a range of 0-3000 psi.

A Moog valve torque motor cover was drilled to accom-
modate a pressure tap, thus permitting measurement of drain
pressure.

c. Experimental Procedures

First-stage leakage flow for each valve was obtained from
the standard quiescent flow test prescribed by Reference {1).

Spool end null pressures were measured by closing V] and
V, and reading the pressure gages with differential current
adjusted to provide the pressure null.

The blocked load test was run by closing both V§ and
V2 and measuring the spool end pressures for various values of
applied differential current.

The first-stage pressure-flow tests were run by measuring
all three pressures and first-stage load flow for various valve
openings and a fixed value of differential current. Runs were
made at + 2, £ 4, + 6, and £ 8 ma.

3. Determination of Over-all Characteristics of the Valve

The tests used for determing over-all valve characteristics
consisted mainly of the standard tests described in Reference (1).

They were:
{1) Measurement of Quiescent Flow

{2) Measurement of Lioad Differential Pressure vs. Differ-
ential Current at Zero Load Flow {(Pressure Gain)

{3) Measurement of Valve Flow vs. Differential Current, Load
Differential Pressure a Parameter (Flow Gain)

(4) Measurement of Valve Load Flow vs. Load Differential
Pressure, Differential Current a Parameter.

A system for measuring instantaneous spool position was also
provided. The movable core of a Schaevitz Linear Variable
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Differential Transformer was mechanically coupled to the spool. The
input winding was excited by a 5 kc constant amplitude carrier. The
output signal, after demodulation, was a varying voltage with an
instantaneous amplitude proportional to the displacement of the mov-
able core and hence to spool position.

C. Ana,lyt'i cal Phase

1. Introduction

In the analytical phase, the numerous equations describing
valve operation were obtained from theoretical considerations. These
inherently nonlinear relationships were then solved graphically to
yield numerical values and characteristic curves which could be
readily verified by direct measurement.

The derivation of these equations was relatively straightforward,
involving for the most part fundamental principles of electricity,
mechanics, and fluid dynamics. Each equation will be examined in
some detail in Part C2 of this chapter. Figure 2, a simplified sketch
of a typical two-stage
valve, indicates the
valve constants and

variables which are b
referred to in the a :_ INPUT
equations that follow. b o

_— U
. 1s FLAPPER
As a subsidiary T
———

part of this phase,

Paz
various parameters A /_I- li k.
(orifice coefficients, OZILE NO.2 X—— NOZZLE NO.I I

torque motor constants, T 5
flow force coefficients, /\ { '

etc.) had to be as- Cop =1~ Ps ,—:‘F' %ol
signed numerical values. \

This aspect of the 1 TO ORAIN TO DRAIN 1
analytical phase, in- Qg ] {OOL l s
cluding analysis of AN

the magnetic circuit, ' Y r—

will be deferred to

g;)pendlxes I through To ACTUAT;R—ll \ 70 AGTUATOR

Figure 2. Typical Two-Stage Servo
Valve
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2. Equations of Valve Characteristics

Surnming the voltages in the torque motor circuit,

e =RA1+LA'1+KV;}' (1) %
where R includes the plate resistance of the output stage and the
resistance of the torque motor and where K, x' represents the flapper-
induced back emf. Summing the torques acting on the flapper,

aKmAI—b(AfAP-FF)zJ'G+D'O+K'O (2)
where we have defined, for convenience of notation,

AP = Pgl - POZ (3)

and where Fy., the flapper flow forces, can be expressed as the
change in momentum of the fluid impinging on the flapper. That is,

Frp = QN1 u1 - Quauzlp
Since the velocity u = Q/A, we can write that
Fp = (QN12 - ON29) p/Ag (4)
Since the angular displacement of the flapper is small,
xl’

x
0 =7 =% (5)

Application of Bernoulli's principle to the various first-stage
orifices results in the following equations:

Qo1 =Ko +/Pg - Py, (6)
Qoz =Ko /Ps - Pg2 (7)
QN = Kb (1 - x/h)./Pg; _ Pp (8)
Qpp = Kb (14 X/h)m (9)

# See Table 1 for list of symbols
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QL=KD./PD (10)
From continuity considerations, we can write

Qo1 = QN1 * Qs (11)

Qo2 = Q2 - Qs (12)

Equations (6) and (7) can be solved explicitly for pressure, a step
which anticipates the computer mechanization.

2
Po1 =P, - (Qo1/Kg) =11 (Qq) (13)
2
POZ = Ps - (QOZIKO) = fz (Qoz) (14)
Summing the forces on the spool, we obtain
A AP = My +Dy+Ky+KBPV3rﬁ:FC (15)
where the last terms on the right hand side are the Bernoulli, or
reaction, force on the spool and spool coulomb friction, We can
also write the equation of continuity for the spool as
Qg = Ay + K AP + K AP (16)

The relation between valve flow and spool displacement can be
written as

Q, =Kpy /P, - P, (y/ Iyt) (17)

only as long as spool displacement is greater than the underlap.,
However, when the spool displacement is less than the underlap, the
valve behaves like an open-centered valve, and the pressure-flow
curves can be approximated with sufficient accuracy by the following
relationship

Qy = Cyy - CyPy (18)
For convenience, both (17) and (18) can be written as

Qy = f3 (y,Py) (19)

Actually, valves of the type which were simulated are designed
for zero lap, but spool manufacturing tolerances can introduce either

WADC TR 55-29 Pt 5 10



underlaps or overlaps of about 0.0002 inch; since there are two
orifices in series, there even exists the possibility that one could be
overlapped and one underlapped. However, since these tolerances
exist radially as well as axially, the over-all effect is for the valve to
have the flow characteristics of an open-center valve at small spool
displacements. Determination of the exact spool-sleeve configuration
can best be obtained from an examination of the plots of blocked and
short-circuited load pressure vs, differential current, as discussed
in Reference 1.

The relation between load pressure and valve flow depends on

the nature of the load. Assuming a viscous load, we can write in a
form analagous to (15).

A P =B,0, (20)

Again applying the principle of continuity, this time to the actuator,
we obtain

Q, =40, +K,P +K,P (21)
If we let x/h = 0, then Pyp =Py, = Py and likewise
Qpy =Ry, = Qn1 = QNZ = QL/Z' Equations (6) through (10) then reduce

to the following matrix equation

2.2 2 22
5 2 = KD Ps 4 (22}
4K0 KD PD
Now, letting
d = K /K 23
D O (23)
and
o= KolK (24)

the solution of (22} for null pressure Py and drain pressure PD can be
written after suitable rearrangement as
2 2,2
d“ + 4h
Po= 5 [x - P (25)
a“ 4+ (d“ + 4) h%/r?

WADC TR 55-29Pt 5 11



2.2
PL= = 4h2/r S P_ (26)
d“ + (d + 4) h%/x

The determination of first-stage pressure-flow curves required
an extensive graphical procedure. This procedure can best be under -
stood by first considering the solution of (11) and (12) for Q. and the
subsequent substitution of (6) - {9) into the resulting equations. The
final result is

Q. =Ko /Ps - Pg1 - Kyh(l - x/h /Pgy - Py (27}
Qg = -Kp, /PS - Py, KNh(l + x/h ,/Poz -Pg (28)

The right hand side of {27) was plotted with Qg as ordinate, P as
abscissa, and x/h as a parameter; a similar plot was made for the
right hand side of (28), Then for any given value of x/h and for
various values of Qg, corresponding values of Py) and P, were read
off the graphs. Making use of {3}, a graph of Qg vs. AP was con-
structed with x/h as a parameter. This family of curves can be
described symbolically as

Qg = f4{AP, x/h) (29)

From the magnetic circuit analysis in Appendix I, it was possible
to evaluate the static relation existing among AP, AI and x/h:

aKm K'h
bAf bzAf 30)

Then, for a given Al and x/h, AP was determined from (30). For
the same x/h and the derived AP, Qs was determined from (29).
Hence, it was possible to proceed point by point and plot Q; vs. AP
with AI as a parameter. The equations for the first-stage pressure-
flow curves which were obtained in the manner just described can be
very closely approximated by

Q. =Kj AI - K2AP, (31)

a relationship that will be used later in the analysis of the dynamic
characteristics of the valve.

The determination of blocked load characteristics was ac-
complished by letting Q; = 0 and solving (6) and (8} for Pyj and (7}
and (9) for Pgz. Making use of (3), there finally resulited an ex-~
pression for AP as a function of x/h.

WADC TR 55-29Pt 5 12



4 (Pg - Pp) (h%/r2) (x/h)
AP = (32)

3
[1+£2(1-£)2}[1+}_1_ (1+£)2]
h 2 h

r r

Combining (30) and (32), it was possible to obtain a graphical re-
lation between x/h and Al

x/h=1f(A]) (33)

Using (32) and (33), there ultimately resulted the desired blocked
load characteristic, a plotof A P vs. AL

No-load response was determined by solving simultaneously
the Liaplace transforms of (15}, (16), and (31) under no-load con-
ditions. Neglecting spool coulomb friction under these conditions,

Ag AP =(Ms? + Ds + K¥) § (34)
Q, = A s7+(Kes+K{) AP (35)
Qg =K)AI-K, AP (36)

where for convenience of notation in (34)
K* = K + KgPg

with KpPg the value of the Bernoulli forces at no-load. The bars
over the variables serve to indicate that they are the Laplace trans-
forms of the actual variables and, hence, are functions of s rather
than t. Equations (34}, (35), and (36) finally yield

, AK1/K-M
sz_I_(s) = SZ C
. K + + *
33 +[._._._..__L+K2 +£ ]SZ+[AS + Ky + K2 }3 +_I.<_..x]e+K. L, K_Z. .._I.{_
K, M K.M Kc M M K. M
(37)

It was found that K*/M was much smaller numerically than either of

the other two coefficients of 5. Neglecting K¥/M and factoring the
cubic denominator results in

AsK]_ /KCM

AT (K, +K)K* '1[2 (KL+K2 D) (A-’- K[ +K, D):’
[s + 8 + + == ) s+ F

+
A ZH(K, tK,) D) K, M KM K. M

(38)

WADC TR 55-29 Pt 5 13



Replacing s by jw to obtain conventional frequency response informa-
tion, we find that the linear factor has a break frequency of the order
of 10 - 100 cps; the quadratic factor has a resonant frequency of
several kilocycles. The first order break frequency can be written as

£
g = L = (39)
2w D+ Ag

but if viscous damping and spool leakage can be neglected, as is
usually the case, a very simple equation for predicting the valve's
approximate bandwidth results

K= K2

1
f. = ——— {40)
1 21 Ag

Equation {37) can be solved to give a relation between y and A}
under static conditions. Letting s = 0, we obtain

A Ky
Y= Al (41)
(Kq, + Kp)K*

a relation which is essential for obtaining numerical values of
Ky (see Appendix IV).

The next section will consider the simulation phase, during
which the exact equations and curves derived in this section were

mechanized,

D. Simulation Phase

1. Preliminary Considerations

a. Preparation of Block Diagram of the Valve Equations

The equations which were derived in Section C became
the basis of the valve simulation., A block diagram of the
equations was prepared as a necessary first step. For

WADC TR 55-29 Pt 5 14



convenience of notation, the Laplace transforms of the various
differential equations were used; these equations in operational
form are listed below with only a minimum of comment. As
before, transformed variables are indicated by the presence of
a bar over them.

Transforming (1) and rearranging terms,
€-K s¥ = (R+L s) Al (42)

From (2) and (5),

— — — X
aK_AT- blAAP - Fy) = (7' s°+ D' s +K') 5 (43)
and
E =§ x' (44)
Transforming (15) and rearranging terms,

— ——t 2 —_—
A AP - KB Pyy) £ F_,=(Ms" +Ds +K)y (45)
Similarly operating on (16),
Q. =Assy+ (K.s+K;) AP (46)

Equations (42) through (46), together with the various
other equations derived in Chapter III, were then graphed,
using standard signal flow, or block diagram , procedures.

The complete block diagram, Figure 3, has two un-
conventional aspects which warrant close considerations. First,
the block labelled "Dead Zone' was incorporated to represent
hysteresis of the torque motor, a factor not explicitly accounted
for in the theoretical analysis of the torque motor. Second, the
presence of the blocks to represent multiplication or squaring
of variables and generalized functional relationships indicates
the extreme nonlinearity of the equations describing valve
operation. :

After the block diagram was completed, but before the
computer wiring diagram could be prepared, it was necessary
to determine values for the computer components. The block
diagram had to be scaled in order to obtain reasonable resistor

WADC TR 55-29 Pt 5 15
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and capacitor sizes; the procedure followed will be discussed
in the next section of this chapter.

b. Determination of Computer Scale Factors

Once numerical values for all the constants were inserted
in the block diagram, it became quickly evident that the problem
could not be run in real time. The presence of resonant fre-
quencies as high as 10 kc dictated a time-scale change of 1000
to 1. Under this scale change, a 10 kc resonance appeared on
the computer at 10 cps.

The criteria for the determination of amplitude scale
factors were: amplifier inputs had to be large enough to produce
favorable signal-to-noise ratios; amplifier outputs could not
exceed £ 100 volts, For simplicity and ease of interpretation,
and in order to handle the wide range of values some of the
variables possessed, the method described in Reference 3 was
used for scaling the problem.

Using this system,
1 machine unit = 1 volt {47)

For example, nozzle pressures are typically about 140 psi,
whereas load differential pressure can range from - 3000 psi to
+ 3000 psi. To satisfy the criteria established earlier, the
outputs of amplifiers representing nozzle pressures had the
"value" 0.1 Pgj and 0.1 Py, whereas the outputs of amplifiers
representing load pressure had the "value' 0.01 PL'

One more example will serve to illustrate the method.
Nozzle flows are about 0.15 in’/sec, but output flows are about
15 in3/sec. Hence, on the computer nozzle flow amplifiers
represent 100 Qu, but output flow amplifiers only represent
1.0 Q.

This system of scale factor (or perhaps more appropri-
ately, amplifier output) selection worked very well; the only
precaution necessary was for all inputs to summing points to be
of the same power of 10,

A new block diagram was then prepared, taking into
account the values of the scaled variables.
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c. Preparation of Computer Wiring Diagram

The analog computer wiring diagram was prepared from
the scaled block diagram using conventional computer circuitry
as applicable to the specific equipment available., That is, on
the 1.3 GEDA, adjustable plug-in resistors were used to produce
coefficient units, but on the modified Heath Analog Computer
fixed resistors and output attenuators were used for the same
type of unit. Figure 4 compares the two procedures for a unit

2.5 1.0

AN ANN
E, 1.0 Ep E, 0.) E.
AAA HEATH ] —

AN I?
'“

“fg.—
Es = - 2.5E, E, = - 2.5E, S

|
)

Figure 4. Comparison of Coefficient Units

whose output voltage is 2.5 times the input voltage.

Figure 5 is the final computer wiring diagram for simu-
lation of the Moog 9126; this diagram resulted from making the
various adjustments described in the next section,

2. Simulation Procedure
a. Equipment Used

The linear relationships previously derived were set up on
a GEDA L3 Analog Computer; however, because the GEDA had
an insufficient number of amplifiers, certain subsidiary relations
were set up on a Heath Analog Computer modified by the use of
chopper-~stabilized Philbrick K2X operational amplifiers. {Heath
amplifiers are indicated on the computer wiring diagram by a
number with the prefix H.) The nonlinear relations were
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generated on Electronics Associates Model 16-7J Electronic
Multipliers and Model 16-16B Diode Function Generators.,

b. Setup and Initial Adjustments

In what follows, the discussion will be primarily limited
to simulation of the 9126; a similar process was used for the 942.

The equations of the torque motor were first mechanized,
It was found that the effects of flapper back emf and torque motor
inductance could be neglected, thereby simplifying the circuitry.

Next, the equations of the first stage at blocked load
{Qg = 0) were added to the simplified torque motor equations, It
was found that the flapper flow forces could be neglected without
noticeably affecting system response.

At this point, initial gain adjustments were made. No
voltage was applied to the torque motor (e = 0}; gains on 14 and
16 (underscored numbers refer to computer amplifier numbers)
‘were adjusted to yield exactly 50 volts output from each. The
inputs to 20 were grounded and each loop was then adjusted
individuall_y.

Considerable difficulty was encountered in attempting to
adjust these loops. Since the equations were algebraic, the
loops did not have the usual low-pass filter characteristics of
a closed-loop system and went unstable, ringing at about 10 kc.
The problem was solved by reducing the number of amplifiers
to a minimum and placing 100 ppf and 0,01 pf capacitors in the
feedback paths of critical summing amplifiers. The resultant
configuration gave satisfactory results for static tests; however,
its dynamic response was not as satisfactory because of the low
cutoff frequency introduced by the extra capacitors.

One possible means of improving the bandwidth would have
been to make a further time-scale change; however, to do so
would have required the use of frequencies from 0.001 cps to
0.03 cps, which were below the lower limits of existing oscil-
lators and recorders., Another alternative would have been to
measure the response of the compensated computer circuitry and
use the dynamic lags as part of the simulated valve lags. The
calculation or experimental determination of such corrections
would have been quite tedious and time-consuming because of
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the presence of parallel feed-forward paths and multiple feed-
back paths in the system. There was insufficient time to attempt
this approach.

Loop 1 was adjusted by setting the gains on 10, 18, and
13 to yield simultaneously QN1 =0.14 in3/sec a.n&_(—P(H—— Pp) =
140 psi. The procedure was essentially systematic "knob
twiddling". Loop 2 was adjusted in a similar manner.

Once the two loops were adjusted properly, the inputs to
20 were reconnected and the spool was unblocked by feeding
back Qg to 18 and 23 (with the appropriate polarities for each);
the computer was ready for running first-stage pressure-flow
tests.

c. Final Adjustments and Tests
(1) First-Stage Pressure-Flow Tests

With differential current at 8 ma, the feedback on
4 was adjusted so that AP would be 350 psi, an experi-
?nentally obtained value, with Qg = 0. As the output of
3 was varied, corresponding values of AP and Qg were
Tead. Because of the inaccuracies necessarily inherent
in the estimate of flapper parameters, the first plot of
Qg vs. AP did not match the theoretical curves. By
judicious trial-and-error adjustment of the flapper spring
rate, the final plot practically coincided with the experi-
mental curves over the entire range.

{2) Qutput Stage Flow Gain Tests - Closed Center

Once the first-stage tests were run, the dynamics of
the spool were added. It was determined that leakage and
compressibility across the spool lands, as well as spool
coulomb friction, could be neglected, further simplifying
the computer circuits,

For an 8 ma input and for a given load pressure, the
spool spring rate was adjusted so that the experimental
value of Q, was obtained on the ocutput of 8. Then, differ-
ential current was varied from +8 to -8 and the resultant
Q, measured.
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Because of insufficient time, it was not possible to
obtain output stage pressure-flow curves, but such data
were available by making a cross-plot from the flow gain
curves.

{3) Output Stage Flow Gain Tests - Open Center

For a 0.2 ma input and with Py = 2900 psi, the
attenuated input to H5 was adjusted to give zero valve flow.
Then for various gi—;;n load pressures, Al was varied
from +0.2 to -0.2 ma. The intercepts on the AI axis of the
low-flow curves yielded points on the pressure gain curves.

3. Comments on the Simulation Phase

The analog described in this chapter accounted for all static
operational characteristics of the valve. No attempt was made to
simulate the unsteady flow conditions which can cause instability in
the case of certain spool geometries (5}; it was assumed that the valve
had been designed to prevent these instabilities.

The transition from closed center to open center operation of the
output spool was not performed, but a suitable analog circuit for
simulating this transition is shown in Figure 6. Time did not permit
the checkout of this circuit,

One no-load frequency response run was made. The results of
this test were unsatisfactory and indicated that the dynamic lags in the
computer circuitry would have to be taken into account if an accurate
dynamic simulation was to be obtained. This matter is discussed
more fully in Ssction D 2b of this chapter.

E. Discussion of Results

1. Physical Dimensions and Valve Constants

Table 1 contains a list of all symbols which were used in the
analytical phase of the analog study. Those constants obtained from
theoretical and graphical analyses have as an entry the number of the
equation in which they first appear; those obtained by direct meas-
urement have, in addition, an asterisk to indicate this fact.
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TABLE 1

LIST OF SYMBOLS

i i i Direct Measure- Numerical Value
Symbol Description Dimensions
! == ment and Equation | 9124 942
Number
- Magnet Torque Arm ine 2% 0. 55 o, 500
tustor 8 -section
Aa ::. a or cros in 20 Various
Flapper croas-section - -4
4 area " inz 2 z.saxio™d 314x10
A Movabls air gap area in? 1-3 0.0195% 0.0184
A Magnet crose-section
M .,,i“ in® -7 0,163 0,163
A Spool cross -section - -
] area tn? 15 nosxiodf 31ex107?
b Noxsle torque arm in. > 713 0. 660
B Flux density in air gap
am
due to electromagnet gauss 1-4
B Flux denwity in air gap
pm I-4
dua to permanent maghet gauss
B Flux density of
- permanent magnet gauns 1-7
B A viscous damping| lh-secfin 20 Various
v
By Flux density in air gap
between {lapper and
pole piece 1 gauss 1-3
B, Flux density in air gap
between flapper and
pole piece 2 gauss 1-3
€ Q,/y@pP =0 in®/aec 18 982 160
€2 0P, By = conmtant | in/Ib-sec i8 1e7x10 29x10"t
[} Ratio of drain orifice
constant tO upsiream
orifice constant nmumeric 23 4.9% 10.1
D Spool viscous damping 1b-mecfin 15 0.1l 0.13
12 Flapper viscous damping | in-lb-sec/rad z 2.22x10°Y 4. 3x107?
D Drain orifice diameter in, 4 8 L .37 x 10'?' 2.0} x lﬂ'z
. Nozzle diamster in. HI-5+ Lo4x1e3 zoxiok
L4 Upstream orifice
dinmater in, -3 ezx107? | b4x10”?
. Voltage applied to the
torque moter valte 1 Various
1, No-load break {requency | cps 39 110 (-1
Fe Spool coulomb friction 1b 15
}'F Flappar flow forces b 2
h Nominal noztle-flapper 3
clearance in. e Lsx107? | z7wxi10”
H, Magnetizing force of
PATMADeBt mAgnsl osrared -8
H-'m Magnetizing force in air
gap due to permanent
magnet oersted 1-8
Al Differential current in
torque motor ma 1 Yariable
|
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TABLE 1 (cont'd)

LIST OF SYMBOLS

I

=

ol

o
]

LIS S 4

Po1

Poz

AP

Description

Flapper moment of
inertia

Spring rate of spool
rostraining springs

Flapper spring rate

Total spool epring rate
at no-load

Spool flow force spring
Tate conatant

Spool compressibility
coeificiont

Drain orifice constant
Qutput valve flow constant
Spool leakage coefficient
Torque motor constant
Nossle constant

Upstream orifice constant
Flapper back em{ constant
Qs/AIBAP =0

a0, /3 AP@ AT = constant
Actuxtor leakage coefficient

Actuator compressibility
coefficient

Length of air gap between
flapper and upper pole piece

Length of air gap between
flapper and lower pole piece

Torque motot inductance
Total air gap leagth

Total length of magnet
Spool mass

Mmi of permanent magnet

Number of turn on torque
motor

Drain pressurs

Load differential pressure
Spool end null pressure
Pressure at nozzle 1
Pressure at noxzle 2
Supply pressure

VYalve pressurs drop
P, -Pp
Spoul differential pressure

WADC TR 55-29 Pt 5

Dimensions

in-lb-sec?/raq?

Ib/in

h-lb,l‘ld

Ibfin

inSfy,
in*luec /1B
in3/see /o
Lns.flh-llc
Ibfamp
inz.flcc.‘ﬁﬁ
in/sec /B
vole-sec/in
insfml~lec
in%/1b-sec

insflh-suc
in%/1m
in.

in.

henry

in.

i,
Ib-sec®/in

gilbert

numeric
1b/in?
1b/in?
b/ I.nz
1b/in?
Ib/in®

1t/ inz

lbltnz

Iv/in

25

Dirsct Msasure- Numerical Valua
maent and Equation |91Zé G42
et
2 6.81 x 1077 5.96 x 1077
15 510 475
2 2t 3
34
15 0.133 0.135
16 .33x10-8 | 4.22x108
10 1.5x1072 3. 3x107%
17 60 20
16 9.3x107° 9.1 x 107"
z 25 17
8 4,85
6 noe3x107? | 21 x107?
1 2, 54
n 2.z0x107% | 224 x1078
% s.36x107 | aexr0™t
21 Various
21 Various
I-16%
1-17%
1* 0.7 1.0
1-8%
1-8+
158 217x107% | s.1x107®
1.14
1-11 4500
8 400 89
17 Variable
22 537 555
3 Yariable
1
3 Variable
|
6 3000 | 00
Is Variable
t
2 Variable

| T




TABLE 1 {cont'd)

LIST OF SYMBOLS

Symbols Description Dimensions Direct Measure- Numerical Value
ment and Equation | 9126 942
Number )
QL First-stage leakage flow ins.’aec 10+ 0. 28 p. 33
Qyy Flow from nozzle 1 inlllec 4 Variable
Q. Flow from nozzle 2 in3/uec 4 Variable
Qg Flow through fixed 3
orifice 1 in"/eec 6 Variable
QOZ Flow through fixed 3
orifice 2 in*/nec 7 Variable
Q, Spool flow inaflec 11 Var}ahle
3
Q, Valve flow in"/uec 17 Variable
r Ratio of upstream orifice 2 "
constant to nozzle constant | in. 24 6,25 x10° 6,55 x10
R Effective resistance of 3 3
torque motor ohms 1 Il x10 11 x 10
R Reluctance of either gilberts/
upper air gap maxwell 1-14
7?1 Reluctance of air gilberts/
gap at pole piece 1 maxwell 1-14
Rz Reluctance of air gap gilberta/
at pole piece 2 maxwell I-14
8 Laplace operator rad/sec 34
a Velocity in/sec 111-8 Variable
x Paosition of {lapper
referred to nozzles in, B Variable
x' Fosition of flapper
referred to pole pieces in, 1 Variable
|
¥ Position of spool in. 15 Variable
Jei Bulk modulus of oil 1b/inZ 111-8 z.2x1072 2.2x10°
e Angular displacement
of flapper rad 2 Variable
9, Position of actuator ahaft in, 20 Variable
n Magnetic permeability gauss/cerated I-11 1 3
Tam Electromagnet leakage
factor numeric I-11 3
Upm Permanent magnet
ieakage factor nurmeric I-7 7
91 Flux linking flapper and
pole piece 1 lines I-14 Variable
1
[ 3 Flux linking flapper and [
pole piece 2 lines I-15 Variable
P Mane density of oil l’n-secz,fin‘i 4 78 x 10°6 TH % lO"l’
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2. Comparison of Theoretical and Experimental Results
a. First Stage
Table 2 compares the theoretical and experimental values
TABLE 2

COMPARISON OF THEORETICAL AND EXPERIMENTAL VALUES

Moog 9126 Moog 942
Quantity Theor. Exp. % Diff. | Theor. Exp. 7 Diff,
P, (psi) 537 540 0.50 555 550 0,91
P, (psi) 400 370 8. 10 89 100 11.0
Qp, (in°/sec) || ©0.30 | 0.28 | 7.14 0.32 | 0.33 | 3.04
£} (cps) 110 115 4.35 65 70 7.14

of Po, Pp, Qp,, and {) for the 9126 and for the 942. It can be
seen that the differences between theoretical and experimental
values of Py were much less than those for Pp. Itis believed
that the discrepancies in Py are the result of slight errors in
the measurement of the nozzle geometry, which affect (26) more
than (25).

It was observed experimentally that P remained practi-
cally constant over the entire range of applied differential
currents and spool differential pressures, thus corroborating
the fact that first-stage leakage flow is essentially constant in
two-stage servo valves,

The value of the theoretical break frequency f) is actually
good for one amplitude only, as it tends to decrease with in-
creasing differential current. Although the reduction in K, with
increasing Al is a contributing factor to the change in f], it is
actually less important than the change caused by so-called first-
stage flow saturation. Flow saturation and its effect on no-load
response will be discussed in the next two paragraphs.
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From the geometry of the valve, it can be seen that the
greatest possible value spool flow can assume would be first-
stage leakage flow, Qj; . Also, since spool flow is proportional
to spool velocity and since spool velocity is proportional to
frequency, it follows that spool flow will be proportional to
frequency. For any given amplitude of applied differential
current, there will occur a maximurmn attainable spool flow and a
corresponding maximum attainable spool velocity. The fre-
quency at which this flow-limited velocity will occur (fj ) has a
profound effect on no-load response.

For large amplitude signals {100 percent AT}, f;, will be
smaller than f; and will contribute heavily to the observed
experimental break frequency. For small amplitude signals (10
percent AJ), fj, will be much greater than f| and will have little
effect on the low-frequency no-load response. Spool stiction
and coulomb friction will, however, cause a decrease in the
experimental break frequency, as well as a decrease in no-load
flow. Also, load stiction and coulomb friction are even more
significant factors in bandwidth reduction at low amplitudes be-
cause full supply pressure is not available for moving the load.
For medium amplitude signals {30 to 70 percent of A I}, flow
saturation occurs at higher frequencies; stiction effects also
have littie influence on the no-load response. Hence, the valve
characteristics most closely represent a first order lag. This
can be seen by examining no-load curves for various valves; the
curve for 60 percent A invariably has the best frequency re-
sponse characteristic, when compared with the 10 percent and
100 percent curves, It is this curve which comes closest to
matching the theoretical break frequency obtained in (39).

3. Simulation Results
a. First Stage

As stated previously, the first-stage pressure-flow curves
of the simulated valves coincided almost exactly with the theo-
retical ones and very closely with the experimental ones. Exam-
ination of these curves indicates that the asymmetry of the actual
valve characteristics (caused by null shifts, differences in
nozzle diameters, etc.) was not accounted for in this simulation.
It was felt that to do so would have introduced unnecessary com-
plications and obscured, rather than revealed, information about
valve operation.
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The curves of the blocked load test and flow gain test were
obtained by cross-plotting from the pressure-filow curves; once
for Qs = O and again for constant values of AP. These curves
agreed fairly well with those obtained experimentally. They are

presented as Figures 7 through 12 for the 9126 and Figures 13
through 18 for the 942,

0.20
é [ ——
t\n\ O.16 ——
MOOG 9126 n \
| OIL OUTLET TEMP 147%2°F | = 4|5
SUPPLY PRESSURE 3000 PS| g \ \
re \ \
0.08

SSOO L
3
/
/

. ~
2 \ \ Y
-400 =300 -200 =100

100 200 300 400
SPOOL DIFFERENTIAL PRESSURE (PSI)
4

OO
\\\ -0.16

Figure 7. Experimental First-Stage Pressure vs. Flow - Moog 9126

b. Second Stage

Output stage flow gain curves (closed center) agreed fairly
well with experimental ones. The curves for open center oper-
ation had never been obtained experimentally, but the good agree-
ment of the pressure gain curves verified the resultant low-flow

curves. (See Figures 19 through 25 for the 9126 and Figures 26
through 32 for the 942.)
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F. Conclusions

Ag mentioned in the Introduction to this chapter, an electrohydraulic
servo valve contains many nonlinearities which render analysis of the valve
difficult. Those mentioned, such as orifice nonlinearities, velocity satu-
ration, coulomb friction, etc., can be successfully simulated on an electronic
analog computer, either alone or in combination. Since these nonlinearities
essentially define the valve's general operational characteristics, it is
logical to assume that the valve, too, can be simulated on an analog computer.
The results of this study have shown this to be true, to a degree. The static
characteristics of the first and second stages of the valve, as simulated,
compared within 10 to 20 percent of those measured experimentally. While
time did not permit a complete evaluation of the dynamic characteristics of
the simulated valve, results of previous analog studies (see Reference 2)
indicate the same order of accuracy for the dynamic simulation. Actually,
the present simulation should be much superior because of the inclusion of
the effects of pressure gain and flow saturation.

The questions then arise: what limits of accuracies are attainable in
the present simulation? Is it possible to obtain higher accuracies econom-
ically? Is the simulation, as developed under this study, sufficiently
accurate to permit its use as a design tool for valve design and development?

First, the main difficulty in analoging a valve is in ascertaining what
the actual valve characteristics are initially. Because the valve operates
at very high pressures, clearances are exceedingly small and, therefore,
variations in the clearances are difficult if not impossible, to measure
sufficiently accurately for precise simulation. For instance, rounding of
the first-stage nozzle edges can cause nonlinearities which are difficult to
analog over all ranges of operation. Rounding and variations in the axial to
radial clearances of the spool can be even more sericus. Then friction and
stiction effects are not constant but vary with temperature, load pressure,
time of operation, oil contamination level, etc.

While it is theoretically possible to simulate these variations in
characteristics, it does not appear to be feasible, practically. For instance,
the amount of nonlinear equipment required would be greatly increased,
further complicating the problem of maintaining stable loops within the com-~
puter, a major simulation problem in itself. The use of larger time scales
increases the drift problems in computing elements and input and output
devices.

From consideration of the accuracies obtained in the current study,
it does appear that the simulation as presently set up would be useful in
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assisting in the design of the valve. The interrelationships between various
elements within the valve can be determined merely by varying potentiometer
settings on the computer and noting how the various characteristics are influ-
enced. Much about the valve's over-all characteristics can be learned in a
very short time without the need for building and testing out designs, an ex-
pensive procedure. The experimental development could then be limited to
much narrower areas of investigation.

It appears desirable to include variability of the torque motor character-
istics in the simulation, also, since small changes in the torque motor con-
figuration can influence valve performance drastically. This was not done
in the present program because only one set of characteristics, those of the
valve being simulated, was needed.
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CHAPTER III

INVESTIGATION OF PRESSURE CONTROL VALVES

A, Introduction

Under ideal conditions, proportional hydraulic control can be accom-
plished through flow control, pressure control, or a combination of both. If
a flow control valve is used, *

Qr, = Kgal (1)
= K.S - ALO /K (2)

and APL QL‘{ 3 [s] 3e
Since A AP, =(My 5> + BLS + Kr) 0y 3)

the resulting transfer function is

% ALRi/R,

= 4)
AT 2 {
S(M; 8% + BLS + KL + *L%/K3).

If an ideal pressure control valve is used

AP =K ol (5)

and the resulting transfer function is

6 ALK,

M;S% + By S+ Ky, (6)

In the ideal situation, one advantage of the pressure control valve is
therefore apparent, as the flow control valve will have a minimum of 90
degrees phase shift for all frequencies while a system using a pressure
control valve would have no phase shift until the region of the load spring-
mass resonance is reached,

# List of symbols appears on pages 74 and 75
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An additional advantage for the pressure control valve is indicated
when this type of valve is operated in a closed loop system. In a position
servo system employing a flow control valve, there will always be some
finite value of gain, K], at which the system becomes unstable. However,
since the ideal pressure control valve system contains only two open loop
poles, it can theoretically be designed to have any desired closed loop
bandwidth by the simple expedient of changing the loop gain.

As the result primarily of flow forces within the valve, it has been
impossible to manufacture a valve whose output is entirely independent of
flow such as was assumed in the above analysis. Because of this fact,
certain factors inherent in systems using flow control valves must also be
considered with practical pressure control valves, and the advantages of
pressure control are therefore appreciably weakened. Two pressure
control valves are presently available comme rcially and to illustrate the
considerations inherent in their use, a system transfer function was
developed using each type of valve. One of each of the two vaives was
obtained and tested both statically and dynamically with various loads.

An attempt was made in WADC Technical Report 55-29, Part 4, writ-
ten by Cook Research Laboratories, to utilize a transfer function, as pre-
viously developed for flow control valves, to also describe operation of a
pressure control valve. Although the steep slope of the pressure-flow curves
of the pressure control valve necessitated use of a large value for Cj in this
transfer function, the results obtained were not entirely satisfactory.
Calculated resonant frequency was within 7 percent of the experimentally
obtained frequency. The calculations also indicated that the system should
be highly overdamped { { = 2.5); however, experimental damping ratios of
less than 0.2 were measured. The following development essentially
results in a modification of the previously derived transfer function. Use
of this modified function results in closer agreement with experimental
findings for system damping ratio.

B. Transfer Function Development

1. Cadillac Gage Company - PC-2 Valve

A schematic diagram of this valve is shown in Figure 33. In
operation, a differential current applied to the torque motor results
in a differential first-stage pressure. This pressure tends to move
the two spools in opposite directions, thus opening a pressure port
to one side of the load and a drain port to the opposite side of the
load. A portion of the resulting differential output pressure is then
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Figure 33. Schematic of Cadillac Gage PC-2 Valve

applied to the spool ends in a manner to oppose first-stage differential
pressure. When the force produced by feedback pressure plus the
flow forces on the spools equals the force due to first-stage pressure,
the spools will cease to move and an output pressure proportional to
input current will result,

Equations describing this action are
Q) = KjAIL - C3AP; = Ag0.S, {(7)

AAP, =K 0.+ AKAP 4B 0.AS, (8)

and
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Q = K4OS - C4APL = ALQOS + CZAPL + K3APLS. (9)
From these basic equations, a relationship among APL, APl, and
QL can be developed such that

C4BvAs K A,

K A K, + CyKg K4ASK2 + C4Kg

K A B
= 1+ —Y s Q. (10)

K A Ky + C4Kq K,

This equation can be simplified to the form
1
1+ TZS) APL = C7AP1 - El {1+ T,S) Qq,. (11)
From Equations (7] and (8)
2
Ag Ky
[k, + ( cy * BuA,) s|]ap, = (T7) K4+ ByaS) Al
ASZ KZ
+ (——— S AP (12)
c L
3
A 2

c, is appreciably less than B_ A, in magnitude and may be

neglected. Therefore,

2
[ Ag'K,
K; C, (AP, 8)
AP C, Al Kg + BLAgS or (13}
BP s
AP, =a AL+ L
1+T,S | (14)

Substituting (14} in {12} one obtains the relationship
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[+ 1,800 +T,8) - C;85 APL] = Coall + T,S) Al
- -é—l (1+7T,5) (1+T5)Q (15)

Since C7B is small with respect to T plus T,, this equation may be
further simplified to

1
(1 +T2CS)APL=K1AI-E;T (1 +T1CS) QL' (16}
If a load containing mass, viscous damping, and a spring is used
2
ALAPL= (M; S +BLS+KL) o, (17)

From Equations (9}, (16), and (17), one can then develop a transfer
function for the PC-2 valve where

Qo _ CIK5AL/K3MLT1

— = (18)
Al D

and

p = st +[c2 B, oo T }33

K3 M; Ti. K3 Ty

Fand 2
C;+C By C,+Ag, K B B; C T
.+[1_£+_L2 LB LB B G zc}sz

K3T1c K3ML My, MLTIC K3ML Tlc
2
(C, +C,) K
[ 1 2 L]_ (19}
KMy Ty,

Open loop transfer function of this valve operating with a
spring-mass load containing viscous damping exhibits a fourth order
characteristic equation rather than a second order as ideal theory
would predict, If flow forces on the valve spools were negligible,
resulting in C; =, T; =®, and Ts = 0, the ideal situation would
exist. Substitution of these relationships into Equation {11} results

WADC TR 55-29 Pt 5 52



inthe desired second order characteristic equation, thereby clearly
showing the differences existing between an ideal pressure control
valve and the PC-2 valve.

2. Moog Valve Company Pressure Control Valve

A schematic diagram of this valve is shown in Figure 34,

il
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Figure 34. Schematic of Moog Pressure Control Valve

)

Operation of this valve is aimilar to that of the Cadillac PC-2 valve

in that output pressure is fed back to the spool; however, this is
accomplished in a somewhat different manner. Only one spool is
employed with essentially two sets of end areas. First-stage diffexr-
ential pressure is applied to one end area set causing initial motion of
the spool. Full output pressure is then fed back through openings in
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the spool to the other set of areas; the spool continues to move until
the force on the spool due to feedback pressure plus flow forces
equals force produced by first-stage differential pressure., No leak-
age path is used in this valve such as was re quired in the Cadillac
valve to reduce magnitude of feedback pressure.

Equations describing operations of this valve with a mass-
spring load containing viscous damping are:

Q) = K] Al - C3AP] = A0S, (20)

AAP) =K, + AAP, (21)

Q =K,05 - C,AP] = A 0§+ C, APy + K3AP; S, and (22)
- 2

Ap APy = (MS® +B;S +K;} 0 . (23)

Therefore,

KiKgAL+ A A/AP S K AI+K APS
C3K, + A2 S 1+ T,S

(25)
and
1
[1+(T5-KK) 8] AP =KeK AI-(g) 1+TS Q. (26)
or
- 1
(14T, 8) AP =K AT- L (1+7T) ) Q. @)

This relationship results in a transfer function for a system using
the Moog pressure control valve which is identical in form to that
obtained for the Cadillac PC~2 valve. The values of T; and T,
are roughly equal in magnitude to T;  and T,., respectively, an
this fact results in two valves which are in this respect essentially
theoretically equal in performance.
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C. Theoretical Performance Analysis

1. Comparison with Flow Control Valves

The similarity between a theoretical analysis of a system using
a pressure control valve as opposed to a flow control valve can be
readily seen by examining the characteristic equation for a system
using mass with viscous damping with each type of valve. For a
pressure control valve this equation is:

c B 1 ¢ T
Y L 2
D=S3+[ TN ]sz
Ky M, T, K3 T,
2
C, +C B; C, +A B B, C T
+[ 1 2 “L>2 L, L L™ o2 ]s
Ky T, K, M| M; T, K;M; T,

B; (C, +G,) +A;2
+ [ ] (28)

K3 MLTI

For a flow control valve, the characteristic equation including the no-
load time constant, Ty, is

3 Cy B 1 C
D=8 +[— FE N ]SZ
Ky My T, K4

- C1 +C By C, + Ay 2 B By C
ff 2Lt PL%2 1‘+-—L+—--__I.‘1]s

" Ky T Ky M M| T, K3 M

2

‘BL(Cl +C.2) +AL
+ (29)

L K3M T

L,71

In form, both equations are identical except for the ratio T2/ T,
multiplying one factor in each of the S% and S terms of the pressure
control valve equation, which ratic does not appear in the flow control
valve equation. Both systems will therefore exhibit a third order
response; however, this response will vary in accordance with the
magnitudes of C), T, and T, all of which are functions of the partic-
ular valve being employed. All other parameters included in the
equations are functions of the actuator or load.
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In a flow control valve, the first-stage time constant is effec-
tively isolated from the second-stage load system and can be so
considered mathematically. As was shown in WADC Technical Report
55-29 Pt IV, the expression for resonant frequency in such a system

18
(CGy +C,) B +A,?% 1/2
wn:[ 12 L ] (30)
K3 M
and
& —_ 1
2 gmn= K3 +IV[ (31)

A pressure control valve does not exhibit the same property of
first-stage isolation because of pressure feedback to the second-stage
spool. As a result, value of the time constant for the system first
order lag is influenced by load characteristics and no simple ex-
pression can be derived for wy andg . Relative effects on w, and C
produced by variation of M and K3 will be the same for both types of
systems, although magnitude of the changes produced by equivalent
variation will usually be somewhat different.

In a majority of the flow control valves produced to date of 10
gpm capacity or less, the value of Ty, first-stage time constant, is
approximately 0.002 second and slope of the valves' pressure flow
curves, Cj, in the useful region is about 1 x 1072 105 /1bgec. For
both the Cadillac and Moog pressure control valves, the value of T is
approximately 0.02 second and T, 0.002 second. C; for the Cadillac
PC-2 valve tested is 7.5 x 10-2 i1 5/1b_gec. It should be noted in this
regard that for a perfect flow control valve G; = 0 while in an ideal
pressure control valve &y =@,

2. Comparison of System Loads
a. Representative Systems

Since differences between the transfer functions of systems
using practical flow and pressure control valves are a matter of
relative magnitude of similar terms, a useful method of pre-
senting these differences is to analyze system open loop per-
formance with various types of loads. It is difficult to choose
system parameter constants which are representative of a
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majority of flight control systems in migsiles and aircraft. The
following values are believed indicative of possible applications
as well as being capable of simulation in the laboratory.

] {flow control) - 1 x 10°% in 3 /1 gec
C; {pressure control) - 7.5 x 10-3/1b-sec
T, {flow control) - 2 x 10-3 gec
-2

T (pressure control) - 2 x 10 ec

T, -1.7x 1073 sec

Gz -2.7x107%105)1h gec

-10lb-sec/in

Ay -0.96 in

K3 -5.26 x107°, 1.32 x 10-5, 2.63 x 10-5 in 5/1p
M; -0.375, 0.125 Ib-sec? /5y

K;, -01Ib/in

Open loop system characteristics resulting from each of the six
possible load combinations listed above are tabulated in Table 3.
Aa indicated, both a flow control and pressure control valve are
compared for each situation.

b. Analysis of Theoretical Results

Table 3 shows certain similarities and some differences
between systems using flow control vs. pressure control valves.
In both systems, increasing mass as well as a larger oil volume
(larger K3) result in a lower resonant frequency. Values of
this resonance are within the same range for both systems,
although in all situations shown use of the pressure control valve
resulted in a resonance 25 to 50 percent higher in frequency than
would be obtained with a flow control valve.

In flow control valve systems, a change in rmass has little
effect on damping ratio although a decrease in oil volume has the
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effect of slightly decreasing damping ratio. Over the entire
range of values examined, however. the open loop transient
response would be expected to be quite oscillatory.

In a pressure control valve system, a decrease in mass
tends to result in a smaller damping ratio although the change
is relatively small. A change in o0il volume, however, may be
expected to produce an appreciable change in damping ratio
with a decrease in volume causing an increase in this ratio. With
the smaller oil volumes, damping ratios greater than 0.5 may be
expected and, in general, systems using pressure control valves
should have higher damping ratios than those with flow control
valves.

As wag stated previously, changes in the system load do
not affect the first order lag time constant in the flow control
system, while they may have a considerable effect on the time
constant in a pressure control valve system. Over the range
of values used, however, the break frequency resulting from
this time constant was less than 10 cps for the pressure control
valve while it was 80 cps for the flow control valve system.

c. Coulomb Friction Effects

Coulomb friction may be defined as that force existing in
physical systems between two contacting surfaces in relative
motion, which is constant in magnitude and acts in a direction
such as to resist the motion. Mathematically, this effect may be
expressed as follows: .

.. ) 0

M0 +B10 + F. W = PA[, (32)
A nonlinear equation of this type may be investigated through
use of the describing function approach. This function is de-
fined as the ratio of the output signal to the input signal where a
sinusoidal input is used, and the output is considered to contain
only the fundamental component of the input. Such a function in
the case of coulomb friction relates output force to input velocity.
When a sinusoidal velocity is assumed, the resulting coulomb
friction force is a square wave. Fourier series expansion of
this waveform shows the coefficient of the fundamental to be
4 Fc/t Q@ . The desired describing function is therefore
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P 4F ¢

1

= — (33)
0 w lal
Considering sinusoidal signals only,
9. i 4Fc
¢, " ‘OOI

With this same congideration, the open loop transfer function
for an electrohydraulic servo valve with a mass load is of the
form

e K
jw = (35)

6, (-Au? +C) + j(-wd +Bu)

When coulomb friction is added, one obtainsg a function of the
form

o, K

jo ~2=
2 X 3 4Fc

1

From this expression, it can be seen that coulomb friction will
tend to add a fixed value of phase lag to the systern at all fre-
quencies and will similarly tend to reduce the output magnitude.
Both effects are a function of the magnitude of output position and
will become more pronounced at small signal amplitudes.

Dynamically, it appears that coulomb friction in this
system can be approximated by an increase in the time constant
of the first order lag. The effect of the change is a decrease in
closed loop system gain and an increase in phase lag. At rel-
atively high frequencies, the valve output pressure amplitude
decreases rapidly and other nonlinear effects become appreciable.
Eventually insufficient pressure is produced to overcome the
stiction force and no output motion can occur.

3. Optimum Loads

Transfer functions, G(5), have been developed which describe
the open loop operation of both flow control and pressure control
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valves with conventional mechanical loads.

When these systems are

operated closed loop the characteristic equation becomes

G(S)C =1+ G(S)O

(37)

Root-locus techniques were applied to this equation to study closed
Loci for each of three representative systems
using both flow and pressure control valves are plotted on Figures

loop system operation.

35, 36, and 37.
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-1600

Root Locus Plot of Hydraulic

Position Servo System

Figure 35 represents
conditions existing in a posi-
tion servo system containing
a relatively small oil volume,
small load mass, and no
mechanical springs. These
loci are, however, generally
similar in shape to those of
all uncompensated position
servos within the range of
loads considered in Table 3.
Analysis of this figure shows
that a flow control valve will
have two first order time
constants plus one resonance
if a relatively low loop gain
is employed. Break fre-
quency of the two time con-
stants can be made to be
approximately 50 ¢ps and the
damping ratio of the reso-
nance with the same system
gain will then be approximate -
ly 0.06. Use of higher system
gain will have little effect on
the original resonance noted
but will cause combination of
the two time constants into a
relatively highly damped low-
frequency resonance.

A pressure control valve used in this system with any appre-
ciable closed loop gain results in apoorly damped resonance at a
frequency three to four octaves lower in frequency than the resonance
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800

produced in the same
system with a flow control
valve. Another resonance
of much higher frequency

. PRESSURE CONTROL
would also exist but would FLOW CONTROL — — — — — — S
be of no practical conse-
quence due to the frequency
limitations imposed by
the first resonance men-
tioned.
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with break frequencies
near 50 cycles may limit
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of the flow control system, Ka ® 2.63x 1070 INY/ L8
the low-frequency reso- N
nance of the pressure
control system makes
it appear to be the least ois) bC - | Ko |
desirable of the two (5+500)( §*+ 375 + 93,600)
valves in an uncom-
pensated position con-
trol servo system. Figure 36. Root Locus Plot of Large
Mass Hydraulic Velocity
Figures 36 and Servo System
37 show the root loci
of pressure and flow
control valves used in uncompensated velocity servo systems. It can
be seen that in general both systems exhibit one first order lag plus a
single resonance. In general, the frequency of resonance with a
pressure control valve will be up to 40 cycles higher than that obtained
from a flow control valve system., Also, the flow control valve system
will be highly oscillatory at all usable values of loop gain while some -
what greater damping ratios can be obtained with a pressure control
valve at the expense of loop gain,
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Although the pressure control velocity servo system will exhibit
a lower frequency lag than will the flow control system, this effect
can be relieved by a lead network or acceleration feedback. It appears,
therefore, that the dynamic response of a velocity servo using a pres-
sure control valve can be made superior to that of a flow control valve
system. The pressure control system will, however, be more
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susceptible to load
pressure disturb-
ances which in some
systems may be an
important factor.
Although loop gain of
the pressure control
‘system can be made
greater than could
be done in an equiv-
alent flow control
system for purpose
of reducing such
disturbances, these
effects should be
considered in eval-
uating each prospec-
tive system.

If compen-
sation is considered
in a position servo,
performance of a
pressure control
valve can be appre-
ciably improved.

Figure 38 represents

the root loci of a
velocity compensated

Figure 37, Root Locus Plot of Small

Mass Hydraulic Velocity
Servo System

pressure control position servo vs, a noncompensated flow control
servo. Constants have been chosen to show optimum performance for
the pressure control valve, but the general effect of adding velocity

compensation can be readily seen.
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resonance has been removed and replaced by a single first order lag
which has a cutoff frequency somewhere above 30 cycles, dependent on
. closed loop gain. The remaining resonance ig roughly equal in fre-
quency to that produced by a flow control valve in the same system but
may be somewhat more highly damped. Use of velocity cormnpensation
with a pressure control position servo can, therefore, result in a
system whose dynamic response is equal or in some cases somewhat
better than that produced by a flow control valve in the same systern.
Further, at the expense of reduced damping, the pressure control
system loop gain can be made considerably higher than can be used

with a flow control system.
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Experimental Results

1, Valve Tests

Each of the
two pressure con-
trol valves, Cadillac

PC-2 and Moog Mod,
1526, were subject
to the standard static
tests and the no-
load dynamic tests
for purpose of ob-
taining valve con-
stants as used in the
transfer function

and to compare the
valves' performance,

Static tests made
were (1} pressure
gain, (2} flow gain,
(3) pressure-flow
curves, and (4)
quiescent flow. Re-
sults are shown in
Figures 53 to 59, in
Appendix V.
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Figure 38.

a. Static Tests

Root Locus Plot of Velocity
Compensated Hydraulic Position
Servo System

(1) Cadillac PC-~2: Operation of this valve during all
static tests was quite smooth with no indication of sticking

or instability.

Variation of pressure with differential cur-

rent was linear except at points very close to rated
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maximum current of 8 ma. Slope of the pressure flow
curves was quite steep and linear over the range of pres-
sure control, With 8.0 ma, differential current, max-
imum spool displacement was reached at low values of
flow so that over most of the range of rated flow the valve
acted as a conventional sharp edged orifice, With lower
values of differential current this saturation effect occurs
at higher values of flow.

Essentially constant quiescent flow was measured
over the entire range of differential current. Since this
test is run with blocked load, the only flow is leakage past
the lands directly to drain or through the orifice connecting
the two spools and then to drain. Because of no load flow,
the spool moves very little and leakage conditions prob-
ably remain similar to those existing at null.

(2) Moog Pressure Control Mod. 1526: Performance

of this valve was in the main similar to that of the PC-2
valve although some tendency for the spool to stick was
noted. The pressure gain curve was linear from 0 to 4 ma
differential current. Some departure from linear operation
was noted from 4 to 6 ma. Pressure saturation was
reached at 6 ma although the valve was rated at 8 ma.
Quiescent flow was approximately 0.1 gpm for all values
of differential current, but apparent spool sticking caused
erratic operation during this test and the results were not
plotted,

Pressure flow curves for this valve exhibit the
familiar steep slope during operation over the range of
pressure control although the slope was not as great as for
the PC-2 valve. Also, some rounding-off of the slope was
noted for small values of load flow.

When this valve was initially put on the test stand, it
was found impossible to null the valve with 0 ma differential
current, With 3 ma applied the valve would null, After
discussion with the manufacturer it was agreed that the
difficulty had been caused by mounting the valve with only
three bolts instead of four. Apparently, this unsymmet-
rical mounting causes sufficient distortion of the torque

motor magnetic field to prevent nulling in the usual manner.
Use of four bolts of similar material corrected the trouble.

WADC TR 55-29 Pt 5 65



b. No-Load Test

The no-load test was conducted in a manner similar to
that described in the WADC Technical Report 55-29, Part 2
with an addition, however, of pressure transducers on each
side of the actuator. Purpose of this test for a pressure control
valve was to determine values of T] and T,. Results are
shown in Figures 60 and 61 in Appendix V. Values of T and
T, are approximately equal for both valves with T equal to
0.02 second and T, equal to 0.002 second.

2. Ioad Tests
a, Open Loop

Dynamic load tests consisted of frequency response runs
using various values of mass and oil volume for each run,
Results are presented in the form of Bode plots on Figures 62 to
66 in Appendix V. For purposes of comparing experimental and
calculated results with similar load conditions, values of w,
wy, and { were extracted from these Bode plots.

The first step in the procedure was to determine w,, the
break frequency resulting from the system first order time
constant. Attenuation effects of this time constant were then
subtracted from the inital Bode plot, resulting in a plot of the
remaining second order system, Both w, and [ were then
determined by comparing this altered Bode plot with a set of
curves describing second order systems with various damping
ratios. Such a set of curves is shown in Figure 8 of WADC
Technical Report 55-29, Part 4,

Comparison of experimental and calculated results are
presented in Table 4. It can be seen that as in the previous
valve report, good agreement has been achieved between the
experimental and calculated values of w,. In those runs where
the resonant frequency was below 100 cps, agreement was with-
in 9 percent. In the run with a calculated frequency of 160 cps,
there was an error of 12,5 percent.

The agreement between experimental and calculated values
of damping ratio, g » was not as good as for w, and w,. In all
runs, the calculated value of { was greater than was obtained
experimentally. An underdamped system was indicated, however,
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TABLE 4

OPEN LOOP CHARACTERISTICS

Run w, {cps)
Exp. Calc.
1 4.2 5.7
2 6.0 5.7
3 5 5.7
4 6 7.0
5 4.0 6.2
Run Valve
1 Cadillac PC-2
2 Cadillac PC-2
3 Cadillac PC-2
4 Cadillac PC-2
5 Moog PC

WADC TR 55-129 Pt 5

wy {cps)
Exp. Calc.
77 80
90 93
142 160
81 89
65 67

0il Volume

DESCRIPTION OF RUN

(in%)

11.56
8.05

2.70

11.56

11.56

67

Exp.

0.20
0.25
0.30
0.18

0.20

Calc.

0.30

0.45

0.60

0.27

0.25

Load Weight

{1b}

150
150
150

90

150



for all runs, and agreermnent was within 50 percent, Although
this agreement is poor, it is much better than had been obtained
by the previous method of analysis.

Manufacturers' published data on pressure control valve
dynamic response are generally given in part in the form of
pressure gain vs. frequency for blocked load port conditions.
Figure 39 shows the frequency response of the Cadillac PC-2

PRESSURE GAIN ( DB}

-2

-6

20 40 60 100 20¢ 400
FREQUENCY ( CYCLES / S€G )

Figure 39. PC-2 Output Pressure vs. Frequency with Blocked Load

valve under such conditions, Analytically, a transfer function
relating output pressure to differential current may be developed
from the basic equations presented previously in this report,
Blocking the load ports is analogous to an immovable load of
infinite mass, so allowing M; to go to infinity in the derived
transfer function results in an expression which describes the
test situation. The transfer function thus obtained is,
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[ K3 T; K3 Ty [K3 T, (38)

The characteristic equation of this function represents a second
order system whose resonant frequency and damping are both
determined by the volume of oil under compression and system
leakage.

b. Closed Loop

Experimental comparison of the flow and pressure control
valves in closed loop operation was accomplished by frequency
response runs using loads similar to those studied by the root
locus techniques described previously in this report. Results
of these tests are shown in the form of Bode plots on Figures
40, 41, and 42.

Figure 40 shows the relatively low-frequency resonance
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Figure 40. Hydraulic Position Servo Frequency Response
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which exists in an uncompensated position servo system using
a pressure control valve., Use of a flow control valve in the
same system results in a resonance at higher frequency,
although the reduction in gain produced by the two first order
lags tends to mask the effect of this resonance.

Figure 41 demonstrates the somewhat greater bandwidth

20
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15 300®
t 2 4 6 Ic 20 40 &0 100

INPUT FREQUENCY [ CYCLES /SEC)
Figure 41, Hydraulic Velocity Servo Frequency Response

which can be expected from a velocity servo using a pressure
control valve than can be obtained with the same system using a
flow control valve, As noted previously, the pressure control
valve system performance can be expected to be sensitive to
outside disturbances on the load. Because of the linear (as
opposed to rotary) nature of the test equipment, the experimental
application of such disturbances could, however, not be
mechanized in the velocity system tested.

The effect of adding velocity or proportional plus de-
rivative feedback to a position servo is shown in Figure 42,
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Figure 42. Velocity Compensated Hydraulic Position
Servo Frequency Response

The presence of an effective single time constant producing a
lag at approximately 50 cps is evident from the pressure control
valve system frequency response. In accordance with the root
locus diagram this system should have a resonance near 100 cps
Although such is not in evidence, it is apparently somewhat
above the range of frequencies covered in the test. Resonance
in the flow control valve system occurred at a lower frequency
and essentially served to increase system bandwidth to a value
slightly greater than that achieved by the pressure control
system.

E. Conclusions

Presence of a large time constant in a pressure control valve system
open loop response, in addition to the load dynamics, greatly deteriorates
its performance with respect to a similar system usging an ideal valve.
Performance of the system is also adversely affected by the nonideal
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pressure-flow characteristics similar to those of the two valves tested, As
was discussed previously, an ideal pressure control system has definite
frequency response and minimized error coefficient advantages when
compared to a flow control system for position control. Any changes which
could be made in the present valves to more nearly approach the ideal valve
should be beneficial,

Forces acting on the pressure control valve spool are first-stage
pressure, feedback pressure, and flow forces. If the flow forces could be
reduced to zero or a negligible value, output pressure would be essentially
independent of flow and ideal static pressure -flow characteristics should
result,

In addition to the improvement in static characteristics, reduction of
flow forces should also improve the valve's dynamic response. Examina-
tion of the controlling equations shows that a reduction in flow force spring
constant, Kg, should decrease the value of the A P,/ A 1time constant, Tp,
and increase the value of the Qy /A I time constant, T;. The over-all effect
of these two changes, in conjunction with the increase in Cj1, is to reduce
the higher order coefficients of the resulting system characteristic equation.
In the limit, the desired second order equation of a system using an ideal
pressure control valve should result.

In light of the above, it appears desirable to attempt construction of a
pressure control valve with minimized flow forces. Lee and Blackburn?
have developed a means of doing this by appropriate shaping of the chambers
formed between the spool and sleeve., Sinclair and Trumbull3 point out that
although practically all flow forces are eliminated by the shaping discussed
in Reference 2, it would be expensive to manufacture. A slightly less
effective but considerably less expensive means of spool shape manufacture
is suggested, R. N. Clark! in another paper points out that Sinclair and
Trumbull's scheme is only effective at high flow rates and has developed an
alternate means of flow force reduction using radial holes as ports in the
valve sleeve. It is believed that a similar approach could be applied to a
pressure control valve and mechanization of same should result in a valve
with greatly improved performance.

With the valves presently available, there appears to be no load
configuration where use of a pressure control valve would result in a
clearly superior performance. Conversely, use of a flow control valve
does exhibit better dynamic response and less susceptibility to stiction in
a noncompensated position servo. Use of velocity compensation with a
pressure control valve with some loads can result in a position servo
system having somewhat higher frequency response and appreciably greater
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loop gain than for a similar system using a flow control valve, The ad-
vantages may be somewhat offset, however, by the adverse effects of
stiction with pressure control.

Use of a pressure control valve in a velocity servo system results
in a bandwidth equal to or slightly greater than can be obtained with flow
control within the range of loads studied. Although the system gain tends
to drop off at a relatively low frequency due to the valve's large time
constant, the effect of load resonance extends system bandwidth to equal or
exceed that obtainable from a flow control velocity system.

If reduction of flow forces in a pressure control valve results in the
predicated characteristics, a valve of this type should see wide usage. At
present, however, advantages of pressure control over flow control are
marginal at best,
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Symbol Dimensions
Ag in2
Ajq, in2
Ag in2
By, Ib-sec/in
B, b-sec/in3
Cy in3/Ib-sec
C, in5/1b-sec
C, in3/1b-sec
Cy in5/1b-sec
Al ma
K, in3/ma-sec
K, -
K, in5/1b
Ky inZ/sec
Ky in3/ma-sec
Ki, 1b/in
Ky 1b/ma-in

5 Ib/in

My, 1b-sec2/in
AP} Ib/in2

WADC TR 55-29 Pt 5

LIST OF SYMBOLS (CHAPTER IIJ)

Description

Spool pressure feedback area {Moog)
Load actuator area

Spool area open to first-stage pressure
Load viscous friction

Valve leakage coefficient (Cadillac)

Slope of valve pressure-flow curves
Load leakage coefficient

Slope of first-stage pressure -flow curves
Slope of spool orifice pressure-flow curve
Valve input current

First-stage flow gain

Ratioc of feedback to output pressure

Oil compressibility coefficient

Spool flow gain

Flow gain of over-all valve

Load spring constant

Pressure gain of over-all valve

Flow force spring constant

Load mass

First-stage differential pressure
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Symbol  Dimensions
AP, 1b/in?
Q1 in3/sec
Qy, in3/sec
S 1/sec
T sec
TZ sec
8, in.

8, in.
W, rad/sec
W rad/sec

WADC TR 55-29 Pt 5

LIST OF SYMBOLS (cont'd)

De scriEtion

Load differential pressure
First-stage flow

Flow out of valve to the load
La Place Transform variable
AQ [/ Altime constant

AP/ Al time constant

Load position

Spool position

Break frequency of open loop first order
time constant

Undamped natural frequency of open loop
system

Damping ratio of open loop resonance
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CHAPTER IV

REQUIREMENTS AND DESIGN OF A HIGH-TEMPERATURE
HYDRAULIC TEST FACILITY

A. Introduction

One of the most difficult problems confronting the designers of the
next group of high-speed missiles and aircraft is that of coping with the
extremely high-temperature environments on the external surfaces of the
vehicles when flying at high speed, The source of this problem is absolute
stagnation air temperature which is approximately linearly related to the
vehicle Mach number.

The actual temperature of the vehicle surface is a function of the
stagnation temperature, the heat transfer coefficient of the air film adjacent
to the vehicle surface, and the emissivity of surface material. At low
altitudes, where the air is dense, the heat transfer rate is quite high, and
the surface temperatures are the closest to the stagnation temperatures.
At high altitudes, the heat transfer coefficients are much lower so that the
actual surface temperatures may range from, say one-third stagnation
temperature (°F) at 100, 000 feet altitude to less than one -tenth stagnation
temperature at 200, 000 feet. In any case, it is not difficult to conceive of
systems which will operate at surface temperature of 1000°F or greater.
For instance, an aircraft flying at Mach 3 at sea level and up to Mach 5 at
100, 000 feet will be operating near the 1000°F surface temperature range.

The ambient temperatures inside the vehicle will vary from one design
to another and are dependent on such factors as duration of flight, amount
and type of thermal insulation, the amount of refrigeration, if used, and
whether the vehicle is manned. Generally speaking, it can be concluded that
the refrigeration equipment should not be used in missiles unless absolutely
necessary. It should be maintained at a minimum in manned aircraft to
save space and weight. Thus, for example, in a hypersonic manned aircraft,
while refrigeration may be required to protect the human occupant, the re-
maining equipment should be able to operate directly in the high-temperature
environment, if possible.

Thus, there is a great need for equipment that can operate in high-
temperature environments, and considerable development work is presently
being directed in that direction, particularly with regard to hydraulic equip-~
ment with which this study is concerned. There are, for instance, servo
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valves, actuators, and pumps currently commercially available capable of
Operation at temperatures up to 400°F, However, very little equipment
exists for temperatures above this range,

Along with the need for high-temperature hydraulic components
emerges the need for high-temperature testing facilities for developing
and determining the capability of these components. Because of the wide
ranges in temperatures, flows and simulated altitudes required of these
facilities, they become quite expensive to build and maintain.

It is the purpose of this phase of the study to formulate the design
of 2 high~-temperature facility which could be utilized for the testing of
hydraulic servo control valves and other hydraulic elements at fluid temper-
atures up to 750°F in combination with ambient temperatures up to 1200°F
and at simulated altitudes up to 120, 000 feet, The following sections
briefly discuss the current and future high-temperature requirements of
military airborne hydraulic systems, describe some high-temperature
facilities presently available, set forth the over-all requirements of a
practical high-temperature testing facility and describe in considerable
detail the design of such a facility.

B. Temperature Requirements of Current and Projected Aircraft

A number of service vehicles currently under development have
operational surface temperature environments exceeding 1000°F. However,
in nearly all cases, the time duration of these high temperatures is so short
that internal ambient temperatures within the vehicle do not approach critical
values. Examples of these vehicles are the ballistic missiles and satellite
launchers. However, in the case of ballistic missiles, extremely high
surface temperatures are encountered during the terminal phase of flight,
where presently no control is provided. The development of control systems
capable of operating under these extremes in temperature would solve one
of the problems of terminal guidance,

Other vehicles which will operate under the influence of high stagnation
temperatures are the research vehicles such as X-15. Vehicles such as
the North American Weapons System 110 and Convair B-58 will probably
have maximum surface temperatures between 500°F and 800°F.

To our knowledge, no service vehicle is presently under design or
development which will require operation under oil temperatures appreciably
greater than 400°F, However, several present bydraulic systems require
operation under oil temperatures up to 400°F,
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As mentioned earlier, equipment is currently available that is
capable of operating under these temperatures. Servo valves can be
purchased from both Cadillac Gage and Moog Valve Company for operation
in the 400°F oil environment. Actuators can be obtained from the Allison
Division of General Motors and North American for these oil temperatures
and considerably higher ambient temperatures, Pumps are available from
Viekers and New York Air Brake which will operate at 400°F.

A great deal of effort is now being concentrated on components which
will operate at ternperatures above this range.

C. High-Temperature Facilities Presently in Use or Under Construction

A number of valve manufactures have constructed high-temperature
testing facilities during the last two years. Among these are Moog Valve
Company, Cadillac Gage, at both their Detroit and Costa Mesa Divisions,
Hydraulic Research, Inc., Bendix Pacific Division, Minneapolis Honeywell,
and Vickers, Inc. In all of these facilities, the oil from the test stand is
cooled before it enters the pump and then reheated after it leaves the pump.

The Cadillac Gage facility at Detroit is quite small and capable of
operating with oil temperatures up to 400°F, Calrod units are used as
heaters. The Cadillac Gage Costa Mesa Division has about the same temper-
ature capability at low flows. The oil is heated by passing a high current,
provided by a three phase electrical power source through the tubing con-
ducting the oil to the equipment being tested. Hydraulic Research has built
a high-temperature facility capable of producing oil temperatures of 700°F
and ambient temperatures of 1000°F with an oil flow of 10 gpm. The oil is
heated by Calrod units and cooled by air. Ambient temperatures are main-
tained by electrical resistance heaters.

Bendix Pacific Division has recently completed a high-temperature
facility capable of providing oil temperatures of 800°F and ambient temper-
atures of 1200°F. Calrod units are used for heating the oil while electric
resistance heaters are used to maintain the ambient temperature. A water
tower is used for cooling. The maximum flow capacity of the installation
is 24 gpm and the maximurm pressure capability is 5000 psi.

The Vickers test facility was designed primarily for their high-
temperature pump development and they have several units capable of
providing oil temperatures as high as 600°F,

Minneapolis Honearwell has a facility capable of operating at oil

temperatures up to 400 F. The oil is heated electrically. A conventional
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piston pump is operated at 300°F by using special high-temperature seals.

A number of missile and aircraft manufacturers also have installed
high-temperature testing facilities, generally more elaborate than those
described above. Such facilities are available at North American, Convair,
San Diego Division, Republic Aircraft Corp., General Electric, MacDonnell
Aircraft, and Bendix Missile Division. North American was the only one
of these visited.

North American has an elaborate high-temperature test facility
consisting of at least four ovens or testing enclosures capable of testing
hydraulic equipment at oil temperatures of 600°F and ambient temperatures
of 1150°F under sea level conditions. In addition, they have an oven that
will provide the above temperatures at a simulated altitude of 100, 000 feet.
The latter employs a radiant heat source, consisting of electrical resistance
heaters, which is absorbed and reemitted by a thin plate partition separating
the heat source and the equipment under test.

The test area and ovens are housed in a remodeled concrete bomb
shelter. Remote controls are employed for controlling the hydraulic
equipment and a system of motorized mirrors and a closed circuit TV system
are used for visual observation. Oxygen analyzers and CO; fire protection
equipment are also provided.

D. Requirements of the High- Temperature Facility

As a result of the data gleaned during the survey phase and the pre-
vious discussions, it is concluded that the high-temperature facility should
have the following characteristics.

Supply pressure 1000 to 5000 psi
Maximum flow capacity 40 gpm
Maximum oil temperature 750°F
Maximum ambient temperature 1200°F
Maximum simulated altitude 120, 000 feet

Maximum temperature response from o
any equilibrium temperature 6" / sec
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Range of temperature response gradient +155 °F
Automatic Temperature and Pressure Control

For reasons of economy, the flow capacity of 40 gpm is best met by
using two separate 20 gpm units, as the capability of any one system under
test will rarely exceed 20 gpm. Provision should be included, however,
for paralleling the two units if more than 20 gpm is required for a single
system. The following design considers only a 20 gpm capability.

E. Design of the High- Temperature Hydraulic Test Facility

1. General

As stated previously, the objectives of this design are to
supply oil at pressures up to 5000 psi, at temperatures up to 750°F,
and at flow rates up to 20 gpm to the test stand. Since the oil cannot
be pumped at high temperatures, these requirements make it
necessary to heat the oil after it is brought up to pressure and then
to cool the drain oil before it is returned to the sump. The basic
flow diagram for the system appears in Figure 43.

PUMP 400°F 570° F 750°F
& - - HEATER
SUMP
REGENERATIVE
l HEAT EXCHANGER
400°F
oIL 580° F 750° F TEST
COOLER STAND

NOTE! THE TEMPERATURES SHOWN ARE THOSE THAT wiLL
APPEAR AFTER EQUILIBRIUM HAS BEEN .REACHED
WHEN OPERATING AT MAXIMUM OUTPUT TEMPERATURE.

Figure 43. Basic Block Diagram of High- Temperature Test System
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a, Pump Selection

One of the first problems in the design involved the
choice of a suitable hydraulic pump. For the economy of
heating and cooling equipment, it is desirable to pump at as
high a temperature as possible. An investigation of the field
revealed that most hydraulic pumps are not recommended for
operation above 200°F and, in fact, are not recommended at all
for use with most of the high-temperature hydraulic fluids.
This situation is due primarily to the poor lubricity of high-
temperature fluids and to the decrease in lubricity with in-
creasing temperature exhibited by all fluids. Thus, the solution
to the high-temperature pumping problem depends on a pump
design that does not rely on the pumped fluid for its Iubrication,
Such a pump must have its own lubrication system and exclude
the pumped fluid from contact with any moving parts except the
pumping plungers.

One group of pumps that meets these specifications is
made by Kobe Inc., Their three cylinder, 1-1/8 inch bore,
4 inch stroke, and 400 rpm pump driven by a 60 hp motor.
fulfills the pressure and flow requirements and has been
operated in other installations at temperatures up to 600°F,
This pump is of the fixed displacement type and hence an ad-
justable relief valve must be used for pressure control. Its
plungers and liners are replaceable as assemblies and hence
not only is replacement easily accomplished, but, also, it is
possible to change the pump displacement by selecting different
bore sizes. The only disadvantage of this pump is that its low
angular speed and small number of pistons result in a lower
than normal pump ripple frequency and higher than average
ripple amplitude. This, however, is not too serious a problem
in this design for, as will be seen latter, the large length of pipe
between the pump outlet and the test stand, required for heat
transfer purposes, serves as an excellent ripple filter. Hence,
it is anticipated that little if any pressure pulsation will be
present at the test stand.

Thus with a suitable pump selected, the system design
pumping temperature was set at 400°F. While this is an
admittedly conservative temperature for the pump in question,
its choice was based on the fact that future needs for a higher
test stand temperature could then be met by simply raising
the pumping temperature. Also, it is to be noted that 400°F is
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considerably above the maximum temperature limits of most
hydraulic pumps.

b. Fluid Considerations

In order for the heat exchangers to be designed, it was
necessary to know the physical properties of the fluid to be
used. Hence, an investigation of the high-temperature
hydraulic fluid field was made and a chart was prepared
comparing the properties of interest of several of the most
promising fluids (see Table 5), It is to be noted that in
numerous instances extrapolation of the available data was
necessary to finish this chart. The results show that while
750°F, the maximum proposed operating temperature, is some-
what above the maximum temperature for stable operation
of any of the fluids, the silicones come closest to meeting this
requirement. One such fluid is GE No. 81717 which ranks near
the top in high-temperature stability and viscosity and, in
addition, has fair lubricity. The physical properties of this
fluid, as depicted graphically in Figure 44, were used in the
heat transfer calculations.

c. Heating and Cooling System

Because of the cost of these special high-temperature
fluids, {the GE silicones are priced at $40 to $50 per gallon),
it was decided to keep the volume of the system to a minimum,
In order to do this, the requirements on allowable pressure
drop in the heat exchangers had to be raised. It was decided
that a total piping pressure drop of 500 psi could be tolerated
for the system. This loss will be compensated for by increasing
the pump pressure 500 psi to 5500 psi and hence the design test
stand pressure will not be affected,

{1) Regenerative Heat Exchanger

Thus, with these factors in mind, the design of the
heat exchangers was started. The heart of the heating
system is the regenerative heat exchanger. This device
cools the drain oil and uses this heat to warm the oil as it
leaves the hydraulic pump, thereby effecting a considerable
saving in heater power. Basically, the unit consists of a
ghell and tube counterflow exchanger with high-pressure
supply oil flowing through the tube and the low-pressure
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Figure 44. Physical Properties of GE Fluid 81717

drain oil flowing through the shell. Its expected per-
formance specifications were that it heat the supply oil
from 400°F to 600°F and that it cool the drain oil from
750°F to 550°F, Thus, the mean temperature gradient
for heat transfer was 150°F, The design was based on
standard heat exchanger sections and because of its
relatively low volume, the 2 inch Brown Fintube section
was used as a starting point, A cross-sectional view of
this device is shown in Figure 68 in Appendix VI.

For the design calculations, the maximum system
flow rate was employed, Since this is the condition
requiring the maximum heat transfer, the resulting design
will then be adequate for all possible flow rates, The first
Step was to determine the heat transfer coefficient for the
flow inside the exchanger pipe. Calculations of the
Reynolds and Prandtl numbers for this flow indicated the
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proper formula to use for finding this coefficient (see
Appendix V1), Application of this formula yielded a
coefficient of 340 Btu/hr, ftz, OF for the inner surface

of the pipe. In order to calculate the heat transfer
coefficient for the flow on the outer surface of this pipe,

a formula for turbulent flow in concentric annuli was first
applied. The result thus obtained was then multiplied by a
fin effectiveness correction obtained from Brown Fintube
data. The result was a coefficient of 265 Btu/tr, ftz, °F.

By the use of these heat transfer coefficients, the
required length of exchanger section was estimated to be
160 feet, Thus, the unit could be made up of four standard
40 feet Brown Fintube sections in series, KEach of these
units is approximatzly 22 feet long and they will be placed
side by side in this installation. The resultant device has a
total volume, including a 16 percent over-allowance for end
connections, of 23.7 gallons. Its calculated performance
is a 170°F rise in the temperature of the 400 F high-
pressure supply oil and a 170°F drop in the temperature of
the 750°F drain oil. It is to be noted that the specific heat
of the oil increases with temperature. Thus, even though
equal temperature changes are given for the heating and
cooling operations, these figures allow for considerable
heat loss to the surroundings., The tube side pressure
drop of this unit was calculated to be 130 psi and the shell
side drop was estimated to be 30 psi.

(2) Heater

From this regenerative heat exchanger, the supply
oil is fed to a heater where it undergoes a rise in temper-
ature of up to 180°F, raising its temperature to 2 maximum
of 750°F. The power required to provide this temperature
change at the maximum system flow rate is 208 Btu/sec,
the heat equivalent of 220 kw. In order to provide the
system with greater transient response, it was decided to
use a heater of 250 kw capacity. With this input power the
heater will be capable of a temperature rise of 205°F. In
addition, the transient temperature response of the system
after reaching equilibrium at any operating point will be
approximately +7°F per second.
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This heating will be accomplished by passing the
oil through a length of stainless steel tubing to which
electrical power is directly applied. In this manner, the
heat is developed right in the tubing and hence not only are
the heat transfer problems associated with a separate heat
source eliminated, but, also, a system with greater
transient response is the result. The use of stainless
steel tubing of 7/8 O, D. with a 0.120 inch wall was found
to be consistent with the strength and allowable pressure
drop requirements of this system. Calculations based on
the dimensions of this tubing and the maximum system
flow rate produced a tube to oil heat transfer coefficient
of 444 Btu/br, 1%, °F, By the use of this coefficient and
the maximum required heat transfer rate, together with
a maximum tube to 0il temperature gradient of 400F, the
required length of tubing was found to be approximately
300 feet. Thus, the volume and pressure drop for the
unit were determined as 4,95 gallons and 240 psi,
respectively,

Physically, the unit consists of 45, 2 foot diameter
coils of tubing spaced on 1-1/2 inch centers, thus forming
a cylindrically shaped object approximately 2 feet in
diameter and 5 feet long, It will be made up of standard
22 foot lengths of tubing connected end to end. In addition
to the mechanical connectors, copper bonding straps will
be provided at each joint to elirinate the possibility of
high electrical resistance at these points. Electrically,
the unit will be connected in delta with two phases connected,
respectively, at the 100 foot and 200 foot points, and the
third phase connected to the input and output which is then
established at ground potential, This three-phase delta
connection is desirable not only because it allows the input
and output to be at ground potential but, also, because of
the inherent advantages in the use of a balanced three-
phase load when high power levels are inveolved,

(3) Qil Cooler

The final heat exchanger in the system is the oil
cooler, This device accepts drain cil from the regenerative
heat exchanger at a maximum temperature of 580°F and
cools it to 400°F, the oil pumping temperature. The design
of this device was based on a shell and tube exchanger
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configuration with oil flowing through the tube and
cooling water flowing in the shell. Its cross-sectional
dimensions are similar to those of the regenerative heat
exchanger with the exception that a thinner tube wall was
possible because of the lower fluid pressures involved.
The heat transfer calculations revealed that 80 feet of
exchanger section would be adequate for this unit and that
a maximum cooling water flow rate of 10 gpm would be
required. Such a unit could be made up of two 40 foot
Brown Fintube exchangers in series. Its oil volume is
approximately 2 gallons and its full flow oil pressure drop
is roughly 29 psi.

(4) Materials

It is to be noted that the material used in the design
of all of the foregoing heat exchangers was stainless steel.
This material was chosen principally for its chemical
inertness. Plain carbon steel is adequate from a strength
standpoint, and, in addition, it has advantages over
stainless steel in regards to cost and heat transfer capa-
bilities. However, in an installation of this kind, any
corrosive action of the contained fluid would soon render
the system inoperative. Therefore, because the hydraulic
fluids exhibit some corrosive properties at high temper-
atures, it is believed that the additional cost of stainless
steel is warranted.

d. Over-all System Considerations

The over-all system resulting from the above design has
a conservatively rated maximum output of 20 gpm at 750°F. Its
total oil volume would be approximately 33 gallons, and the
total pressure drop when operating at full flow and at maximum
temperature output would be roughly 430 psi. As the output
temperature is lowered, the pressure drop increases due to
the increase in viscosity of the oil., However, as the required
output temperature is reduced, less heat transfer capacity is
needed and, hence, parts of the system can be bypassed, thus
reducing the pressure drop. For example, output temperatures
up to 580°F are possible without the regenerative heat exchanger,
With this unit bypassed, the resultant system has a total volume
of roughly 10 gallons and a pressure drop of maximum output
temperature of 300 psi. In this manner, the system pressure
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drops can be held to reasonable values throughout the useful
temperature range; in addition, it is to be noted that when the
regenerative heat exchanger is not used the 8system oil volume
is considerably reduced.

Future needs for higher output temperatures from this
installation could be met by simply increasing the pumping
temperature, As previously mentioned, the pProposed pump
has been run at temperatures up to 600°F. With such a pumping

e. Facility Control Systems

The purpose of this section is to discuss the control
system necessary to maintain the ©il supplied to the test stand
at the specified temperature and pressure. A flow diagram
showing the control elements required to accomplish this
appears in Figure 45, Basically, there are three separate
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Figure 45, Block Diagram of High-Temperature Test System
with Control Elements
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control systems:one to control test stand pressure, one to
control test stand temperature, and the third to control pump
temperature.

(1) Pressure Control System

The pressure control system can take several
possible forms. In the ideal configuration, the output of
a pressure sensor located just before the test stand is
used to control a servo-operated relief valve located at
the pump output. Because the sensor is located at the test
stand, this system is self-compensating for varying piping
pressure drops as the flow rate changes. In addition,
such a configuration is advantageous because the relief
valve is located at a point of lowest oil temperature and,
also, because only the oil fed to the test stand undergoes
the heating cycle. A less complex pressure control system
could consist simply of an adjustable relief valve located
at the pump output. With such a system, the test stand
pressure could vary as much as 400 psi due to variations
in the piping pressure drop with flow rate, This problem
could be solved by placing the relief valve just before the
test stand. However, such a system would be uneconom-
ical due to the fact that the entire pump output would
always pass through the heating cycle. In addition, &
relief valve capable of extreme high~temperature operation
would then be required., Thus, it appears that the first
system, even though it is the most complex, is the most
desirable for this design.

Another aspect of pressure control involves the
purnp pulsations. As previously mentioned, the ripple
frequency from the Kobe pump is approximately 20 cps
and, in addition, because the pump is of three cylinder
design, the pulsation amplitude is quite high. Thus, the
need for some kind of pulsation damper is indicated.
Fortunately, the large amount of pipe required for heat
transfer in this design should serve as a very good damper,
Calculations for the natural frequency of the oil between the
pump and the test stand produced a fundamental value of
approximately 3-1/4 cps. BSince this is only about 1/6 the
pump ripple frequency, the pump pulsations should be
pretty well removed by the time the oil reaches the test
stand., If, however, pulsation problems are encountered,
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a piston type accumulator could be installed in the system
to damp these pulsations,

{2) Temperature Control Systems

Basically, the oil temperature control system
consists of a temperature sensor, located at the test
stand, whose output is used to control the power flow to
the oil heater previously described. However, in addition
to controlling test stand oil temperature, this system
must not allow the heater wall to oil temperature gradient
to exceed 40°F. To do this, the output from a flow meter
ig fed to the oil heater controller. This signal limits the
maximum power that can be applied to the oil heater,
depending on the system flow rate and independently of
the power called for by the temperature sensor. Thus,
the heat input is never allowed to exceed the amount that
will cause the allowable heater wall to oil temperature
gradient to be reached. In addition, this flow rate in-
formation is useful to predict required changes in heater
power. For example, if the system flow rate should
suddenly increase, the temperature sensor would not
indicate the need for any increase in heater power until a
change in the output temperature occurred. However, the
flow meter senses the required change immediately.
Thus, by allowing flow rate information to govern the
heater power during transient flow conditions, the output
temperature variations can be reduced,

As a safety precaution, the con.rol system should
immediately shut off the heater power if the flow stops for
any reason. This function can be provided by feeding some
fraction of the flow rate voltage to a relay which drops
out, shutting off the heater power whenever the flow drops
below the normal minimum rate. In addition, as an added
safety feature, an over-temperature switch will be provided
on the heater, This device shuts off the power if the heater
temperature ever rises above the prescribed maximum
value,

A block diagram illustrating the mechanization of
this heater control system appears in Figure 46. The
recorder pictured in this diagram compares the temper-
ature sensor signal to a set reference voltage and gives
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Figure 46. Block Diagram of Heater Control System

an output error signal proportional to the difference of
these two voltages. This device also provides a graphical
record of the variations of error signal with time. Since
this error signal is proportional to the difference between
the set temperature and the actual system output temper-
ature, a record showing the accuracy of temperature
control during the test period is thus provided.

The recorder output is modified by the flow rate
information, as previously discussed, and then is fed to
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the Power Link supplied by Vickers Electric Inc. This
device amplifies this signal to provide control excitation
to the magnetic amplifiers which, in turn, control the
heater power flow. It is to be noted that an unbalanced
load is shown in the diagram. This condition is due to
the fact that a temperature gradient exists along the
heater length and that the resistivity of the stainless steel
tubing has a positive temperature coefficient, The
illustrated case is for the system operating at maximum
capacity and thus it represents a condition of maximum
unbalance.

The purpose of the final control system in this
design is to limit the sump oil temperature to approxi-
mately 400°F, Thus, until the drain oil temperature
reaches 400°F, this control system is inoperative, The
temperature control is accomplished by varying the flow
of cooling water through the oil cooler according to the
demands of a temperature sensor placed downstream of
the cooler. No oil flow rate information was used in this
design because high accuracy of temperature control is
not necessary,

f, Test Stand

It is desired in the test stand to simulate the environmental
conditions present in high-speed aircraft. These include
temperatures up to 1200°F and pressures as low as those at
120, 000 feet altitude, Thus, the test stand takes the form of
several vacuum ovens in which the components under test are
placed, The ambient temperature and pressure of each oven
should be controlled independently. The required size of these
ovens is dependent on the size of the components to be tested.
However, their volumes should be kept to a minimum, not only
for economy of evacuating equipment but, also, because the
strength requirements of a vacuum chamber increase rapidly
with the size of the unit. Basically, each oven will consist of
a stainless steel inner chamber surrounded by electric heating
elements and with an observation window and door on one side,
The hydraulic lines are piped directly into these chambers which
are located inside an insulated steel casing, Suitable ovens are
manufactured by the K.H. Huppert Company of Chicago. The
test stand control panel contains chamber temperature and
pressure controls, together with gauges indicating these
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quantities. In addition, recorders will be supplied to provide
graphic records of chamber temperature and pressure during
the testing period.

Due to the fact that temperatures above the autoignition
point of the oil will often exist inside the test chamber, the
danger of fire or explosion in case of an oil leak is quite high.
This danger can be considerably reduced by charging the
chamber with an inert gas at the start of the tests. While
this is not so important if the test is to be run at or near the
vacuum capacity of the unit, it is an absolute necessity if a
high-temperature test is to be run near atmospheric pressure.

In addition, in order to minimize the effects of an
explosion, the test chamber should contain a blowout plug which
will open if the chamber pressure ever exceeds 10 psig. Thus,
the effects of an explosion can be vented outside the building and
mechanical damage to the test stand and surrounding objects is
avoided. The operation of this blowout plug should also simul-
taneously trigger a carbon dioxide fire extinguishing system,
inside the test chamber, and turn off all system power.

g. Over-all System Layout

In designing a hydraulic test facility, one of the prime
considerations is for the safety of the testing personnel. This
is especially true in a high-temperature facility where the
temperature of the oil adds to the danger in the event of a leak
in the system. The danger can be considerably reduced by
having the pump and heat transfer equipment separated from the
test area so that a minimum of piping is exposed to the test
personnel. This arrangement also is advantageous in that it
makes it possible to isolate much of the heat and pump noise
from the test area. A system layout based on the above
principles is illustrated in Figure 47. In this layout, three
separate rooms are employed: one for the heat transfer equip-~
ment, one for the pump and heater magnetic amplifiers, and the
third for the test stand. By providing a separate room for the
pump and electrical equipment, the necessity of controlling the
ambient temperature in the heat transfer room was avoided, It
is to be noted that although this layout only shows one pump,
room is provided for a dual installation of pumps and heat
transfer equipment in case a 40 gpm capacity system is desired.
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Figure 47. Suggested Floor Plan of High-Temperature Test Facility

Several safety devices should be provided to control the
operation of the system. One of these is a leak detector which
takes the form of a sump level indicator that shuts off all the
system power if the sump level falls more than a prescribed
amount. This device consists of a float controlled direction
sensing switch., The latter is necessary because during normal
system operation the sump level will rise due to the expansion
of the oil with temperature.
result in a liquid level falloff. Thus, it is desirable that the
switch shut off the system if the level begins to fall from any

starting point.

On the other hand, leakage would

In addition, all the rooms should be provided with some
The danger is the greatest in the
heat transfer room, and, hence, it is suggested that this room

method of fire protection.

be equipped with an automatically triggered extinguishing system.
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APPENDIX I

DETERMINATION OF TORQUE MOTOR PARAMETERS

A, Preliminary Considerations

Torque motor parameters will be derived for the Moog Type 9126
valve, An identical procedure was used for the Type 942. In both cases,
it was assumed that the torque motor operated without saturation.

Some of the torque motor parameters were determined from magnetic
circuit geometry (Figure 48) and the plot of spool differential pressure

p \IHK §o| o

L] s j 055" '&

MAGNET DETAIL
VIEW A-A

N

4, = 0.018" As

4= 0.018" 4\ = 0.018"

000000

POLE PIECE THICKNESS 0.070"

0.070" THICKNESS

\&\\\ AN

0.0214" THICKNESS
VIEW B-B

Figure 48, Magnetic Circuit Geometry Moog 9126

WADC TR 55-29 Pt 5 95



(blocked load) vs. flapper displacement ratio (Figure 49). It had been
determined experimentally that with rated current of 8 ma applied to the

valve, A P = 350 psi; from Figure 49, x/h = 0, 46.

>
o
o

MOOG 91286

3
]

-

PRESSURE (P51 )
8

]

/,

SPOOL DIFFERENTIAL
o
(=]

-0.5 -0.4 -0.3 -0.2 -Q.

\

—

\

0. )
ER DISPLACEMENT RATIO

FLAPP

2 Q.3

0.

4

] -200

e
e 300
-400
-500

Figure 49. Blocked Spool Pressure vs. Flapper Displacement

Ratio Moog 9126

The force F| exerted on the flapper by the static head of fluid at the

nozzle can be written
F =AAP =350 x2.54x 10°% = 0.089 1b

When reflected at the pole piece,

Fy = 0.089 x 0" %3

0. 551

=0.1151b

The net force of magnetic attraction F between flapper and pole pieces

can be written

7 2

I

F

2 5.77 x 10

(By%-8B,% A

g
with

By =Bpm + Ber
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and

B, =Bym - Bem (5)

Substituting (4) and (5) into (3) and neglecting for this analysis the
flapper spring rate,

-7 _
5, 77T x 10 x4Bpm Bern Ag—O.llS (6)
from which
B B = 2.56 x 106 gaussz

pm em

To determine B m and Bern’ it is necessary to write the equations for total

flux in the magnetic circuit and the total magnetomotive force required to
overcome air gap reluctance:

T om Bpm Ag =B_ A (7)

1.3Hpm L = Hp, Ly, (8)

Application of the methods of References (6) and (7) for estimating magnetic

leakage factors results in Oom = 7ando_, = 3. Then from (7)

Bpm =1.2B (9)

Also, since Hpm = Bpm for the air gap,
B, /H_ =7 (10)

m

The intersection of (10) with the BH curve for Alnico VI yields B, = 4500

gauss, Therefore from (9), Bpm = 5400 gauss; hence, B, .. = 475 gauss.
For the electromagnet circuit,
o NAI
e Bem = }'L — (11)
Lg

Solving (11) for an 8 ma input, N = 4500 turns,

B. Back EMF Constant

The equation for the voltage induced by a magnetic field can be
written as
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e = N99 1078 - v 3¢ di ,4,-8 , 00 dx 1078
dat 31 @t dx  dat
(12}
5.0
or as
v ]
di dx
= —+ K —_—
€ L'dt v o dt

(13)

i
[=]
\

Determination of Kv was
accomplished by plotting

N

(=]
N
-y

NORMALIZED AIR GAP FLUX

normalized air gap flux vs. / A b
normalized flapper dis- .

placement (Figure 50) and $, | A /
determining the slope of 1|

this curve at the origin.

This technique was based -l0 -0B -06 -04 -0.2 6z 04 06 0.8 IO
on the assumption that all NORM;:#S’CE;'E:';PL
of the air gap flux was due T | ¢

For the Type 9126, the
slope 9@/ 9x was 5.64 x
10" lines/in., from which
K. = 2.54 volt-sec/in. / 20

to the permanent magnet. / -l

v

C. Flapper Magnetic / -3.0
Spring Rate

An equivalent circuit -4.0
for the torque motor is pre- /
sented in Figure 51. The
equations for the fluxes linking
the flapper can be written as

=-5.0

Figure 50. Normalized Air Gap Flux vs.
Normalized Flapper
Displacement
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L,

Figure 51. Equivalent Circuit to Torque Motor

Mm 2 NAI
bp=0-1; = R tR [R+R,7 ¥ R+ Rz (14)
T2 R,) +5= (R +R,)
2™ [R+ Rl] R*R, R, 1
M, , 2 NAI
¢2 = II 12 = R +R - + Rl
1 + RZ [...LR___L] (R +4R.1 R" (R+R2) (15)
R +R, z
where
R = L/n A, (16)
Ry = (4 -x"YVp A, (17)
Ry= (L+x)/p A, (18)

WADC TR 55-29 Pt 5 99



Mo, = B (R +Rp) = 12.9 By, fi/u (19)

m

Substituting (16) -~ (19) into (14) and (15) and writing in terms of normalized
flapper displacement using numerical values of air gap lengths

12.9 Bpm Ag 2 NAIp A,
¢1 = 1 72+ '/? + 1+X‘/ﬁ
(14xt/ £}y + (1-x'/ {71,[_,:__}___.1} (1. 724x/ DY) 4 (1.72-x" ﬁl)[__'—!"]
1.72-x/ ] 1-x'/f)
(20)
. 12.9 BPmAg ] ZNAIpAg
27 1-x'/4

(l-x'/!l) + (1+x'/f1)[}_'_7_2£{iﬁ.] (1.72-x'/ EI) + (1. 72+x'/ ﬁl’[

1, 72+x!/ 1 1+X'/Fl

(21)

Now Equation (3) can be written in terms of flux rather than flux
density, converting to English units and substituting the numerical values
of Ag,

F =' 7.13x 1077 (@12 - 622) {22)

For various values of x/ fl’ (20) and (21) were solved for ﬁl and IBZ.
Substitution into (22) resulted in a plot of F vs, x. The slope of this curve

was the magnetic spring rate, 23 lb/in. Converting to rotational units,
this rate was

23 x (. 55)% = 7 in-1b/rad

As derived in Appendix II, the mechanical spring rate was 28 in-1b/rad.
Hence, the net flapper spring rate was

K' =21 in-1b/rad {23)

D. Torque Motor Constant

Considering Equation {43), Chapter II, under static conditions

x!
aKy, AL - bAf AP = K' —— (24)
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Using (3) of Chapter II and rearranging

h{x/h 1
K, = [Ii—éﬁl—l - b Ag AP]—a-ZI (25)

For 8 ma, AP = 350 and x/h = 0.46, Therefore

Ky = 251b/amp (26)

Equation {(24) can now be solved for AP as a function of differential
current and flapper displacement,

AP = 76 x10° AI - 562 x/h ' (27)
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APPENDIX II

DETERMINATION OF FLAPPER PARAMETERS

A, Moment of Inertia

The flapper (Figure 52) was assumed to be a rectangle of length a

o LS Y24

i
A - - -
A 0.7386"
— o] 0.279" lm— —am jem—0.0214"

Figure 52. Flapper Geometry Moog 9126

and width b supported at one end. With respect to its center of gravity

' _ Ma?d

A-A 12

(1)
with
M = wV¥ (2)

Assuming that w, the density of steel, is 0. 28 1b/in3,

WADC TR 55-29 Pt 5 102



: _0.28 x0.7386 x 0.0214 x 0.279 (0. 7386)2
JAA S 386 * 712

1.45 x 1077 in-1b-sec?/rad?
Translating with respect to the end of the flapper,

0.28 x 0.7386 x 0.0214 x 0.279 _ (0.7386)%

' -7
=1.45x10"7 +
Jo-0 * 386 2

(3)
= 6,81 x10-7 in-lb—:5ec""'/r;=1.d2

B. Mechanical Spring Rate

The flapper was assumed to be a steel (E = 30 x 106) rectangular
plate of width b, length 1 and thickness h, From Marks' Handbook, the
spring rate for such a spring is bh3E/413. Substituting, the rate is 51 1b/in.
or 28 in-1b/rad, As discussed in Appendix I-C, the net flapper spring rate
is actually less by the amount of magnetic spring rate. That is,

K = 28 -7 = 21 in-lb/rad (4)

C. Viscous Damping

It was assumed that the flapper damping ratio was 0.6, The natural
frequency of the flapper was
)

W, S —?,— = 5500 rad/sec

D' = 20w, J' = 1.2 x 5500 x 6,81 x 107

4.5 %1072 in-Ib-sec/rad (5)
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APPENDIX III

DETERMINATION OF FIRST-STAGE PARAMETERS

A. Upstream Orifices and First-Stage Drain Orifice

For a sharp edged circular orifice,

' D2 -
Q =C, =— - 1
a /Z‘KPI (1)
Now MIL-O-5606 oil has a mass density p of approximately 78 x 10"6

lb-sec2/in%, Assuming an orifice discharge coefficient Cq = 0. 65 and
substituting,

Q = 80D% /AP (2)

{This value of Cq is actually an average value, since C, is really a
function of Reynolds number. However, over the range of Reynolds
numbers encountered {1500-3000), Cq is practically constant and equal
to 0.65).

Therefore, both K, and Kpj can be evaluated from knowledge of the
orifice diameters,

K, = 80 D% =80 (6.2 x 10"3)2 = 3,03 x 1073 in%/sec /Ib (3)
Kp = 80 DpZ =80 (1.37 x107%)2 = 1.5 x 10~2in%/sec /Ib (4)

B. Flapper-Nozzle Orifice

The flapper and nozzle form a cylindrical orifice, for which

2AP
Q = Cqm Doh /8% _ (5)

Data obtained from testsindicate that Cq=20.5 for this type of discharge
configuration, Substituting,

Q = 250 Dyh /AP (6)
Hence,
KN = 250 Do = 250 x 1.94 x 102 = 4,85 in3/sec /Ib (7)
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C. First-Stage Hydraulic Lags

Assume that the pressure changes at the nozzle will be transmitted
to the spool at the velocity of sound in MIL-0-5606, The speed of sound
can be expressed

u =, /B/p (8)
from which
- 4. :
u = 5.3x107 in/sec (9)
Assuming that the total passage length is about 1 inch, the hydraulic
time lag is about 20 usec. Hence, as long as the valve operates at

frequencies appreciably below 1/(20 x 10'6)rad/sec or 8 kc, these lags can
be neglected.
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APPENDIX IV

DETERMINATION OF SECOND-STAGE PARAMETERS

A, Spool Mass

The spool weighed 3, 582 grams. The two restraining springs
weighed 1.272 grams. On the average, about one-third of the spring mass
contributes to the spool dynamics. Hence, the total effective mass was
4 grams or 2,17 x 107> 1b-sec?/in,

B, Restraining Springs

The springs were steel (G =11.5x 106) helixes, one with four turns
and one with five turns, The wire thickness d and the given radius r
were known, From Marks' Handbook, for the five-turn spring

64nr 3 (64) (5) (0.091)3

For the four-turn spring,

K =253 xg = 316 1b/in (2)
The total restraining spring rate is

K = 570 lb/in (3)

C. Spool Damping

It was assumed the spool damping ratio was 0.5, The natural
frequency of the spool was:

K
=/— = 5100 rad/sec
m“\/xs_a'

Hence

D = 20w, M = 5100 x2.17 x10™> = 0.111 lb-sec/in (4)

D. Bernoulli Spring Rate

It has been shown by Lee and Blackburn Reference (4) that the
Bernoulli forces on the spool can be written
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Fpb = 0.43wx P, (5)

B

Hence, the spring rate is

Fp

=

=0.43wP, =Ky P_ (6)

The sleeve diameter is 0.198 inch and the peripheral slots occupy one-half
the sleeve circumference, Hence
0.198w

Kg P, = (0.43) (=

v )Pv = 0‘133PV (7

E. Compressibility

In determining the compressibility for the fluid in the spool end
chambers, the fundamental relation is:

K, = V/2f (8)

The volume V is composed of the volume of the spool chamber plus the
volume of the end cap less the volume occupied by the spring and spring
guide. Experimentally, V = 0.015 in>.

Hence

0.015 8.5
- = 3.3x1 1b
Ke = 532 275x105 x 1077 in>/ (9

F. Leakage

It was estirmated that 0.05 in3lsec leaked past the spool lands, with
a null pressure of 540 psi. Hence

0.05
K, = 22 = 2% 53,105 in5/1b-sec (10)

P, 540

G, Spool Friction

No value for spool friction was used. It was planned to vary this
parameter in the analog to determine acceptable limits for its values.
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H, Output Flow Relations

Equation {41), Chapter II, relates spool displacement and differential
current statically.

K A
= (41)
K* (Ky, +K,)

Equation (31), Chapter II, describes the first-stage pressure flow curves
as

Q. = K; AL - K, AP (31)
From these curves,
K, = 0.022 in3/ma-sec (11)

and

4

K, = 5.36 x10"%in’/Ib-sec (12)

2
A typical value of K* was 750 Ib/in and A = 3.05 x 10~% in®, Hence

_ 2.2x1073x3,05x1072
(750) (5.36 + 0.93) (10-%

y Al = 1.42x1073 AT (13)

where Al is measured in milliamperes. At 8 ma, the Type 9126 valve was
able to port 10 gpm. Hence

10 x 3.85 = 8x1.42x 107> Ky /3000 (14)
From (14), Ky = 60 in>/sec /15

Therefore

Q, = 60y /3000 - P (15)

v

Experimentally, it had been observed that for A1<0.4 ma, the
maximum load differential pressure attainable was less than 3000 psi, It
was assumed that static inputs less than 0.4 ma would cause the valve to
operate open centered
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From the leakage curves, at AI = 0.4 ma,

QV = {0.275 - 0.13} (3.85) = 0.56 in'3/sec

Hence,
¢. 56 .2

Cp = 0.4x1.42x10-3 < 982 in“{sec

and
0. 56 _

CZ = _3'6'6"6_ = 1,87 10 4in5/1b-sec

Hence,

- 4
Qv = 982y - 1,87 x 10 PL
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APPENDIX VI

HEAT TRANSFER CALCULATIONS

Nomenclature

Specific heat at constant pressure - Btu/lb ° F

Diameter - feet

Equivalent diameter, = 4 Ty

Friction factor, dimensionless

Mass Velocity - 1b/(hr}{sq ft of cross-section)

Conversion factor in Newton's Law of motion = 4. 17 x 108fcet x

1b matter
(hr)# 1b force

Coefficient of heat transfer between fluid and surface - Btu
(hr)(ft2) (°F)

Thermal conductivity - Btu/(hr)(sq ft)(°F per ft)

Length - ft

Mass - 1b

Heat transfer rate - Btu/hr

Hydraulic radius, feet ,equals cross-section divided by total wetted
perimeter

Temperature-degrees Fahrenheit

Viscosity - 1b/(hr)(ft)

Specific volume =.7.}_ - ft3/1b
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P Density - 1b fluid per ft3

N Reynolds number = DG
e
NPr Prandtl number = CKEI-’-

Subscripts

b Bulk

f Film  tp =(t, +t )/2

w Wall

All references were taken from "Heat Transmission' by William H.

McAdams, McGraw-Hill Book Company, Inc., 1954, Third Edition.
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B. Regenerative Heat Exchanger

580°F

HIGH PRESSURE

SUPPLY OiL 400°F — S70°F
20 GPM '
7420 LB/HR DRAIN OIL

750°F

Fig. 67. Flow Diagram - Regenerative Heat Exchanger

1. Flow Inside Tube
a. Heat Transfer Coefficient
D = 0.05633 {t

N

Bulk Temp = 485°F
Wall Temp = 550°F
Film Temp = 527°F
Cpb = 0.505 = Btu/1b °F
Cpf = 0.518 Btu/lb °F
pf=7.7 lb/hr ft

K¢

0.0655 Btu/(hr) (£2) (°F per ft)

53.7 1b/ft3

P

) 2
G=3.33x10 1b/hr {t

1

NRe = = 2.31 x 10%

e

Q%

PP'

N. =

Pr = 60.9

7|
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Equation (9-10b}, page 219, for turbulent flow applies
to this situation.

- 0.023 Cpb G _ 340 Btm
DG)O‘ “ 2/3 hr ft ©F
(uf EP—K )
f
b. Pressure Drop

fm = 0,0063, from Figure 6-11, page 156 {"'Friction

Factors For Flow in Pipe')

For incompressible flow, Equation {6-9a), page 157,

applies
f G2 L
ap=ImG Vml = -0 813L psi
ch ry 144
Z. Heat Transfer Coefficient for Flow in Annular Space
Bulk Temperature = 665°F

[

Wall Temperature 590°F

C = 0.565 Btu/lb °F
pb

kp = 3.94 1b/hr ft

By = 5-35 1b/hr ft
K, = 0.0586 Btu/(hr) (ftz) (°F per ft)
D, = D, - D = 0.0889 ft
D G 4
N, = — =1.075x10
Re p.b
C,
N = —&— =38
Pr K
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Equation (9-32¢), page 243, applies

0.023 Cpp G

Btu

~,/C 2/3 0.14
(%) G

DeG)O' 2

= 89.9

By

To this answer a fin efficiency correction factor was added.
The result - hy = 265. Btu/hr fte OF.

3. Over-all Exchanger Performance

Heating Q = Flow Rate x CPA t=6.37x 105 Btu/hr

Using this heat flow rate and the previously calculated

hr ftz oF

coefficients, the length of exchanger section was estimated to be
160 feet. The calculated performance figures based on this length

are:

Required Temp. Gradient | Pressure
for Heat Transfer Drop
Flow Inside Tube At = Q/Ah 70°F 130 psi
Flow Inside Annulus At = Q/Ahf 910F 30 psi
Tube Wall Conductivity
D2 o
Q ln — 26 F
DZ
At=
2 v LK
Total 187°F 160 psi

It is to be noted that 187°F is very close to the design total
temperature gradient for heat transfer of 180°F. Thus, 160 feet
of exchanger section is adequate for this unit.

WADC TR 55-29 Pt 5




C. Qil Heater

This design is based on the use of 7/8 inch outside diameter stainless
steel tubing with 0. 120 inch wall thickness.

Q=mC,At=7.51x 105 Btu/hr = 220 kilowatts

In order to provide for transient response, the design was based
on a heater of 250 kilowatt capacity.

OIL IN t = 5TO°F T T T T T T T T I T T T T T T T T LT T T LT T t= 750°F
_w_— ‘__*

FLOW = 7420 LB /HR

Figure 69. Flow Diagram - Oil Heater
1. Fluid to Wall heat Transfer Coefficient

D = 0.0529 ft

Bulk Temperature = 660°F

Wall Temperature = 700°F

Film Temperature = 680°F

Cpb = 0.562 Btu/lb. OF

C ¢ = 0-569 Btu/lb. °F

g = 3.96 1b/hr ft

K, = 0.058 Bu/(hr) (£t%) (°F per ft)

P =48.7
G = 3.37 x 10° 1bs /hr £t%
_ DG _ 4
NRe = -F'_- 4_.50 x 10
Cpp
_ Cpe_
Np_ =~ = 38.8
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Equation (9-10b), page 219, for turbulent flow applies to this
situation.

0.023 C_, G 2o
P = 444 Btu/hr ft F

S T 0-ZC w il

Using this heat transfer coefficient and the criterion that the
tube to wall temperature gradient is not to exceed 40 F, the required
length of tubing was determined as 300 feet.

2. Pressure Drop

fm = 0.0054, from Figure 6-11, page 156 ("Friction Factors
For Flow in Pipe''}

For incompressible flow, Equation {(6-%9a), page 157, applies.

2
GV L
AP = —2 Lz = 240 psi
chrh 144

D. Qil Cooler

5
Required Heat Transfer Rate = Q = 6.7 x 10 Btu/hr

QIL IN t =580°F | _] t= 400°F
—— ——————— -
FLOW =7420 LB/ HR l
n

COOLING WATER
80° F

Figure 70. Flow Diagram - Oil Cooler
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1. Flow Inside Tube

a. Heat Transfer Coefficient

D = 0.0652 ft

zhtta;
Bulk Temperature = 490°F § d\ §
3

Wall Temperature = 290°F $§

Film Temperature = 390°F

C = 0.505 Btu/lb °F 100 —o

pb {1

Q

C _=0.474 Btu/lb F e 2067 ———

Pf (Dg)
pf=15.7 1b/hr ft Figure 71.

2, o Cross Section -

K, = 0.0724 Btu/(hr) (£t }(°F per ft) Oil Cooler

3
o =53.41b/ft

6 2
G =2.225x 10 1b/hr ft

DG
NRe =——=9.23 x 10
A8
Cph
P
= —_—= 102
NPr K 0z.8

Equation (9-10b), page 219, for turbulent flow applies.

0.023 Cpb G
0.4 2[3

&) ()

b. Pressure Drop

h = = 189 Btu/hr ft° °F

L

f, = 0.0079, from Figure 6-11, page 156 ("Friction

Factor for Flow in Pipe'!)
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For incompressible flow Equation (6-9a), page 157, applies.

2
£, GV _ L
m m .
AP = = 0.365L

d 2g _ rp 144 pst

2, Heat Transfer Coefficient for Flow in Annular Space
Assume 10 gpm water flow rate

Bulk Temperature = 147 F

Q

Wall Temperature = 200 F
C_. =1 Btu/lb °F

pb
b, = 1.111b/hr ft
p_ = 0.70 lb/hr ft

w
Ky = 0.378 Btu/(hr) (£t%) (°F per f1)

D,=D, - Dl = 0.01817 ft

G=3.21x ].05 1b/hr ftz
DeG 3
N = =5,26x 10
Re B
Cou
P
N = ——=2.94
Pr K

Equation 9-32C, page 243, applies

0.023 C_, G Bt:
h= pb S92 BB
2/3 0.14 0.2 hr f#tZ OF

(), & &)
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To this answer, a fin efficiency correction factor was added.

The result:

Btu

hr ft2 ©

hf = 1000

F

3. Over-all Cooler Performance

Using the maximum heat transfer rate and the transfer
coefficients, the length of exchange section was estimated to be
80 feet. The calculated performance figures based on this length are:

Required Temp. Gradient | Pressure
for Heat Transfer Drop
Flow Inside Tube t = Q/Ah 216°F 29 psi
Flow Inside Annulus t = Q/Ahy 41°F
Tube Wall Conductivity
D
Q 1n 300F
At = L
2nLK
Total 287°F 29 psi

o
It is to be noted that 287 F is less than the design total
temperature gradient for heat transfer of 343°F. Thus, 80 feet of
exchanger section is more than adequate for this unit.

WADC TR 55-29 Pt 5
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